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VIBRATION  TESTING 


USE  OF  FORCE  AND  ACCELERATION  MEASUREMENTS 
IN  SPECIFYING  AND  MONITORING  LABORATORY 
VIBRATION  TESTS 

G.  W,  Painter 

Lockheed-California  Company 
Burbank,  California 


The  usual  practice  of  basing  vibration  test  specifications  on  an  envelope 
of  the  equipment  base  acceleration  levels  experienced  in  the  service 
environment  can  often  result  in  excessive  levels  of  overtesting.  This 
results  from  the  large  difference  between  the  mechanical  impedance  of 
the  vehicle  structure  and  that  of  a  fully  equalized  shaker.  A  possible 
solution  to  the  problem  is  the  generation  of  test  specifications  that  are 
based  on  the  knowledge  of  both  the  accelerations  and  the  forces  trans¬ 
mitted  to  the  equipment  in  the  service  environment. 

Results  are  presented  of  a  program  devoted  to  the  development  of  im¬ 
proved  procedures  for  defining  the  vibration  levels  experienced  by 
equipment  attached  to  flight  vehicles  and  providing  realistic  laboratory 
test  levels.  The  program  involved  the  measurement  of  the  accelera¬ 
tions  and  forces  experienced  by  simulated  equipment  attached  to  a  vi¬ 
brating  aircraft  fuselage.  The  equipment  was  later  removed  from  the 
vehicle,  placed  on  a  shaker,  and  vibrated  to  a  test  specification  based 
on  an  envelope  of  the  acceleration  peaks  measured  in  the  fuselage. 
Comparisons  were  then  made  of  the  acceleration  levels  that  a  resonant 
element  in  the  equipment  received  in  the  fuselage  and  on  the  shaker. 
The  tests  on  the  shaker  were  repeated  with  the  exception  that,  at  those 
frequencies  corresponding  to  an  equipment  resonance,  the  force  trans¬ 
mitted  to  the  equipment  base  was  not  allowed  to  exceed  the  maximum 
force  developed  (at  any  frequency)  when  the  equipment  was  attached  to 
the  vibrating  fuselage.  It  was  found  that  this  procedure  largely  elimi¬ 
nated  the  high  levels  of  overtesting  introduced  by  the  conventional 
approach. 


INTRODUCTION 

Standard  methods  for  specifying  laboratory 
vibration  tests  often  result  in  subjecting  the 
equipment  being  tested  to  a  damage  potential 
that  is  much  greater  than  it  will  experience  in 
service.  The  overtesting  involved  arises  from 
the  practice  of  specifying  laboratory  test  levels 
on  the  basis  of  an  envelope  of  the  acceleration 
peaks  measured  in  the  service  environment  and 
employing  narrow-land  equalization  to  eliminate 
any  spectral  notches  that  may  result  from  equip¬ 
ment  antlresonance  effects  during  laboratory 
testing.  This  procedure,  in  effect,  causes  the 


shaker  to  present  an  infinite  mechanical  im¬ 
pedance  to  the  attached  equipment,  while  in  the 


1 


service  environment  the  Impedance  of  the  sup¬ 
porting  structure  uay  tu  some  cases  be  less 
than  that  ctf  the  attached  equipment, 

In  a  previous  paper  [1],  the  author  dis¬ 
cussed  the  possibility  that  this  problem  could 
he  resolved  if  the  force  transmitted  to  the 
equipment  by  the  vehicle  supporting  structure 
could  be  measured  both  In  the  service  environ¬ 
ment  and  during  laboratory  testing.  The  sug¬ 
gested  force  measurements  were  to  be  per¬ 
formed  In  addition  to  the  acceleration  measure¬ 
ments  normally  taken.  The  references  paper 
pointed  out  that  it  would  be  necessary  for  the 
force  transducers  to  have  very  low  mass  and 
compliance  to  preclude  the  possibility  of  modi¬ 
fying  the  dynamic  response  of  the  system  under 
study.  The  design  and  performance  character¬ 
istics  of  an  experimental  washer  type  force 
transducer  were  described  and  It  was  reported 
that  although  experimental  transducers  fulfilled 
most  of  the  requirements,  additional  develop¬ 
ment  was  required  to  reduce  sensitivity  to  mo¬ 
ment  loading. 

Efforts  to  measure  both  forces  and  accel¬ 
erations  experienced  by  equipment  attached  to 
a  vehicle  have  continued  since  the  presentation 
of  the  previous  paper,  but  further  developmental 
efforts  to  develop  a  satisfactory  miniature  trans¬ 
ducer  were  discontinued  when  miniature  quartz 
transducers  became  commercially  available . 

The  present  paper  is  derived  from  a 
Lockheed- sponsored  program  that  had  the  fol¬ 
lowing  objectives: 

1.  To  evaluate  the  accuracy  of  miniature 
quartz  force  transducers  when  they  are  used  for 
the  measurement  of  dynamic  forces  transmitted 
between  equipment  and  supporting  structure  In 
an  airplane; 

2.  To  measure  the  forces  and  accelerations 
experienced  by  equipment  attached  to  a  typical 
vibrating  aircraft  structure  and  to  determine 
the  degree  of  overtesting  that  would  be  Involved 
if  laboratory  vibration  tests  were  based  on  an 
envelope  of  the  measured  acceleration  peaks; 
and 

3.  To  determine  the  degree  of  Improve¬ 
ment  in  service  environment  simulation  that  can 
be  realized  if  the  laboratory  test  is  correctly 
based  on  a  knowledge  of  both  the  forces  and  ac¬ 
celerations  that  exist  In  the  service  environment. 

FORCE  TRANSDUCER  EVALUATION 

The  initial  phase  of  the  program  was  devoted 
to  an  examination  of  the  validity  of  the  force 


measurements  that  could  be  obtained  in  a  typi¬ 
cal  equipment-supporting  structure  combina¬ 
tion.  The  force  transducers  used  were  obtained 
from  the  Klstier  Instrument  Corp.  and  are  shown 
in  Fig.  1.  Although  the  manufacturer  of  the 
transducer  supplied  a  detailed  performance 
specification,  this  Information  was  considered 
to  be  not  necessarily  applicable  to  the  Intended 
application.  One  w°uld  expect,  for  instance,  to 
be  able  to  reproduce  the  output  versus  applied 
axial  force  relation  specified  by  the  manufac¬ 
turer  if  corroborative  testing  were  carried  out 
under  idealised  conditions  which  assured  that  a 
uniform  axial  load  was  applied.  The  loading 
conditions  that  would  be  imposed  in  a  typical 
vehicle  are  complex  combinations  of  moment, 
shear  and  axial  loading.  Other  conditions  that 
might  affect  transducer  performance  are  sup¬ 
porting  structure  flexibility  and  attachment 
point  misalignment. 


Fig.  1  -  Force  transducer* 


To  examine  the  accuracy  of  the  force 
transducers  under  loading  conditions  similar  to 
those  just  described,  the  following  experimental 
program  was  conducted. 

A  special  structure  was  designed  and  built 
to  simulate  an  equipment  item.  This  structure, 
which  will  hereinafter  be  called  the  "equipment," 
Is  shown  in  Fig.  2.  Its  basic  parts  consisted  of 
a  base  plate  and  a  simply  supported  beam  with 
a  lumped  mass  In  the  center  The  beam  was 
attached  to  the  base  plate  at  each  end  through 


Fig.  2  -  Simulated  equipment 
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flexures.  A  15-ft  long  section  of  an  F- 104 
fuselage  was  obtained  to  simulate  a  typical  air¬ 
craft  structure.  An  electrodynamic  shaker  was 
attached  to  the  fuselage  to  provide  vibratory 
excitation  (Fig.  3).  The  Interior  of  the  fuselage 
incorporated  a  number  of  brackets  for  the  at¬ 
tachment  of  various  pieces  of  electronic  equip¬ 
ment.  One  of  these  was  chosen  as  the  support' 
lng  structure  for  the  simulated  equipment  men¬ 
tioned  previously.  This  bracket  is  shown  in 
Fig.  4.  Figure  5  shows  the  simulated  equipment 
attached  to  it. 


Fig.  3  -  F-104  fuaelage  aection 
with  ahaker  attached 


Fig.  4  -  Equipment  attachment  bracket, 
poaition  1 


Force  transducers  were  placed  between  the 
base  plate  of  the  equipment  and  the  supporting 
bracket  at  each  of  the  four  corners.  Acceler¬ 
ometers  were  located  at  each  of  the  four  corners 
of  the  base  plate,  and  an  additional  accelerometer 


Fig.  5  -  Simulated  equipment  attached 
to  bracket,  poaition  1 


was  attached  on  the  lumped  mass  located  at  the 
center  of  the  equipment  beam. 

This  arrangement  allowed  sufficient  Infor¬ 
mation  to  be  obtained  to  allow  two  Independent 
determinations  of  the  total  normal  force  acting 
on  the  base  of  the  equipment.  One  of  these  de¬ 
terminations  could  be  made  on  the  basis  of  the 
total  signal  produced  by  the  force  transducers. 
The  second  could  be  obtained  from  the  acceler¬ 
ation  signals  and  a  knowledge  of  the  equipment 
masses.  Force  measurements  based  on  accel¬ 
eration  readings  were  readily  obtained  by  an 
analog  computer  programmed  to  multiply  the 
Incoming  acceleration  signals  by  the  appropri¬ 
ate  constants  (representing  the  base  plate  and 
beam  masses)  and  to  perform  the  necessary 
summing  operations. 

The  force  transducer  signals  were  also 
summed  by  an  operational  amplifier.  No  spe¬ 
cial  care  was  exercised  as  to  attachment  sur¬ 
face  condition  or  bracket  flexibility.  The  con¬ 
ditions  were  similar  to  those  that  would  be 
present  In  a  typical  practical  application.  When 
the  equipment  was  attached  to  the  supporting 
bracket,  one  side  of  the  force  transducer^ 
pressed  against  an  angle  bracket  which  was 
only  0.04-ln.  thick.  The  surface  of  the  base 
plate,  which  was  adjacent  to  the  opposite  side 
of  the  transducers,  had  a  milled  finish. 

Following  the  attachment  of  the  Instru¬ 
mented  simulated  equipment  to  the  Support  In 
the  vehicle,  the  fuselage  was  subjected  to  a 
slow  sinusoidal  sweep  vibration  excitation  and 
the  force  and  acceleration  measurements  were 
plotted  versus  frequency  with  an  x-y  recorder. 
Typical  results  obtained  are  given  In  Fig.  6. 
Although  both  curves  tn  Fig.  6  give  the  variation 
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Fig.  6  -  Comparison  of  measured  normal  force  with 
force  computed  from  acceleration  measurements, 
position  1 


of  the  total  normal  force  (acting  on  the  base 
plate)  versus  frequency,  one  of  them  was  de¬ 
rived  from  force  transducer  measurements  and 
the  other  from  acceleration  measurements.  The 
agreement  between  the  two  curves  is  considered 
to  be  remarkably  good  and  is  typical  of  the  cor¬ 
relation  between  force  transducer  derived  and 
accelerometer  derived  data  obtained  with  the 
simulated  equipment  attached  to  the  vehicle  at 
various  other  locations. 


PROGRAM  PLAN 

Once  the  accuracy  of  the  force  transducers 
had  been  evaluated,  attention  was  directed  to  an 
examination  of  the  benefits  force  measurement 
could  provide  in  the  formulation  of  improved 
laboratory  environmental  test  procedures. 

The  investigation  involved  the  following 
steps: 

1.  The  fuselage  was  subjected  to  a  sinus¬ 
oidal  sweep  excitation  with  the  equipment 
located  at  various  positions.  (Details  of  the  at¬ 
tachment  locations  will  be  described  later.) 

2.  At  each  position,  the  force  and  act  eler- 
ation  signals  were  recorded  as  described  above. 
Of  particular  interest  were  (a)  the  acceleration 
of  equipment  base  plate  based  on  an  average  of 
the  four  accelerometer  readings,  (b)  the  normal 


force  acting  on  the  base  plate  derived  from  the 
sum  of  the  four  force  transducer  signals,  and 
(c)  the  acceleration  of  the  mass  attached  to  the 
center  of  the  equipment  beam. 

3.  Hypothetical  laboratory  vibration  test 
specifications  were  established  for  each  of  the 
equipment  locations.  In  each  case,  the  test 
selected  was  a  sinusoidal  sweep  having  a  con¬ 
stant  acceleration  amplitude.  The  acceleration 
level  chosen  was  based  on  the  equipment  support 
response  in  the  vehicle  and  was  equal  to  the 
value  of  the  major  peak  base  plate  response  that 
followed  or  preceded  the  antiresonance  intro¬ 
duced  by  the  "tuned  damper”  action  of  the  beam. 
This  procedure  is  considered  to  be  representa¬ 
tive  of  the  practice  often  followed  in  generating 
test  specifications. 

4.  The  equipment  was  then  removed  from 
the  vehicle  structure,  placed  on  a  shake  table 
and  subjected  to  the  excitation  levels  discussed 
in  step  3.  The  equipment  was  instrumented,  as 
before,  with  four  force  transducers  located  be¬ 
tween  the  equipment  base  plate  and  the  table  and 
with  five  accelerometers  placed  in  the  positions 
already  described. 

5.  The  acceleration  of  the  mass  on  the 
equipment  beam  was  chosen  as  a  measure  of 
the  damage  potential  to  which  the  equipment 
was  subjected.  Since  the  accelerations  experi¬ 
enced  by  the  same  mass  when  the  equipment 
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was  attached  to  the  vehicle  structure  were  known, 
It  was  possible  to  establish  a  ratio  between  the 
relative  damage  potential  experienced  by  the 
equipment  on  the  sfcakar  to  that  encountered  in 
the  vehicle.  The  ratio  of  damage  potential  was 
named  the  "Overtest  Index."  Two  different 
overtest  indexes,  designated  as  Type  1  and  Type 
2,  were  derived  and  defined  as  follows:  (a)  Type 
1  over  test  index,  (O.I.)1(  is  the  ratio  of  the  max¬ 
imum  acceleration  that  the  resonant  element 
(beam)  experienced  during  the  shake  table  test 
to  the  maximum  acceleration  that  it  received  in 
the  airplane  irrespective  of  frequency;  and  (b) 
Type  2  overtest  index,  (O.I.)2,  is  the  ratio  of 
the  maximum  acceleration  that  the  resonant 
element  received  during  the  shake  table  test  to 
that  which  it  received  in  the  vehicle  when  the 
exciting  frequency  was  equal  to  the  natural  fre¬ 
quency  of  the  resonant  element. 

6.  After  completion  of  the  tests  during 
which  the  shake  table  was  maintained  at  a  con¬ 
stant  acceleration  amplitude  over  the  frequency 
range  of  Interest,  a  second  set  of  tests  was  con¬ 
ducted.  The  table  acceleration  was  again  main¬ 
tained  at  the  same  amplitude  as  before  except 
for  a  narrow  frequency  band  centered  at  the 
natural  frequency  of  the  equipment  beam.  In 
this  frequency  region,  the  beam  introduced  a 
notch  in  the  table  acceleration  spectrum.  In¬ 
stead  of  increasing  the  command  signal  to  main¬ 
tain  a  constant  table  acceleration  amplitude  (as 
was  done  in  the  previous  teste),  a  change  was 
made  from  acceleration  control  to  force  control. 
The  input  signal  to  the  shaker  was  adjusted  to 
produce  a  transmitted  force  to  the  base  plate 
which  was  equal  to  the  maximum  force  measured 
(irrespective  of  frequency)  when  the  equipment 
was  attached  to  the  vehicle  structure. 

7.  Comparisons  were  made  of  the  damage 
potentials  associated  with  the  two  test  proce¬ 
dures  described  in  steps  4  and  6. 


EQUIPMENT  AND  VEHICLE 
CHARACTERISTICS 

The  simulated  equipment  used  in  this  inves¬ 
tigation  has  been  described  in  the  first  section 
and  can  be  idealized  as  the  vibration  system 
shown  in  Fig.  7.  The  beam  attached  to  the  base 
plate  behaved  as  a  tuned  damper  when  the  excit¬ 
ing  frequency  was  equal  to  the  natural  frequency 
of  the  beam.  Although  the  base  plate  itself  could 
be  considered  as  a  lumped  mass  over  the  fre¬ 
quency  range  of  interest,  the  mechanical  imped¬ 
ance  of  the  composite  base  plate- supporting 
structure  system  was  springlike  at  low  frequen¬ 
cies  and  masslike  at  sufficiently  higher  fre¬ 
quencies. 


Fig.  7  -  Vibration  system 
represented  by  simulated 
equipment  and  supporting 
structure 


The  data  reported  herein  were  obtained  with 
the  equipment  located  at  tour  different  positions 
on  the  fuselage.  Position  1  was  a  lightweight 
bracket  on  the  fuselage  interior  normally  used 
to  support  a  standard  piece  of  flight  hardware. 
This  position  was  the  same  as  used  in  the  force 
transducer  evaluation  program  described  in  the 
first  section.  Positions  2  and  3  were  on  the  ring 
structure  of  the  fuselage.  These  locations, 
shown  in  Fig.  8,  were  chosen  on  the  fuselage 
exterior  for  convenience.  Position  4,  also  on 
the  fuselage  exterior,  was  immediately  over  the 
intersection  of  a  highly  rigid  bulkhead  and  the 
fuselage  skin.  The  support  at  position  1  was  by 
far  the  most  flexible  erf  the  four  selected.  Posi¬ 
tion  4  was  the  most  rigid  and  position  2,  which 
was  located  adjacent  to  position  4,  presented 
the  second  most  rigid  support. 


Fig.  8  -  Equipment  attachment  location 
on  fuselage  exterior 


The  results  reported  here  were  all  ob¬ 
tained  with  a  beam  mass  of  1.7  lb  and  a  beam 
natural  frequency  of  137  cps.  The  weight  of  the 
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base  plate  was  approximately  5  lb.  Tests  were 
also  conducted  using  other  values  of  mass  and 
natural  frequency.  The  results  from  these  ad¬ 
ditional  tests  do  not  lead  to  any  modifications 
of  the  conclusions  reached  and,  for  the  pm  pose 
of  brevity,  will  not  be  reported  in  this  paper. 

Irrespective  of  the  supporting  structure 
impedance,  the  beam  could  be  expected  to  in¬ 
troduce  a  notch  in  the  base  plate  acceleration 
spectrum  as  the  exciting  frequency  was  swept 
through  137  cps  (the  natural  frequency  of  the 
beam).  Furthermore,  the  base  plate  could  be 
expected  to  experience  peak  responses  on  each 
side  of  the  notch  frequency.  Before  presenting 
test  results,  it  will  be  useful  to  make  certain 
observations  concerning  the  behavior  of  an 
idealized  system  consisting  of  a  primary  sim¬ 
ple  resonator  to  which  is  attached  a  mass¬ 
spring  system  that  can  behave  as  a  dynamic 
damper.  Although  the  support  locations  cannot 
be  considered  to  behave  as  simple  resonators 
over  a  broad  frequency  range,  the  idealization 
selected  is  probably  valid  within  the  frequency 
region  of  interest. 

The  support  can  be  expected  to  experience 
response  peaks  at  frequencies  preceding  and 
following  the  antiresonance  (notch)  response. 

The  proximity  of  these  peaks  to  the  notch  fre¬ 
quency  can  provide  considerable  insight  into 
the  impedance  of  the  support.  Ii  the  preceding 
peak  is  much  closer  to  the  notch  than  the  fol¬ 
lowing  peak,  it  can  be  concluded  that  the  sup¬ 
port  is  springlike  within  the  frequency  range  of 
interest.  A  massiike  support  impedance  is  in¬ 
dicated  when  the  peak  support  response  that 
follows  the  notch  is  closer  to  it  than  the  pre¬ 
ceding  peak.  If  the  preceding  and  following 
support  peak  responses  are  symmetrically 
located  on  either  side  of  the  notch,  the  support 
impedance  is  damperlike.  All  other  factors 
remaining  constant,  the  frequency  range  be¬ 
tween  the  support  response  peaks  becomes 
greater  as  the  ratio  of  the  tuned  damper  mass 
to  the  effective  supporting  structure  mass  is 
increased. 

The  observations  just  cited  can  be  demon¬ 
strated  analytically,  and  the  reader  is  referred 
to  the  literature  for  further  details  [2].  In  the 
present  instance  these  considerations  are  use¬ 
ful  in  providing  a  qualitative  evaluation  of  the 
beam  response  at  the  various  attachment 
locations. 

In  this  regard,  attention  is  called  to  Figs.  9 
through  12  which  show  the  variation  of  beam  and 
base  plate  accelerations  with  frequency  at  at¬ 
tachment  positions  1,  2,  3  and  4,  respectively. 
Position  1,  which  was  considered  to  be  the  most 


typical  equipment  support,  provided  a  masslike 
mechanical  impedance  to  the  beam  system  in 
the  vicinity  of  137  cps.  Here  the  mass  was  es¬ 
sentially  the  5-lb  base  plate  since  the  bracket 
was  of  very  light  weight.  It  can  be  seen  (Fig. 

9)  that  both  the  beam  and  base  plate  peak  re¬ 
sponses  occur  approximately  45  cps  above  the 
notch  frequency.  The  structure  at  positions  2 
and  3  (Figs.  10  and  11)  was  springlike  in  the 
vicinity  of  137  cps  as  is  indicated  by  the  sharp 
decline  in  the  base  plate  response  as  the  excit¬ 
ing  frequency  rose  to  137  cps.  Position  No.  4 
(Fig.  12)  is  seen  to  have  also  provided  a  spring¬ 
like  support  impedance. 


OVERTEST  LEVEL  CRITERIA 

The  problem  of  defining  the  relative  sever¬ 
ity  of  a  laboratory  vibration  test  and  of  the 
service  environment  is  difficult.  For  instance, 
one  does  not,  in  general,  know  if  the  damage 
that  the  equipment  may  experience  is  due  to 
excessive  stress,  displacement,  velocity  or  ac¬ 
celeration.  In  the  present  instance  we  have 
rather  arbitrarily  assumed  that  the  acceleration 
of  an  equipment  resonant  structure  provides  a 
measure  of  the  damage  potential.  The  simu¬ 
lated  equipment  used  in  the  experimental  pro¬ 
gram  incorporated  such  a  resonant  structure  in 
the  beam  and  the  acceleration  of  the  beam  was 
assumed  to  provide  the  required  measurement 
of  test  severity. 

It  was  also  necessary  to  establish  a  method 
for  choosing  the  acceleration  input  level  that 
would  be  called  out  in  a  hypothetical  test  speci¬ 
fication  requiring  a  constant  amplitude  of  accel¬ 
eration  sinusoidal  sweep.  Since  attention  was 
confined  to  the  frequency  region  that  involved 
the  resonant  frequency  of  the  equipment  and  the 
adjacent  peak  responses  of  the  supporting  struc¬ 
ture,  it  was  decided  to  use  the  higher  of  the  two 
pe^’.v  base  plate  (support)  responses  as  the  input 
level  to  be  imposed  when  the  equipment  was 
placed  on  the  shake  table. 

Finally,  it  was  also  necessary  to  provide  a 
basis  for  quantifying  the  relative  severity  of  the 
acceleration  experienced  by  the  equipment  beam 
when  the  equipment  was  attached  directly  to  a 
shake  table  with  that  imposed  by  the  vehicle. 
There  were  obviously  an  infinite  number  of  fre¬ 
quencies  at  which  the  acceleration  levels  dif¬ 
fered  but  there  were  two  frequencies  that  were 
considered  to  be  of  particular  importance.  One 
of  these  was  the  natural  frequency  of  the  equip¬ 
ment  beam.  At  this  frequency,  the  beam  experi¬ 
enced  the  peak  acceleration  when  the  equipment 
was  vibrated  on  the  shake  table.  With  the  equip¬ 
ment  attached  to  the  vehicle,  the  base  plate 
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FREQUENCY  IN  CPS 

E'lg.  10  -  Comparisor  of  base  plate  and 
beam  accelerations,  position  2 
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Fig.  11  -  Comparison  of  base  plate  and 
beam  accelerations,  position  3 


support  assembly  experienced  an  antiresonance 
notch  at  the  same  frequency.  Tne  second  fre¬ 
quency  of  interest  was  associated  with  the  peak 
response  of  the  base  plate -support  assembly 
when  the  equipment  was  attached  to  the  vehicle. 
This  was  also  the  frequency  at  which  the  beam 
experienced  its  maximum  acceleration  (in  the 
vehicle). 

For  the  shake  table  tests  it  was  logical  to 
choose  the  resonant  acceleration  of  the  beam  as 
the  measurement  of  test  severity.  For  the  simu¬ 
lated  service  environment  tests  (equipment  at¬ 
tached  to  fuselage),  two  values  of  severity  were 
selected.  One  of  these  was  the  maximum  beam 
acceleration  measured,  irrespective  of  fre¬ 
quency.  The  second  was  the  beam  acceleration 
occurring  at  the  resonant  frequency  of  the  beam. 

The  above  measurements  allowed  two  ratios, 
called  '  over test  indexes,"  to  be  established.  A 
precise  definition  of  these  quantities  has  already 
been  given  in  step  5  of  the  section  on  the  Pro¬ 
gram  Plan. 


OVERTEST  LEVELS 

Comparisons  of  beam  accelerations  meas¬ 
ured  with  the  equipment  attached  to  the  vehicle 
and  those  produced  on  the  shake  table  at  constant 
input  acceleration  amplitude  are  provided  in 
Figs.  13  through  16.  Overtest  indexes  for  the 
various  attachment  locations  are  indicated  on 
the  figures. 


The  greatest  overtest  levels  were  associ¬ 
ated  with  position  1  where  the  Type  1  and  2 
indexes  were  found  to  be  21  and  1400,  respec¬ 
tively.  At  position  3  (this  support  was  next  to 
position  1  in  rigidity)  index  levels  of  10  and  20 
were  obtained.  At  the  most  rigid  locations  (po¬ 
sitions  3  and  4),  overtest  index  pairs  of  3,  6  and 
2,  3  were  measured. 

In  assessing  the  significance  of  these  re¬ 
sults,  it  is  of  interest  to  note  that  the  highest 
levels  of  overtesting  were  associated  with  the 
most  typical  equipment  support  structures 
used.  Positions  2  and  4  were  highly  rigid  loca¬ 
tions  that  would  rarely  be  approximated  in  prac¬ 
tice.  Furthermore,  it  is  important  to  remem¬ 
ber  that  the  effective  mass  of  the  beam  was  only 
1.7  lb.  Larger  values  of  mass  in  the  resonating 
structure  could  be  expected  to  produce  higher 
overtest  levels. 

A  method  for  obtaining  an  approximation  of 
the  overtest  indexes  based  on  the  peak-notch 
characteristics  of  the  supporting  structure  and 
the  Q  of  the  resonant  element  is  given  in  the 
Appendix. 


VIBRATION  TESTING  WITH 
FORCE  CONTROL 

Following  completion  of  the  shake  table 
tests  at  constant  amplitude,  the  merits  of  a 
force-controlled  test  were  examined. 


Fig.  13  -  Overtest  indexes  associated  with  position  1 
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Fig.  14  -  Overtest  indexes  associated  with  position  2 


Fig.  15  -  Overtest  indexes  associated  with  position  3 
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Fig.  16  -  Overtest  indexes  associated  with  position  4 


From  the  preceding  discussion,  it  is  evident 
that  the  principal  difficulty  encountered  in  con¬ 
stant  acceleration  testing  arises  at  major  equip¬ 
ment  resonances.  At  an  equipment  resonance, 
an  antiresonance  occurs  in  the  table  spectrum 
unless  the  input  signal  amplitude  is  increased 
to  compensate  for  this  effect.  In  the  vehicle, 
the  antiresonance  effect  always  produces  a 
notch  in  the  support  acceleration  spectrum.  It 
follows  that  the  force  transmitted  by  the  support 
in  the  vehicle  to  the  equipment  will  be  less  than 
would  be  transmitted  by  the  shake  table. 

If  the  force  transmitted  by  the  suppc  rt  in 
the  vehicle  is  known  and  if  the  force  transmitted 
by  the  shake  table  to  the  equipment  base  can  be 
measured,  it  is  a  simple  matter  to  adjust  the 
shaker  acceleration  in  the  vicinity  of  an  equip¬ 
ment  resonance  so  as  to  provide  an  approximate 
simulation  of  the  dynamic  loads  applied  in  the 
service  environment.  In  general,  maximum  dy¬ 
namic  loads  that  th^  equipment  wilt  experience 
in  the  vehicle  will  not  occur  at  an  antiresonance. 
(If  they  did  occur  at  an  antiresonance,  the  two 
overtest  indexes  would  be  equal.)  To  assure 
that  the  laboratory  shake  table  test  is  conserva¬ 
tive,  the  force  transmitted  by  the  table  at  an 
equipment  resonance  should  not  fall  below  the 
maximum  force  measured  in  the  vehicle,  irre¬ 
spective  of  frequency. 

The  force-controlled  tests,  which  followed 
completion  of  the  constant  acceleration  ampli¬ 
tude  tests,  were  based  on  the  considerations 
cited  above  With  one  important  exception, 


these  tests  were  similar  to  the  constant  accel¬ 
eration  tests.  Except  at  a  frequency  band  in  the 
vicinity  oi  the  beam  resonance,  the  table  accel¬ 
eration  was  maintained  at  the  same  constant 
value  as  before.  As  the  beam  resonance  began 
to  occur,  a  change  was  made  from  acceleration 
control  to  force  control  and  the  table  accelera¬ 
tion  was  reduced  to  provide  a  transmitted  force 
that  approximated  the  maximum  value  measured 
in  the  vehicle.  As  the  exciting  frequency  was 
further  increased  and  the  resonance  subsided, 
a  return  was  made  to  acceleration  control. 

The  procedure  just  described  could  be  ex¬ 
pected  to  reduce  the  Type  1  overtest  index  to 
unity.  The  Type  2  cvertest  index  would  be  re¬ 
duced  by  an  amount  equal  to  the  change  in  the 
Type  1  index.  A  typical  result  obtained  during 
a  force-controlled  test  is  shown  in  Fig.  17. 
Shown  here  are  beam  accelerations  as  meas 
ured1  (a)  in  the  vehicle  with  the  equipment  at¬ 
tached  at  position  1,  (b)  during  a  constant  ac¬ 
celeration  amplitude  snake  table  test,  and  (c) 
during  a  force-controlled  test.  The  force- 
controlled  test  is  seen  to  be  conservative  but 
the  overtest  level  at  the  beam  resonant  fre¬ 
quency  was  reduced  by  a  factor  of  20. 

Figure  18  shovvs  the  variation  of  the  trans¬ 
mitted  force  as  measured:  (a)  with  the  equip¬ 
ment  attached  to  the  vehicle  at  position  1,  and 
(b)  during  the  force-controlled  test.  These 
results  provide  additional  evidence  that  the 
force-controlled  test  was  conservative. 
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Fig.  17  -  Comparison  of  overtest  levels  introduced 
with:  (a)  shake  table  acceleration  held  constant,  and 
(b)  force  limiting  employed  at  equipment  resonant 
frequency 


FREQUENCY  IN  CPS 

Fig.  18  -  Comparison  of  transmitted  normal  force 
measured  in  vehicle  (positior.  1;  with  force  applied  by 
shake  table  when  table  spectrum  was  notched  to  limit 
force  at  resonant  frequency  of  equipment  beam 


CONCLUDING  REMARKS 

This  paper  has  presented  a  portion  of  the 
data  obtained  during  aprogram  designed  to  examine 
the  feasibility  of  obtaining  and  using  transmitted 
force  information  to  provide  laboratory  vibration 
tests  that  are  not  overly  conservative.  Due  to 
time  and  budget  limitations,  the  investigation 
was  confined  to  sinusoidal  rather  than  random 


excitation.  The  reader  should  be  cautious  in 
drawing  any  conclusions  as  to  what  the  overtest 
levels  would  have  been  had  the  excitation  been 
random.  It  is  the  author's  opinion  that  the  re¬ 
sults  obtained  with  random  excitation  would  not 
have  been  greatly  different  if  all  measurements 
of  power  spectral  density  were  obtained  with  a 
very  narrow-band  filter  and  if  narrow-band 
shake  table  equalization  were  employed. 
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Appendix 


For  the  idealized  system  shown  in  Fig. 
A-l,  it  is  possible  to  approximate  the  Type  1 
and  Type  2  overtest  indexes  on  the  basis  of  the 
psak-notch  behavior  of  the  support  and  the  Q  of 
the  resonant  element. 


Fig.  A-l  -  Idealization  of  tquipment 
/ehicle  vibration  system 


lX2  X,'w  can  be  determined  from  the  well- 
known  single  -degree-of-freedom  transmissi- 
bility  equation,  or 


(A-2) 


where  is  the  natural  frequency  of  the  reso¬ 
nant  element. 


When 


u> 


« 


and 


«  1, 


The  Type  1  overtest  index,  (O.I.)j,  can  be 
determined  from 


(O.I.), 


(A- 1) 


where 


Q..  =  quality  factor  of  the  resonant 
element,  and 

!X,  S,].  -  ratio,  X2  x,,  at  the  frequency 
p  (^p),  where  the  peak  support 
response  occurs. 


The  Type  2  overtest  is  simply  equal  to  the 
depth  of  the  support  (X,)  notch  as  measured 
from  the  maximum  adjacent  support  response 
peak. 


*  *  * 
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FEASIBILITY  OF  FORCE-CONTROLLED  SPACECRAFT  VIBRATION 
TESTING  USING  NOTCHED  RANDOM  TEST  SPECTRA 

Joseph  A.  Heinrichs 
The  Martin  Company 
Baltimore,  Maryland 


A  summary  of  analyses  and  results  is  presented  to  substantiate  the 
feasibility  of  using  notched  random  test  spectra  for  force-controlled 
spacecraft  vibration  tests.  An  analytical  evaluation  of  structural  load¬ 
ing  at  the  base  of  the  spacecraft  caused  by  application  of  a  broadband 
environmental  acceleration  spectrum  is  made.  3y  using  this  analytical 
technique,  notching  requirements  for  the  broadband  test  spectrum  are 
established  which  result  in  rms  structural  forces  at  the  spacecraft 
base  that  are  within  ih»-  spacecraft's  structural  design  loan  criteria. 
Structural  loadings  cf  other  structural  elements  of  the  spacecraft  and 
component  acceleration  spectra  are  examined  on  the  basis  of  the 
notched  spectra  and  are  found  to  be  within  design  values.  The  proposed 
method  of  notching  is  considered  to  be  a  feasible  approach  to  force 
limiting  when  available  booster  driving  force  at  the  spacecraft-booster 
interface  is  not  known. 


g'.: 

UpPIgK  ■■  J.  A.  Heinrichs 


INTRODUCTION 

This  paper  presents  a  summary  of  analyses 
performed  on  a  spacecraft  to  show  the  feasibility 
of  a  force-controlled  vibration  test  using  notched 
random  test  spectra.  The  introduction  of  notches 
into  test  spectra  can  be  accomplished  with  avail¬ 
able  test  equipment  and  is  presently  belrg  im¬ 
plemented  for  the  environmental  test  of  a  com¬ 
plete  spacecraft  system.  The  requirement  of 
qua'ification  and  verification  testing  of  a  new 
spacecraft  to  an  existing  booster  contractor's 
random  acceleration  spectrum  necessitates  a 
force-controlled  test  to  assure  compliance  with 
the  primary  spacecraft  design  load  criteria 
during  the  test  period.  A  broadband  random 
test  spectrum  is  defined  at  the  boost  vehicle- 
spacecraft  interface  in  terms  of  a  power  spectral 


density  (PSD)  envelope  of  expected  environment. 
Application  of  this  environment  by  mechanical 
excitation  of  the  base  of  the  spacecraft  is  ac- 
con  plished  with  a  modified  Gaussian  random 
distribution  in  which  g-peaks  do  not  exceed 
three  times  the  root-mean-square  (rms)  ac¬ 
celeration. 

Since  the  test  spectrum  is  presented  as  ail 
envelope,  statistically  derived  from  previous 
measured  fi  ght  data  of  other  payloads,  it  does 
not  reflect  the  constraint  of  having  an  impedance 
match  between  the  booster  and  the  new  space¬ 
craft  at  their  Interface.  PSD's  of  measured 
vibration  environments  from  which  envelopes 
are  constructed  contain  regions  of  minimum 
vibration  energy  at  the  major  Interface  anti¬ 
resonances  and  energy  peaks  at  the  combined 
system  resonances.  This  is  analytically  shown 
by  Kaplan  and  Petak  [1]  for  a  multi- spring- 
mass  model  under  a  constant  driving  force. 

The  existence  and  magnitudes  of  the  minimum 
energy  regions  will  actually  be  dependent  on 
the  available  driving  force  of  the  booster  at  the 
corresponding  fixed-base  frequencies  of  the 
newly  Installed  spacecraft.  The  amount  of 
driving  force  over  the  frequency  spectrum  is 
usually  unknown  and  is,  therefoie,  unavailable 
to  the  spacecraft  test  manufacturer.  To  limit 
the  test  spectrum  in  the  spacecraft  test,  it  is 
proposed  to  Introduce  notches  into  the  spectrum 
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envelope  which  would  approximate  the  existence 
of  minimum  vibrational  energy  regions  at  the 
spacecraft-booster  interface.  A  detailed  ana¬ 
lytical  model  of  the  spacecraft  is  used  to  define 
the  interface  antiresonance  points  at  which  the 
notches  are  located.  The  amount  of  notching  is 
to  be  dependent  on  a  compatibility  between  the 
produced  rms  structural  forces  and  the  primary 
structural  loau  design  criteria  of  the  spacecraft. 

To  determine  the  amount  of  modification 
required  for  a  specified  spacecraft  test  spec¬ 
trum,  modal  response  analyses  are  performed 
which  evaluate  structural  loading  of  the  space¬ 
craft  when  subjected  to  the  test  spectrum  at  the 
spacecraft  base.  Notches  in  the  test  spectrum 
are  then  determined  so  as  to  eliminate  peaks  in 
the  structural  force  spectral  densities  and  result 
in  rms  forces  which  are  compatible  with  the 
structural  load  criteria  at  the  interface.  A 
limiting  force  spectrum  envelope  which  deter¬ 
mines  the  amount  of  notching  and  the  location 
of  notches  is  assumed,  having  the  same  shape 
as  the  interface  acceleration  spectrum  envelope. 
The  limit  loads  which  can  be  transferred  across 
the  interface  and  those  in  the  interface  struc¬ 
ture  as  defined  by  the  load  criteria  are  used  as 
a  basis  for  notching.  After  the  notched  test 
spectrum  is  determined,  rms  stresses  and/or 
loads  in  those  parts  of  the  structure  designed  to 
minimum  margins  of  safety  are  evaluated  to 
assure  that  their  limit  loads  are  not  exceeded 
during  the  test  period.  In  addition,  acceleration 
spectral  densities  at  various  equipment  loca¬ 
tions  resulting  from  the  notched  test  spectrum 
are  evaluated  and  compared  to  the  acceleration 
design  environment  for  spacecraft  components. 


NOMENCLATURE 

cn(t)  Modal  coordinate  displacement  in  nth 
normal  mode 

Kn  Modal  damping  coefficient  in  nth  normal 
mode 

Circular  frequency  of  nth  normal  mode 
m  Mass 

7n  Modal  deflection  coefficient  in  nth  nor¬ 
mal  mode 

f  Acceleration  of  the  fixed  base  of  space¬ 
craft 

u  Forcing  frequency 

Cn  nth  normal  mode  modal  load  coefficient 
at  base  of  spacecraft  in  the  direction  of 
excitation  (force/iength) 


M  Modal  mass  in  nth  normal  mode 

p 

Cn  nth  normal  mode  modal  load  coefficient 
in  the  Pth  structural  element  (force/ 
length) 

F„  Load  in  the  Pth  structural  element  in 
the  nth  normal  mods 

Total  load  in  the  Pth  structural  element 

♦f  Transfer  function,  ratio  of  load  ampli¬ 
tude  in  the  Pth  structural  element  to  the 
amplitude  of  harmonic  base  acceleration 

♦x  Transfer  function,  ratio  of  acceleration 
amplitude  at  location  Q  to  the  amplitude 
of  harmonic  base  acceleration 

0 

At1  Total  acceleration  at  location  Q  in  the 
j  th  degree  of  freedom 

<3 

cnJ  nth  normal  mode  deflection  coefficient 
at  location  Q  in  the  j  th  degree  of  freedom. 

G  Gravitational  constant 

Spectral  density  of  total  load  in  the  Pth 
structural  element  (force  2/cps) 

Wf(w)  Spectral  density  of  environmental  base 
acceleration  (g2/cps) 

F-f rms  Root-mean-square  load 

fL  Lower  frequency  limit  in  the  test  spec¬ 
trum  (20  cps) 

fy  Upper  frequency  limit  in  the  test  spec 
trum  (2000  cps) 


STRUCTURAL  ANALYSIS  MODEL 

To  evaluate  adequately  spacecraft  response 
to  the  broadband  base  excitation  environment, 
a  detailed  structural  analysis  model  is  con¬ 
structed  for  the  prediction  of  a  large  number  of 
normal  vibration  modes.  The  structural  con¬ 
figuration  of  the  spacecraft  is  presented  in  Fig. 

1  and  consists  primarily  of  a  glove  section 
(skin-stringer-frame),  cantilevered  equipment 
truss,  center  body,  aft  body,  fixed  fins  and 
movable  flaps.  The  spacecraft  is  covered  with 
a  dense  nonstructural  heat  protection  material. 
Three  pedestals  are  used  to  constrain  the  space¬ 
craft  from  its  aft  bulkhead  to  the  boost  vehicle 
and  are  designated  the  support  pedestals.  A 
three-dimensional  dynamic  analysis  model  of 
this  configuration,  consisting  of  1800  discrete 
structural  elements,  is  derived  and  utilized  in 
the  matrix  method  of  obtaining  normal  vibration 
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Fig.  1  -  Structural  configuration 


modes  [2].  The  three-dimensional  array  of 
shear  panels,  tension  elements,  bending  ele¬ 
ments  and  twist  elements  is  depicted  in  Fig.  2. 
Masses  of  the  structure,  heat  shleid  and  Inter¬ 
nal  components  are  located  at  discrete  points 
over  the  model.  Motion  of  the  masses  is  de¬ 
scribed  by  30C  degrees  of  freedom.  Each  of 
the  support  pedestals  is  represented  by  a  set  of 
three  orthogonal  reaction  elements  connecting 
the  aft  bulkhead  to  ground.  Outputs  from  the 
matrix  method  of  modal  analysis  consist  of 
modal  frequency,  modal  mass,  modal  deflection 
coefficients  for  each  degree  of  freedom,  and 
modal  load  and  stress  coefficients  for  each  of 
the  structural  elements.  A  graphical  descrip¬ 
tion  of  the  fundamental  Z-direction  bending 
mode  is  also  presented  in  Fig.  2. 


ANALYTICAL  METHODS 

The  objective  of  the  modal  analysis  is  to 
obtain  the  rms  structural  leading  at  the  base  of 
the  spacecraft  when  the  structural  representa¬ 
tion  is  subjected  to  the  test  spectrum.  These 
rms  structural  loads  can  then  be  compared  to 
one-third  the  allowable  base  load  as  given  by 
the  spacecraft's  design  static  load  factors  and 


the  individual  pedestal  design  static  loads.  The 
one-third  value  of  allowable  loads  is  used  as  a 
criterion  to  account  for  applied  g-peaks  which 
can  be  three  times  the  rms  value.  Determina¬ 
tion  of  loads  in  each  of  the  1800  structural  ele¬ 
ments  could  also  be  undertaken;  however,  the 
base  loading  is  chosen  as  the  basis  for  notching 
the  test  spectrum. 

The  modal  coordinates'  motion  equations 
for  a  uniform  beam  subjected  to  an  accelerated 
base  motion  can  be  obtained  from  the  differen¬ 
tial  equation  of  classical  beam  theory  and  are 
of  the  form 


'n^i/O  +  “n  V  1  > 

f  ra(x)  <t>n(x)  dx^ 

r  * 

m(x)  (x)  dx 

,  ■’o  j 

2 

(1) 


This  equation  has  been  derived  by  Shinozuka  [3j. 
For  the  discrete  mass  spacecraft  model,  the 
modal  coordinates'  motion  equations  become 
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ISa*T«K~CO*mT£  SMCfCRAFT 
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EXPIOOCD  T»I*«I»IC-- 
WSMCECUFT  MODEL 


Fig.  2  -  Structural  analysis  model  of  spacecraft 


(2) 


where  the  summations  are  made  over  the  num¬ 
ber  of  degrees  of  freedom  in  the  spacecraft 
model.  The  term 

*n2  £  mj  £,n 

J 

represents  the  modal  constraint  in  the  n  th 
mode  at  the  base  of  the  structure  in  the  direc¬ 
tion  of  excitation.  This  is  obtained  from  the 
modal  results  of  the  spacecraft  model  by  adding 
the  modal  load  coefficients  of  the  support  pedes¬ 
tal  elements  lying  in  the  direction  of  excitation. 
The  term 

L  "j  -jn 


represents  the  modal  mass  of  the  nth  mode. 
Equation  (2)  can  also  be  obtained  by  the  method 
used  by  MacNeal  [4],  whereby  a  modal  model 
is  constructed  which  has  the  proper  force- 
displacement  relationship  for  a  single  coordi¬ 
nate.  The  model  consists  of  masses  sprung 
from  the  coordinate  by  springs,  and  l  values 
of  the  springs  and  masses  can  be  computed 
from  the  normal  modes  with  the  coordinate 
constrained  to  zero  motion.  The  procedure 
used  in  obtaining  the  motion  equations  by  this 
method  is  summarized  in  Fig.  3.  The  sum  of 
all  the  sprung  masses  (mf)  will  equal  the  total 
mass  of  the  spacecraft,  since  the  system  has  a 
rigid  body  degree  of  freedom  when  the  base 
constraint  is  removed. 

Solution  of  Eq,  (2)  for  harmonic  acceler¬ 
ated  base  motion  at  the  driving  frequency  w 
gives  the  following  relation  for  amplitude  of  the 
modal  coordinate  to  the  amplitude  of  base 
acceleration: 
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f  (single 
coordinate) 
-*  0 


1  / 2  M  q  2  (1/2  Me  u2  q2)  [  kinetic  energy  j  1/2  D^,  (1/2  Mg  u2  Dg2) 

1/^  Kq2  (1/2  M  w2  q^)  ^potential  energy-]  1/2  Kg  Dg2 

Cq  |  root  constraint  1  Kg  Dg 

equating  the  kinetic,  potential  energies  and  root  constraint  results  in 


<») 

MP  «  c  2/M-y>  u  4 

E  n  n 

(b) 

ke  ‘"»me 

n  1  n 

n  n 

Equivalent  Modal  Model 


Motion  equations  for  the  above  system  connected  to  the  single  coordinate  are  of  the  form 


z  ♦  c  z  ♦  kf  z  *  -  Mf  f  (t) 


Using  Cn  qn  1  Kg  Z^  (equating  root  constraints) 


•%IE  KE  .. 


-lr  q  ♦  c  1 
E  Mn  n  n 
n 


KE.  On 


f  (I) 


This  form  of  the  modal  motion  equation  is  equivalent  to  that  of  Equation  2 


Fig.  3  -  Derivation  of  motion  equations  (4) 


-C. 


[An(«)  -  iBn(o.)J  ((co)  .  (3) 


"In 


=  CnP^^ 

'(.(*)  ((co) 


C„PC„ 


[An(o>)  +  iBn(  co)  ]  . 


(4) 


where 


A  „(«) 


2  -  ,„2 


(o;n2-a;2)  +  (g-nw)2 


The  ratio  of  total  load  In  the  Pth  structural 
element,  based  on  a  modal  sum  approximation, 
to  the  amplitude  of  base  acceleration  becomes 


and 


B  (co) 


gconco 


(wn2  -  co2)  +  (gcon  CO)  2 


ftp(^o 

ff  co) 


m 


iBn(u.')] 


The  ratio  of  load  in  a  structural  element  in  the 
nth  mode  to  the  amplitude  of  base  acceleration 
is  obtained  by  multiplying  Eq.  (3)  by  the  ele¬ 
ment's  modal  force  coefficient: 


The  ratio  of  total  structural  acceierat.on  at  any 
of  the  mass  locations  to  the  amplitude  of  base 
acceleration  can  also  be  similarly  obtained. 
Acceleration  is  given  by 
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c, 


0 


#(*>'. 
f(  a.) 


i  o  +  y1  — 

L—t  M 


n  =  1  e  q  n 


A„(- 


i-  BJ  >J 


(8) 


The  value  of  1  is  added  to  the  summation  if  the 
acceleration  is  in  the  direction  of  excitation 
and  is  omitted  if  the  acceleration  is  not  in  the 
direction  of  base  excitation. 


Equation  (5)  is  of  the  form  now  to  be  uti¬ 
lized  in  obtaining  PSD's  of  load  from  a  base 
excitation  environment,  given  terms  of  an  ac¬ 
celeration  spectral  density.  The  load  spectral 
density  is  given  by 


WFV)  -  ( ♦p*  )  2  *,<*•) 


(7) 


and 


F 


p 

T 


rms  - 


(8) 


ANALYTICAL  RESULTS 
AND  DISCUSSION 

By  using  the  medal  data  of  the  analytical 
model  in  Eq.  (5),  force  transfer  functions  over 
the  frequency  range  of  interest  (20  to  2000  cps) 
are  evaluated  for  the  total  base  forces  and 
pedestal  element  forces  in  the  directions  of  the 
three  vehicle  axes.  A  typical  transfer  function 
in  terms  of  force  squared  to  base  acceleration 
squared  is  given  in  Fig.  4.  Peake  in  the  trans¬ 
fer  function  occur  at  the  fixed-base  spacecraft 
modal  frequencies  for  those  modes  having  rela¬ 
tively  large  base  modal  force  coefficients.  In 
all  of  the  evaluated  transfer  functions,  the  mag¬ 
nitudes  of  these  peaks  decreased  in  a  broad 
sense  with  increasing  frequency.  The  summa¬ 
tion  in  the  equation  is  made  with  the  data  of  the 
first  35  normal  modes  which  correspond  to  fre¬ 
quencies  below  520  cps.  The  summation 
changes  insignificantly  when  made  with  the  data 
of  the  first  80  modes  corresponding  to  modal 
frequencies  below  1100  cps.  This  indicates  that 
total  modal  forces  at  the  spacecraft  base  are 
practically  independent  of  the  higher  modes  of 
vibration.  Based  on  the  sum  of  the  equivalent 
single  harmonic  oscillator  masses  given  in  Eq. 

(a)  of  Fig.  3,  97.5  percent  of  the  tota  space¬ 
craft  mass  is  represented  by  the  first  35  modes 
and  98.3  percent  is  represented  by  the  first  80 
modes.  Values  of  the  modal  damping  coefficient 
(2c/cc),  which  are  considered  to  be  conservative, 
range  from  2  percent  in  the  fundamental  vibration 


Frequency  (cp») 


Fig.  4  -  Total  Y  force  at  space¬ 
craft  base  to  interface  acceler¬ 
ation  transfer  function 


mode  to  a  maximum  of  10  percent  in  the  higher 
modes  of  vibration.  (An  experimental  reso¬ 
nance  survey  of  the  spacecraft  structure  indi¬ 
cated  a  structural  damping  coefficient  in  the 
fundamental  mode  of  6  percent.)  The  magni¬ 
tudes  of  the  peaks  in  the  transfer  functions  are 
expected  to  be  significantly  affected  with  changes 
in  the  structural  damping  coefficient. 

Acceleration  transfer  functions  are  also 
evaluated  for  two  equipment  locations  by  using 
Eq.  (6).  One  of  the  locations  (guidance  package) 
is  at  the  tip  of  the  equipment  truss  and  the  other 
(actuator  package)  in  the  aft  body  section  near 
the  spacecraft  base.  Sample  acceleration  trans¬ 
fer  functions  relating  the  equipment  accelera¬ 
tions  in  the  same  directions  as  base  accelera¬ 
tions  are  given  in  Fig.  5.  As  is  expected,  the 


20 


Fig.  5  -  Transfer  function 


high-frequency  portion  of  the  acceleration 
transfer  function  is  lower  at  the  tip  structural 
location  than  that  near  the  plane  of  excitation. 
This  result  can  be  substantiated  by  examining 
the  acceleration  at  the  free  end  of  a  cantilevered 
beam  when  the  driving  frequency  at  the  base 
approaches  kifinity.  The  expression  for  the 
ratio  of  free-end  to  fixed-end  acceleration  at 
u  -  t  is  given  by 


m(x)  Cn(x)  dx 

-  0.  0) 

n(x)  £nJ(x)  dx 

Force  spectral  densities  for  the  total  base 
loads  and  pedestal  loadings  for  the  excitation 
applied  in  each  of  the  three  spacecraft  axes 
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directions  were  evaluated  u3ing  Eq.  (7).  Atypi¬ 
cal  force  spectral  density  of  total  force  across 
the  interface  is  given  in  Fig.  6  and  represents 
an  rms  force  which  is  approximately  3.5  times 
greater  than  one-third  erf  the  peak  allowable 
force  given  by  the  static  loads  criteria.  Tc 
limit  the  force  density  to  represent  an  allowable 
rms  force,  a  limiting  force  spectrum,  assumed 
to  have  the  same  shape  as  the  input  spectrum,  is 
positioned  with  the  force  spectral  density  until 
the  area  contained  within  the  shape  represents 
an  allowable  rms  force.  The  assumed  limiting 
corresponds  to  a  shape  which  would  be  obtained 
from  a  completely  rigid  structure.  The  limiting 
spectrum  is  shown  in  Fig.  6  with  the  contained 
shaded  spectrum  representing  an  allowable  rms 
force.  Sharp  notches  are  then  introduced  into 
the  acceleration  spectral  density  for  eliminating 
the  spectral  density  peaks  which  exceed  the 
limiting  spectrum.  Resulting  notched  test  spec¬ 
tra  based  on  each  of  the  considered  structural 
loadings  are  derived  for  each  test  excitation 
direction  An  enveloping  notched  spectrum  in 
each  direction  which  satisfies  all  of  the  loads 
criteria  is  then  proposed  as  the  test  spectrum. 
Figures  7  and  8  contain  resulting  notched  spec¬ 
tra  for  two  excitation  axis  directions  and  are 
primarily  based  on  satisfying  the  total  allow¬ 
able  loads  at  the  base  of  the  spacecraft.  The 
spectrum  in  Fig.  7  is  seen  to  be  considerably 
notched  between  20  and  30  cps  and  is  caused  by 
the  fixed-base  spacecraft's  fundamental  Y- 
direction  bending  mode  frequency  falling  in  this 
frequency  band. 

The  fundamental  X -direction  bending  mode 
frequency  falls  below  20  cps,  thereby  resulting 
in  the  relatively  small  notching  requirements 
given  in  Fig.  8.  The  required  notches  are  al¬ 
ways  contained  in  the  low-frequency  portions  of 
the  spectra,  since  the  lower  frequency  modes 
produce  the  most  significant  amount  of  base 
loading.  Because  the  notches  are  dependent  on 
the  sharp  peaks  occurring  in  the  force  spectral 
densities,  their  positioning  as  load  limiters  will 
be  sensitive  to  the  actual  frequencies  (rather 
than  predicted  frequencies)  at  which  these  peaks 
occur.  It  is,  therefore,  necessary  to  define  the 
force  transfer  function?  prior  to  the  environ¬ 
mental  tests  by  sinusoidal  or  random  transmis- 
sibility  testing  of  the  spacecraft.  Other  struc¬ 
tural  elements,  selected  on  a  basis  of  minimum 
design  margins,  were  also  examined  for  rms 
stress  levels  produced  by  the  final  notched  test 
spectra. 

The  modal  load  coefficients  in  Eq.  (4)  are 
replaced  by  the  modal  stress  coefficients  for 
evaluating  the  stress  transfer  functions  used  in 
obtaining  the  stress  spectral  densities.  In  all 
cases,  rms  stress  levels  produced  by  the 
notched  spectra  are  always  below  one-tnird  of 
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the  design  stress  levels.  Acceleration  spectral 
densities  at  two  equipment  locations  (guidance 
package  and  actuator  package)  are  also  evalu¬ 
ated  using  Eq.  (6)  and  the  final  notched  test 
spectra.  These  densities  can  be  compared  to 
that  used  for  component  qualification  testing  to 
assure  that  the  design  environment  will  not  be 
exceeded  during  the  complete  spacecraft  testing. 
Sample  acceleration  spectral  densities  are  given 
in  Figs.  9  and  10  for  the  two  locations  together 
with  the  qualification  test  spectrum  envelope. 

The  envelope  is  seen  to  contain  almost  all 
of  the  components'  acceleration  environment 
predicted  from  the  spacecraft  test.  It  is  noted 
that  the  qualification  environment  envelope  is 
based  on  the  use  of  measured  data  from  other 
booster  vehicles  in  the  prediction  method  de¬ 
scribed  by  McGregor  et  al.  [5]. 


CONCLUSIONS 

The  analyses  presented  and  analytical  re¬ 
sults  show  force-controlled  random  testing  of  a 
spacecraft  is  feasible  by  the  positioning  of 
notches  in  the  test  spectra.  The  notches  can  be 
considered  the  natural  attenuations  which  ac¬ 
tually  occur  at  points  of  high  driving  impedance 
at  the  spacecraft-booster  interface.  When  the 
amount  of  the  notching  is  evaluated  on  the  basis 
that  it  does  not  exceed  the  rms  structural  de¬ 
sign  loading  at  the  base  of  the  spacecraft  and  in 
the  base  support  structure,  spacecraft  struc¬ 
tural  loads  and  component  accelerations  are 
expected  to  be  within  design  values  during  the 
test  period.  With  the  assumed  method  of  letting 
the  position  and  amplitude  of  notches  be  based 
on  a  limiting  force  spectrum  shape  having  the 
same  shape  as  the  test  spectrum,  notching 


Fig.  9  -  Acceleration  environment  at.  actuator 
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Fig.  10  -  Acceleration  environment  at  guidance  package 


requirements  exist  only  in  the  low-frequency 
range  of  the  test  spectrum.  A  more  exact 
method  of  introducing  notches  into  the  space¬ 
craft  test  spectra  would  include  the  use  of  an 


available  driving  force  spectrum  of  the  booster; 
however,  these  data  are  generally  not  coexistent 
with  given  test  spectra. 
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DISCUSSION 


Mr.  Davis  (Fairchild  Hiller):  Wouldn’t  the 
notched  spectrum  that  you  refer  to  approximate 
very  closely  the  unequalized  random  vibration 
Input  that  we  usually  get  on  a  shaker  before  we 
equalize  it? 

Mr.  Heinrichs:  Usually  during  equalization 
you  try  to  match  a  spectrum  and  envelope  as 
closely  as  possible.  I  don't  think  that  this  type 
of  notches  occurs  in  the  equalized  spectrum 
shape. 


Mr.  Forlifer  (NASA  Goddard  Space  Flight 
Center):  This  notching  procedure  seems  to  be 
based  on  not  exceeding  some  loads  which  are 
derived  from  a  static  load  criterion,  so  the 
whole  validity  of  it  hinges  on  how  adequate  the 
static  load  criterion  is.  How  do  you  check  this? 

Mr.  Heinrichs:  The  spacecraft  is  designed 
to  the  static  loads  criterion  and  we  are  trying 
to  perform  the  qualification  test  within  the  de¬ 
sign  load  values.  In  other  words,  we  do  not  want 
to  test  the  spacecraft  and  then  pick  it  up  in  pieces. 

• 
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COMPARISON  OF  MARINER  ASSEMBLY-LEVEL 
AND  SPACECRAFT-LEVEL  VIBRATION  TESTS 
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Results  are  presented  of  a  study  of  vibration  data  obtained  by  the  Jet 
Propulsion  Laboratory  in  two  series  of  tests  of  an  electronic  assembly 
from  tne  Mariner  C  spacecraft.  In  one  series  of  tests,  the  electronic 
assembly  was  mounted  in  a  conventional  vibration  test  fixture;  in  the 
other,  the  assembly  was  mounted  in  the  spacecrat*.  The  results  of  the 
study  can  be  divided  into  two  categories;  those  regarding  the  averaging 
of  large  collections  of  vibration  data,  and  those  concerning  the  differ- 
:nces  between  assembly -level  and  spacecraft-level  vibration  tests. 
Some  recommendations  are  also  given  for  future  random  vibration 
tests  of  aerospace  structures. 


INTRODUCTION 

In  the  development  of  the  Mariner  C  space¬ 
craft,  the  Jet  Propulsion  Laboratory  (JPL)  ob¬ 
tained  a  large  collection  of  vibration  data  in  two 
series  of  vibration  tests  of  an  electronic  assem¬ 
bly.  In  one  series  of  tests,  the  assembly  was 
mounted  in  the  spacecraft  (Fig.  1);  in  the  other, 
the  assembly  was  mounted  in  a  test  fixture  (Fig. 
2).  In  each  series,  vibration  measurements  at 
some  35  positions  on  the  assembly  were  obtained 
at  several  test  levels  for  both  random  and  sinus¬ 
oidal  excitation,  along  three  orthogonal  excita¬ 
tion  axes. 

This  paper  presents  the  results  of  an  engi¬ 
neering  study  of  the  vibration  data  obtained  in 
the  two  series  of  tests.  This  study  was  conducted 


by  Bolt  Beranek  and  Newman  Inc.,  but  the  data 
manipulations  were  performed  primarily  by 
JPL  personnel  utilizing  JPL  computational 
facilities.  The  primary  objective  of  the  data 
study  was  to  compare  the  vibration  environment 
of  the  electronic  assembly  In  the  spacecraft  and 
fixture  series  of  tests.  Differences  In  both  the 
assembly  vibration  characteristics  and  vibra¬ 
tion  levels  between  the  two  series  of  tests  were 
Investigated.  A  large  part  of  the  data  study 
concerned  the  formulation  of  different  averaging 
techniques  Involving  averages  over  uniform 
spatial  regions,  similar  components,  measure¬ 
ment  axes,  excitation  axes,  etc. 

DESCRIPTION  OF  ELECTRONIC 
ASSEMBLY,  TEST  CONFIGURATIONS, 

AND  VIBRATION  DATA 

Electronic  Assembly 

The  electronic  assembly  consists  of  20 
module  boards  containing  electronic  circuitry 
mounted  to  a  flat  chassis  plate.  The  chassis 
plate  (with  accelerometers  attached)  is  shown 
In  Fig.  1,  and  the  module  boards  are  shown  In 
Figs.  2  and  3.  The  chassis  plate  measures 
approximately  18  and  20  in.  on  the  sides,  and 
the  module  boards  measure  approximately  6  in. 
on  a  side. 
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Fig.  1  -  Electronic  assembly  mounted  in  Mariner  C 
structura  1  test  model  spacecraft 


Fig.  Z  -  Electronic  assembly  mounted  in 
conventional  test  fixture 
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Fig.  3  -  Module  board  from 
electronic  assembly 


Accelerometers  for  response  measurement 
are  located  close  to  modules  A,  B,  C,  D,  and  E 
shown  in  Fig.  2.  For  each  of  these  module 
boards,  accelerometers  are  located  In  three 
different  regions  of  the  assembly;  on  the  back 
side  of  the  chassis  plate  (Fig.  1),  on  the  module 
board  ears  where  the  boards  are  attached  to 
mounting  racks  (Fig.  2),  and  on  the  face  of  the 
module  boards  (Fig.  3).  It  should  be  pointed  out 
that  all  of  these  response  accelerometers  are 
positioned  so  as  to  measure  specifically  the  vi¬ 
bration  environment  of  the  electronic  compo¬ 
nents  rather  than  the  general  vibration  environ- 
mentof  theentire  assembly.  The  accelerometers 
on  the  chassis  plate  and  the  modul?  ears  are 
triaxial,  but  those  on  the  module  boards  meas¬ 
ure  only  vibration  perpendicular  to  the  boards. 


Test  Configurations 

In  the  spacecraft  tests,  the  electronic  as¬ 
sembly  is  mounted  in  the  Mariner  C  structural 
test  model  spacecraft  as  shown  in  Fig.  1.  The 
spacecraft,  complete  with  adapter,  is  mounted 
on  a  ring-frame-type  fixture  attached  to  the 
mechanical  shaker.  In  the  spacecraft  test,  the 
excitation  levels  are  controlled  by  the  average 
response  of  six  accelerometers  oriented  along 
each  of  the  three  excitation  axes  and  positioned 
around  the  circumference  of  the  ring-frame 
fixture. 


In  the  fixture  test,  the  electronic  assembly 
is  mounted  in  a  conventional  vibration  test  fix¬ 
ture  as  shown  in  Fig.  2.  The  excitation  levels 
in  the  fixture  test  are  controlled  by  a  single 
accelerometer  oriented  along  each  of  the  three 
excitation  axes  and  attached  to  the  fixture.  Thus, 
the  locations  of  the  accelerometers  used  to  con¬ 
trol  the  excitation  levels  are  quite  different  in 
the  two  types  of  tests. 


Vibration  Data 

The  vibration  response  data  provided  by 
JPL  consisted  of  power  spectral  density  (PSD) 
plots  in  the  case  of  random  excitation,  and  am¬ 
plitude  vs  frequency  plots  W  the  case  of  sine- 
sweep  excitation.  The  PS  data  covered  a  fre¬ 
quency  range  from  100  to  2000  Hz  and  were 
plotted  vs  a  logarithmic  frequency  scale,  whereas 
the  sine-sweep  data  covered  a  frequency  range 
from  30  to  2000  Hz  but  were  plotted  vs  a  linear 
frequency  scale.  The  PSD  data  were  also  avail¬ 
able  in  digital  form  so  that  averaging  and  other 
manipulations  could  be  performed  automatically. 

Data  were  available  for  24  different  runs 
which  included  low-  and  high-level  random  and 
low-  and  high-level  sine-sweep  excitation  along 
three  different  axes,  in  both  the  spacecraft  and 
fixture  series  of  tests.  Approximately  48  piezo¬ 
electric  accelerometer  instrumentation  chan¬ 
nels  were  recorded  for  each  run.  All  response 
accelerometers,  except  those  used  for  excitation 
control,  were  in  the  same  position  in  the  space¬ 
craft  and  fixture  tests. 

SUMMARY  OF  RESULTS 

Averaging  Large  Collections 
of  Vibration  Data 

The  results  of  the  data  study  can  be  grouped 
into  two  categories.  The  first  category  of  re¬ 
sults  concerns  methods  of  averaging  large 
amounts  of  vibration  data  to  reduce  the  volume 
of  data  and  obtain  consistent  significant  trends. 
This  data  study  resulted  from  the  realization 
that  some  sort  of  averaging  was  necessary  to 
reduce  the  volume  of  vibration  data  and  to  bring 
forth  the  most  important  features  of  the  assem¬ 
bly  vibration  behavior.  However,  at  the  onset 
of  the  program,  we  did  not  know  how  much 
sophistication  in  the  averaging  techniques  would 
be  necessary  to  bring  out  the  important  vibra¬ 
tion  characteristics  and  to  minimize  the  noise 
associated  with  fine-scale  details. 

The  results  of  the  study  indicate  that  sur¬ 
prisingly  little  sophistication  is  necessary  for 
effective  averaging.  For  example,  the  gross 
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average  spectra  (a*  "raged  over  all  spatial 
regions,  measurement  axes,  and  excitation 
axes),  shown  in  Fig.  4,  illustrate  many  impor¬ 
tant  features  of  the  assembly  vibration  envi¬ 
ronment  that  could  not  be  discerned  readily 
from  any  single  measurement.  Our  results 
also  indicate  that  more  complex  tv  "raging 
techniques  (in  which  different  spatial  regions, 
measurement  axes,  and  excitation  axes  were 
treated  separately)  reveal  surprisingly  little 
new  information  not  contained  in  the  gross 
average  spectra  of  Fig.  4.  Thus,  it  appears 
that  a  "law  of  diminishing  returns"  governs  the 
results  of  the  various  averaging  techniques  em¬ 
ployed.  Of  course,  one  might  argue  that  the 
electronic  assembly  shown  in  Fig.  2  is  a  rela¬ 
tively  simple  structure  compared  to  other 
aerospace  structures  (or  in  some  cases,  en¬ 
sembles  of  structures)  which  are  of  interest  in 
vibration  data  analysis  programs.  However, 
even  in  cases  involving  more  complex  struc¬ 
tures,  it  seems  reasonable  that  the  first  cut  in 
the  data  analysis  might  well  be  a  very  gross 
average  of  all  the  data.  These  gross  averages 
will  often  suggest  examination  of  individual 
measurements  or  formulation  of  more  detailed 
averages. 


It  is  of  additional  interest  to  note  that  ran¬ 
dom  excitation  data  were  used  to  compute  the 
average  spectra  shown  in  Fig.  4,  since  the 
sinusoidal  data  were  not  available  in  digital 
form.  The  study  indicates  that  the  results  of 
random  excitation  tests,  which  are  often  more 
realistic  than  high-frequency  sine-sweep  tests, 
can  be  used  efficiently  to  investigate  the  vibra¬ 
tion  characteristics  of  complex  structures. 


Differences  Between  Assembly- Level 
and  Spacecraft- Level  Vibration  Tests 

The  second  category  of  results  is  con¬ 
cerned  with  under  standing  the  differences  in  the 
vibration  behavior  of  the  assembly  between  the 
fixture  and  spacecraft  tests.  Figure  4  illus¬ 
trates  some  of  the  differences  in  the  vibrri.ion 
environment  in  the  two  types  of  test,  and  Table 
1  summarizes  the  results  of  a  more  detailed 
investigation  of  the  differences. 

Referring  to  Fig.  4,  the  large  peak  at  ap¬ 
proximately  1200  Hz  in  the  average  response 
spectrum  for  the  fixture  test  is  associated  with 
resonance  of  the  test  fixture,  and  thus  is  not 
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Fig.  4  -  Comparison  of  average  response  spectra  of  electronic 
assembly  in  fixture  and  spacecraft  random  excitation  tests 
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TABLE  1 

Comparison  of  Electronic  Assembly  Vibration  Environments 
in  Fixture  and  Spacecraft  Tests 


Source  of 
Difference 

Fixture  Tests 

Spacecraft  Tests 

Characteristics 

Pronounced  fixture  resonance 

No  fixture  resonance  problems 

FLxture  provides  coherent  excitation 

Spacecraft  provides  relatively 
incoherent  excitation 

Resonant  response  of  module  boards 
governs  vibration 

Above-resonance  response  of  spacecraft 
modes  governs  vibration 

Excitation  axis  is  important  except  at 
high  frequencies 

Excitation  axis  is  relatively  unimportant 

i 

Module  boards  vibrate  as  rigid  bodies  at 
low  frequencies,  as  cantilevers  at  in¬ 
termediate  frequencies  and  as  a  dif¬ 
fuse  field  at  high  frequencies 

Module  board  vibration  characteristics 
are  similar  to  those  in  fixture  tests 

Average  response  is  linear  with  small 
deviations  from  linear  behavior 

Average  re*  K>nse  is  slightly  nonlinear 
with  larger  deviations  from  linear  be¬ 
havior  than  in  fixture  tests 

Levels 

High  levels  at  intermediate  frequencies 

High  levels  at  low  frequencies 

Roll-off  in  response  at  frequencies 
above  700  Hz 

Roll-off  in  response  at  frequencies 
above  100  Hz 

Relatively  large  variations  in  chassis 
plate  response  but  smaller  variations 
in  module  board  response 

Roughly  the  same  magnitude  variations 
in  chassis  plate  and  module  board 
response 

Variations  in  response  decrease  with 
Increasing  frequency 

Variations  in  response  fairly  uniform 
with  frequency 

characteristic  of  the  assembly  vibration.  In  the 
fixture  test  the  average  response  spectrum  is 
characterized  by  six  response  peaks  in  the  fre¬ 
quency  range  from  350  to  700  Hz  and  then  a 
roll-off  in  response  of  approximately  12  db/ 
octave  at  higher  frequencies.  These  six  peaks 
are  associated  with  the  fundamental  plate -mode 
resonances  of  tne  electronic  modules  (Fig.  3) 

The  chassis  plate  (Fig.  1)  to  which  these  modules 
are  attached  acta  to  couple  these  module  modes 
together  and  split  the  resonance  frequencies 
apart.  It  is  interesting  to  note  that  the  12  db/ 
octave  roll-off  m  the  response  at  high  frequen¬ 
cies  corresponds  to  the  theoretical  result  for 
the  response  of  plate  modes  excited  above  reso¬ 
nance  by  motion  of  the  supports  [l]. 

In  the  spacecraft  tests,  the  average  response 
spectrum  in  Fig.  4  indicates  that  the  overall 
spacecraft  modes  superimpose  on  die  low- 
frequency  end  of  the  assembly  vibration 


spectrum,  and  an  attenuation  associated  with 
the  vibration  transmission  through  the  space¬ 
craft  structu.  i  superimposes  on  the  high- 
frequency  portion  of  the  spectrum.  The  results 
of  more  detailed  averaging  Indicate  that  the 
direction  of  the  excitation  becomes  insignificant 
in  the  spacecraft-level  tests,  particularly  at  the 
higher  frequencies.  The  results  also  indicate 
that  at  low  frequencies  the  variation  in  the  as¬ 
sembly  response  Is  less  in  the  spacecraft  tests 
than  in  the  fixture  tests. 

The  study  suggests  some  recommendations 
for  more  realistic  fixture -mounted  tests  of  indi¬ 
vidual  assemblies  in  future  spacecraft  programs. 
Figure  4  indicates  that  future  assembly-level 
tests  should  have  less  weight  at  high  frequen¬ 
cies  to  be  equivalent  to  spacecraft-level  tests. 
The  test  results  also  suggest  a  means  of  avoid¬ 
ing  the  problems  associated  with  f  ixture  reso¬ 
nance  in  future  assembly- level  tests.  In  the 
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spacecraft  tests  the  structure  holding  the  as¬ 
sembly  has  a  complex  modal  pattern  throughout 
most  of  the  frequency  range  of  interest.  This 
suggests  that  a  comparable  "multimodal"  mount¬ 
ing  be  utilized  hi  future  assembly-level  tests. 

It  is  not  difficult  to  visualize  such  a  supporting 
structure,  and  some  model  experiments  along 
these  lines  have  been  performed  [2j.  Additional 
recommendations  for  future  random  vibration 
tests  are  contained  in  the  final  section  of  this 
paper. 


DETAILED  INVESTIGATION  OF 
ELECTRONIC  ASSEMBLY 
VIBRATION  ENVIRONMENT 

The  vibration  environment  of  the  electronic 
assembly  can  be  explored  in  more  detail  by 
treating  different  spatial  regions,  measurement 
axes,  and  excitation  axes  individually  in  the  re¬ 
sponse  averages.  The  spatial  regions  consid¬ 
ered  are  the  chassis  plate,  the  module  ears, 
and  the  module  boards.  No  distinction  is  made 
among  measurements  on  the  five  different 
modules,  so  in  every  case  the  results  represent 
the  average  vibration  environment  of  all  the 
modules. 


Figure  5  illustrates  the  average  response 
spectra  of  the  chassis  plate  for  different  exci¬ 
tation  and  measurement  axes  in  the  fixture 
random  excitation  tests.  In  each  case  the  exci¬ 
tation  and  measurement  axes  coincide.  The 
large  peak  at  approximately  1200  Hz  occurs 
only  for  x-axis  excitation.  The  fact  that  the 
1200-Hz  peak  is  characteristic  of  one  excitation 
axis  in  the  fixture  tests  and  is  absent  in  the 
spacecraft  tests  suggests  strongly  that  this 
peak  is  associated  with  a  fixture  resonance. 

The  five  peaks  between  350  and  700  Hz  in 
the  y-axis  response  of  Fig.  5  are  very  distinct. 
These  peaks  are  associated  with  resonance  of 
the  fundamental  plate -modes  of  the  module 
boards.  (In  experiments  conducted  at  JPL,  the 
fundamental  mode  of  a  typical  module  board 
was  found  to  resonate  at  approximately  380  Hz.) 
Since  Fig.  5  indicates  that  excitation  normal  to 
the  chassis  plate  is  a  good  exciter  of  the  module 
modes,  the  chassis  plate  must  be  strongly  cou¬ 
pled  to  the  module  modes  in  this  frequency 
range.  The  multiplicity  of  peaks  between  350 
and  700  Hz  reflects  splitting  in  the  resonance 
frequencies  of  the  various  boards  introduced  by 
the  chassis  plate  coupling.  The  x-  and  z-axis 
responses  in  Fig.  5  indicate  that  the  chassis 


Fig.  5  -  Average  response  spectra  of  chassis  plate 
in  fixture  random  excitation  tests 
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plate  remains  stiff  in  its  own  plane  over  the  en¬ 
tire  frequency  range  of  interest. 

Figure  6  shows  the  average  response  spec¬ 
tra  of  the  chassis  plate  for  different  ey.itation 
and  measurement  axes  in  the  spacecraft  random 
excitation  tests.  In  each  case  the  excitation  and 
measurement  axes  coincide.  Notice  that  the 
1200- Hz  peak  in  the  fixture  test  response  is 
absem  in  the  spacecraft  test  response.  At  the 
lower  frequencies,  excitation  perpendicular  to 
the  module  beards  (z-axis)  and  perpendicular 
to  the  chassis  plate  (y-axis)  are  better  exciters 
than  excitation  in  the  plane  of  the  module  boards 
and  chassis  plate  (x-axis). 

The  peak  at  approximately  100  Hz  in  the  z- 
axis  response  must  reflect  a  spacecraft  reso¬ 
nance,  since  the  chassis  plate  is  stiff  in  its  own 
plane.  All  the  response  curves  in  the  spacecraft 
test  exhibit  several  gross  low-frequency  reso¬ 
nances  superimposed  on  a  roll-off  in  response 
with  increasing  frequency.  The  response  of  the 
assembly  in  the  spacecraft  tests  reflects  pri¬ 
marily  the  above-resonance  motion  of  low- 
frequency  overall- spacecraft  modes.  The  roll¬ 
off  in  the  assembly  response  with  increasing 
frequency  can  be  explained  either  in  terms  of 
high-frequency  isolation  provided  by  the  "soft" 


spacecraft  mounting  or  in  terms  of  an  attenua¬ 
tion  of  vibrational  energy  at  high  frequencies 
as  one  moves  away  from  the  base  of  the  space¬ 
craft. 

Notice  from  Fig.  6  that  the  direction  of  ex¬ 
citation  becomes  unimportant  in  determining 
the  response  at  frequencies  above  approxi¬ 
mately  300  Hz.  This  lack  of  dependence  of  the 
response  on  the  excitation  axis  indicates  that  at 
frequencies  above  300  Hz  the  excitation  at  the 
base  of  the  spacecraft  diffuses  in  direction  by 
the  time  it  reaches  the  electronic  assembly. 
Thus,  in  random  vibration  tests  of  complex 
structures,  excitation  along  a  single  axis  is 
probably  sufficient  at  high  frequencies. 

The  absence  in  Fig.  6  of  any  pronounced 
response  peaks  in  the  350-  to  700-Hz  frequency 
range  may  appear  somewhat  puzzling.  One 
might  expect  the  chassis-plate  module-board 
modes,  evident  in  the  fixture  test  response  of 
Fig.  5,  to  superimpose  on  the  spacecraft  re¬ 
sponse.  However,  the  spacecraft  test  results 
indicate  that  these  modes  are  not  excited  to  any 
considerable  extent  in  the  spacecraft  tests.  One 
explanation  for  the  fact  that  these  modes  are 
not  excited  lies  in  the  possibility  that  the  rela¬ 
tively  flexible  spacecraft  mounting  behaves  like 


Frequency  (Hi) 

Fig.  6  -  Average  response  spectra  of  chassis  plate 
in  spacecraft  random  excitation  tests 
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an  Incoherent  excitation  source  in  the  fre-  as  ii  they  are  cantilevered  from  the  chassis 

quency  range  of  interest.  Previous  research  plate.  (The  module  board  frames  are  bolted  to 

[3]  indicates  that  incoherent  vibration  fields,  the  chassis  plate  and  to  the  mounting  racks  at 

characteristic  of  aerospace  structures  at  mod-  the  module  ears.)  It  is  not  difficult  to  envision 

erately  high  frequencies,  are  inefficient  sources  a  set  of  modes  in  which  the  module  boards  vi- 
of  excitation  for  single-degree-of-freedom  sys-  brate  like  cantilevers,  and  the  chassis  plate 
terns,  compared  with  coherent  vibration  sources.  bending- vibration  wavelength  determines  the 

(Equation  17  of  Ref.  3  shows  that  the  energy  relative  phase  between  the  motion  of  the  indi- 

transferred  from  the  plate  to  the  connected  vidual  modules.  At  the  higher  frequencies,  the 

oscillator  is  proportional  to  the  average  modal  response  spectra  indicate  that  the  vibration  of 

energy  of  the  plate.  Thus,  for  a  given  vibration  the  module  boards  is  diffuse, 
level  on  the  plate,  the  energy  transferred  Is 

inversely  proportional  to  the  number  of  plate  Figure  7  presents  a  comparison  of  excita- 

modes  which  contribute  to  the  vibration  level  tion  and  response  spectrum  ratios  in  the  fixture 

of  the  plate.)  The  observation  that  the  space-  random  excitation  tests.  The  flat  line  at  4.5  db 

craft  vibration  environment  is  diffuse  above  represents  the  ratio  of  high-level  to  low-level 

approximately  300  Hz  lends  credence  to  the  excitation  spectra,  and  the  response  ratio  curves 

Incoherent  source  argument.  represent  the  ratio  of  the  responses  in  high- 

level  tests  to  the  responses  in  low-level  tests. 

Average  response  spectra  at  different  posi-  Thus,  if  the  system  were  perfectly  linear,  the 
tions  on  the  module  boards  show  similar  char-  response  ratio  curves  would  coincide  with  tne 

aeteristics  in  the  fixture  and  spacecraft  random  excitation  ratio  line.  When  the  response  ratio 

excitation  tests.  The  responses  at  the  three  ac-  curves  lie  below  the  excitation  ratio  line,  the 

celerometer  positions  of  Fig.  3  are  identical  at  results  suggest  common  types  of  nonlinear  be¬ 
low  frequencies,  indicating  that  the  module  havior  such  as  hardening  spring  and  amplitude- 

boards  move  as  rigid  bodies.  In  the  frequency  dependent  damping.  When  the  response  ratio 

range  of  the  module  board  fundamental  reso-  curves  lie  above  the  excitation  ratio  line,  the 

nances,  the  response  amplitude  of  the  module  results  suggest  spuriou3  or  unexplained  behav- 

boards  decreases  as  one  moves  from  the  tip  to  ior.  Figure  7  indicates  that  the  average  re- 

the  base.  The  module  boards,  therefore,  behave  sponse  spectra  (averaged  over  measurement 


Frequen:y  (Hi) 

Fig.  7  -  Comparison  of  excitation  and  response  spectrum 
ratios  in  fixture  random  excitation  tests 
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location,  excitation  axes,  and  measurement  axes) 
of  the  assembly  behave  essentially  linearly  over 
the  frequency  range  of  interest.  In  addition  to 
the  ratio  of  average  responses,  we  have  also 
plotted  in  Fig.  7  response  ratios  for  two  parti¬ 
cular  response  measurements  which  show  devia¬ 
tion  from  the  average  linear  behavior.  However, 
no  explanation  of  these  exceptional  cases  is 
available. 

In  the  spacecraft  test  the  average  response 
spectra  show  a  slight  nonlinear  behavioi ,  pre¬ 
dominantly  in  the  low-frequency  range.  This 
nonlinear  behavior  in  the  spacecraft  tests  at  low 


include  diiferent  measurement  locations,  meas¬ 
urement  axes,  and  excitation  axes.  Figure  8 
indicates  that  the  chassis  plate  response  data 
show  considerably  less  scatter  in  the  space¬ 
craft  test  than  in  the  fixture  test.  This  result 
is  not  unexpected,  since  previous  research  [4] 
has  shown  that  the  spatial  variation  in  response 
is  inversely  proportional  to  the  number  of  ran¬ 
domly  excited  modes  which  contribute  to  the 
response.  The  result  is  in  the  form  of  a  central 
limit  theorem  which  states  that  the  variance  of 
the  sum  will  diminish  inversely  as  the  number 
of  contributing  terms.  Thus,  in  the  spacecraft 
test,  where  a  large  number  of  spacecraft  modes 


Fre<(uency  (Hz) 


Fig.  8  -  Comparison  of  chassis  plate  response  averages  and  extremes 
in  fixture  and  spacecraft  random  excitation  tests 


frequencies  possibly  reflects  the  fact  that  at 
low  frequencies  the  specified  acceleration  lev¬ 
els  result  in  relatively  large  motions  In  some 
local  regions  of  the  complex  spacecraft  struc¬ 
ture. 

To  provide  an  indication  of  the  typical 
means  and  extremes  encountered,  Fig.  8  pre¬ 
sents  a  comparison  of  the  chassis  plate  re¬ 
sponse  averages  and  95th  percentile  levels 
between  the  fixture  and  spacecraft  random  ex¬ 
citation  tests.  The  95th  percentile  levels  are 
based  on  a  log-normal  distribution.  The  data 


can  couple  into  the  assembly  via  the  flexible 
spacecraft  mounting,  the  variation  in  response 
is  small.  In  the  fixture  test,  where  only  the 
rigid  body  mode  of  the  fixture  is  excited,  the 
variation  in  response  is  large. 

On  the  other  hand,  calculation  of  the  means 
and  extremes  of  the  module  board  response  in¬ 
dicates  that  the  response  variation  in  the  fixture 
test  is  comparable  to  the  scatter  in  the  space¬ 
craft  test.  Thus,  the  variation  in  response  in  the 
fixture  tests  decreases  as  one  moves  further  into 
the  electronic  assembly  —  away  from  the  fixture. 
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Figure  9  shows  the  ratio  of  the  module 
board  average  response  in  the  spacecraft  test 
to  the  average  response  in  the  fixture  test.  The 
data  represent  an  average  over  measurement 
positions  and  excitation  axes.  The  measurement 
axis  in  every  case  is  perpendicular  to  the  mod¬ 
ule  boards.  Figure  9  indicates  that  the  response 
of  the  module  boards  in  the  spacecraft  tests  ex¬ 
ceeds  the  response  in  the  fixture  tests  at  low 
frequencies,  and  hence  the  fixture  tests  under¬ 
test  the  assembly.  However,  at  high  frequencies 
(above  approximately  200  Hz)  the  response  in 
the  fixture  tests  exceeds  the  response  in  the 
spacecraft  tests,  and  hence  the  fixture  tests 
overtest  the  assembly.  It  is  clear  that  some 
frequency  shaping  of  the  fixture-test  excitation 
spectrum  is  necessary  to  achieve  realistic 
assembly-level  testing. 


the  light  of  the  small  deviations  from  linearity 
observed. 

It  should  be  pointed  out  that  even  though  the 
proposed  shaping  of  the  excitation  spectrum 
would  produce  equivalent  response  on  the  mod¬ 
ule  boards  in  the  iwo  tests,  the  response  of  the 
chassis  plate  might  well  be  higher  in  the  space¬ 
craft  test  since  the  chassis  plate  is  a  less  effi¬ 
cient  exciter  in  the  spacecraft  tests,  where  the 
exci  n  is  incoherent.  This  example  bears 
out  thv  _-int  that  it  is  usually  not  possible  to 
simulate  the  response  in  every  part  of  a  com¬ 
plex  structure. 

The  results  of  this  discussion  of  the  differ¬ 
ences  in  the  electronic  assembly  vibration  en¬ 
vironments  in  the  fixture  and  spacecraft  tests 
are  summarized  in  Table  1. 


Fig.  9  -  Ratio  of  module  board  average  response  in  spacecraft 
tests  to  average  response  in  fixture  tests 


The  curve  in  Fig,  9  can  also  be  interpreted 
as  the  spectral  density  levels  (in  decibels)  which 
must  be  added  to  the  fixture-test  excitation  spec¬ 
trum  to  achieve  identical  response  of  the  module 
boards  in  the  two  tjrpes  of  test.  The  preceding 
statement  is  based  on  the  assumption  that  the 
spacecraft  and  assembly  behave  linearly  in  the 
two  tests.  This  assumption  seems  justified  in 


RECOMMENDATIONS  FOR 
FUTURE  TESTS 

The  results  of  this  study  suggest  the  follow¬ 
ing  recommendations  for  future  high-frequency 
vibration  tests  of  aerospace  structure: 

1.  Develop  and  utilize  multimodal  test  fix¬ 
tures  or  mounting  structures  to  avoid  fixture 
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resonance  problems  and  to  provide  more  real¬ 
istic  excitation  sources.  In  spite  of  consider¬ 
able  effort  to  design  vibration  test  fixtures  as 
rigidly  as  possible,  the  first  bending  resonance 
of  conventional  fixtures  often  occurs  within  the 
frequency  range  of  interest  (approximately  1200 
Hz  for  the  Mariner  C  electronic  assembly  fix¬ 
ture).  As  Fig.  4  illustrates,  fixture  resonance 
problems  can  easily  result  in  extremely  mis¬ 
leading  vibration  data  In  addition,  the  coherent 
source  of  excitation  provided  by  a  rigid  fixture 
is  unrealistic  and  often  results  in  severe  over¬ 
testing. 

The  fact  that  resonance  problems  and 
coherent  rigid  body  motion  are  not  characteris¬ 
tic  of  typical  aerospace  structure  suggests  a 
means  of  alleviating  these  problems  —  design 
fixtures  of  light,  flexible,  multi-modal  con¬ 
struction  to  simulate  aerospace  structures. 

We  have  investigated  the  use  of  multimodal  fix¬ 
tures  briefly,  and  the  results  of  our  investiga¬ 
tion  look  encouraging. 

2.  Shape  the  excitation  spectrum  in 
assembly-levtl  tests  to  compensate  for  the 
structural  filtering  which  occurs  in  spacecraft- 
level  tests  and  under  in-fligi::  excitation  condi¬ 
tions.  Figure  9  indicates  that  mechanical  vi¬ 
bration  transmission  through  the  spacecraft 
results  in  amplification  at  low  frequencies  and 
attenuation  at  high  frequencies.  These  results 
indicate  that  assembly-level  vibration  tests  on 
spacecraft  like  Mariner  C  should  have  in¬ 
creased  weight  at  low  frequencies.  In  contrast, 
results  from  other  programs,  involving  the  use 
of  mechanical  vibration  tests  to  simulate  acous¬ 
tic  excitation,  indicate  that  the  vibration  tests 
should  have  increased  weight  at  high  frequen¬ 
cies  to  be  equivalent  to  acoustic  excitation.  This 
apparent  contradiction  points  out  the  necessity 
of  understanding  the  relative  importance  of  vi¬ 
bration  and  acoustic  transmission  paths  in  future 
aerospace  structures.  Some  investigations  of 
the  vibration  and  acoustic  transmission  paths 

in  the  OGO  and  Surveyor  spacecraft  are  in 
progress  [5,6], 

3.  Exploit  simplifications  in  testing  proce¬ 
dures  which  are  afforded  by  the  diffuse  property 
of  high-frequency  vibrations  in  complex  struc¬ 
tures.  The  results  of  this  study  indicate  that  in 
many  ases  the  direction  or  exact  location  of 
the  excitation  source  is  relatively  unimportant 
in  determining  the  response.  These  results 
suggest  that  in  the  future  it  may  not  be  neces¬ 
sary  to  perform  random  vibration  tests  along 
three  different  excitation  axes  —  a  test  along 
only  one  axis  may  suffice.  In  addition,  the  pos¬ 
sibility  of  utilizing  a  number  of  small  mechani¬ 
cal  shakers  attached  directly  to  the  test  item 
should  be  investigated. 


4.  Us“  experimental  data  from  various 
spacecraft  test  programs  to  investigate  broad¬ 
band  vibration  transmission  in  complex  struc¬ 
tures.  Although  each  spacecraft  and  vehicle  is 
structurally  different,  we  believe  that  the  trans¬ 
mission  of  high-frequency  vibration  in  complex 
structures  depends  largely  on  a  few  character¬ 
istic  properties  of  the  structure. 

The  results  from  a  large  number  of  pro¬ 
grams,  involving  a  wide  range  of  structural  con¬ 
figurations,  should  be  analyzed  to  determine  the 
dependence  of  vibration  transmission  on  such 
structural  properties  as  length  of  transmission 
path,  mass  of  typical  elements,  average  modal 
density,  and  internal  damping.  The  results  of 
such  a  data  analysis  program  should  include 
both  average  and  extreme  values  of  transfer 
functions  as  a  function  of  the  most  significant 
structural  characteristics.  The  results  would 
provide  guidelines  and  checkpoints  for  theoreti¬ 
cal  work  as  well  as  empirical  prediction  tech¬ 
niques  for  immediate  applicability. 

5.  Conduct  test  programs  and  data -study 
programs  concurrently.  The  advantages  af¬ 
forded  by  combining  experimental  and  theoreti¬ 
cal  efforts  in  an  integrated  fashion  are  well 
known.  Unfortunately,  in  the  case  of  large  pro¬ 
grams  involving  many  people  and  a  large  amount 
of  equipment,  it  is  not  always  possible  to  realize 
these  advantages  fully.  However,  we  recommend 
that  preliminary  data  be  analyzed  early  in  test 
programs  to  suggest  additional  and  more  mean¬ 
ingful  tests.  For  example,  one  might  average 
together  all  the  preliminary  data  for  a  given 
type  of  test  to  obtain  a  crude  picture  of  the  vi¬ 
bration  behavior  such  as  that  in  Fig.  4. 

6.  De-emphasize  high-frequency  sine- 
sweep  tests.  It  is  well  known  that  random 
qualification  tests  offer  several  advant;iges 
over  sine -sweep  tests  —  for  example,  random 
tests  are  less  time  consuming  and  usually  more 
realistic.  The  results  of  this  study  indicate 
that  random  excitation  can  also  be  used  in  diag¬ 
nostic  tests  to  uncover  the  important  vibration 
characteristics  of  complex  structures  at  high 
frequencies.  Of  course,  random  tests  do  not 
provide  detailed  information  available  from 
sine- sweep  and  relative  phase  data,  but  at  fre¬ 
quencies  much  above  200  Hz  it  is  difficult  (and 
usually  unnecessary)  to  determine  the  exact 
resonance  frequencies  and  mode  shapes  of 
complex  structures.  To  make  the  r:ost  efficient 
use  of  test  facilities,  we  recommend  that  sine- 
sweep  tests  of  complex  structures  be  avoided 

in  the  high-frequency  range  (above  a  few  hun¬ 
dred  Hertz). 
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ACOUSTICALLY  INDUCED  VIBRATION  TESTING 
OF  SPACECRAFT  COMPONENTS 


Richard  W.  Peverlev 
General  Electric  Company 
Houston,  Texas 


The  need  for  vibration  test  techniques  that  provide  more  realistic  sim¬ 
ulation  of  vibration  environments,  without  excessive  overtesting,  is  ex¬ 
tremely  urgent.  The  problem  of  improper  impedance  matching  associ¬ 
ated  with  electromechanical  shaker  testing  has  long  been  recognized. 
Unfortunately,  the  use  of  impedance  testing  techniques  for  wholesale 
qualification  testing  is  not  compatible  with  current  spacecraft  program 
budgets  and  schedules.  The  approach  described  utilizes  methods  of 
acoustically  inducing  vibration  into  simulated  structural  segments  to 
which  components  are  attached.  This  technique  has  received  very 
limited  use  on  early  programs.  Recently,  however,  acoustically  in¬ 
duced  vibration  testing  was  used  extensively  to  qualify  Apollo  equip¬ 
ment.  Approximately  70  components  were  tested  on  two  distinct  struc¬ 
tural  simulators.  One  simulator  duplicated  a  segment  of  the  Apollo 
Service  Module  radial  beam.  The  acoustic  spectrum  was  shaped  to 
produce  vibration  levels  which  satisfied  the  vibration  test  criteria.  The 
second  simulator  was  a  half  section  of  a  service  module  which  was  ex¬ 
cited  by  acoustic  energy  duplicating  the  "worst  case"  flight  environment. 
This  test  program  provided  an  excellent  simulation  of  predicted  flight 
environments  plus  a  reasonable  margin  of  safety. 

A  description  of  the  use  of  acoustically  induced  vibration  methods  in  a 
mission  or  space  vehicle  qualification  program  and  a  discussion  of  the 
advantages  and  shortcomings  of  the  methods  is  also  included. 


B  Peverley 


INTRODUCTION 

Acoustic  simulation  has  been  used  as  an 
Interim  method  of  determining  flight  vibration 
environments.  Specifications  could  be  derived 
from  these  data  and  equipment  could  then  be 
tester  on  electromechanical  shakers.  As  flight 
data  became  available,  specifications  could  be 
modified  to  reflect  the  true  mission  vibration 
levels.  The  addition  of  man  as  an  Integral  part 


of  a  spacecraft  system,  however,  has  created 
new  problems  that  require  a  substantial  revi¬ 
sion  of  this  approach.  These  problems  Include 
the  following: 

1.  A  significant  number  of  advances  have 
been  made  In  manned  spacecraft  structural  de¬ 
sign  techniques  and  structural  materials  result¬ 
ing  In  lighter  weight  structure  which,  very  often, 
Is  more  responsive  to  acoustic  and  vibration 
excitation.  Unfortunately,  knowledge  of  vibration 
analysis  and  testing  methods  has  not  advanced 

as  rapidly. 

2.  Manned  spacecraft  often  require  exter¬ 
nal  devices,  such  as  escape  towers  and  reaction 
engines,  which  produce  high  aerodynamic  exci¬ 
tation  environments.  The  higher  thrust  boosters 
also  produce  higher  rocket  engine  noise  levels 
at  lift-off,  although  these  higher  levels  are  par¬ 
tially  offset  by  the  Increased  distance  from  the 
noise  source  to  the  spacecraft. 
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3.  Most  spacecraft  have  little  development 
flight  testing  and  units  must  often  be  qualified 
for  the  first  spacecraft  flight. 

4.  The  configuration  of  many  manned 
spacecraft  vary  from  flight  to  flight.  With  the 
use  of  lightweight  structure,  the  removal  or 
addition  of  components  can  produce  significant 
changes  in  the  vibration  response. 

5.  Rigid  schedules  often  minimize  the  em¬ 
ployment  of  rigorous  developmental  vibration 
testing.  Continuous  budget  adjustments  can  also 
result  in  reduction  of  some  developmental  test¬ 
ing.  All  necessary  testing  to  insure  crew  safety 
and  mission  success  is,  of  course,  conducted. 
Tests  that  give  additional  confidence  or  provide 
additional  insight  must  often,  however,  give  way 
to  tests  more  directly  concerned  with  crew 
safety. 

6.  Current  prediction  techniques  and  elec¬ 
tromechanical  shaker  test  methods  can  contain 
enough  conservatism  to  produce  failures  in  com¬ 
ponents  that  are  flightworthy  in  their  natural  en¬ 
vironment.  Some  conservatism  is,  of  co’irse, 
required  but  should  be  of  a  reasonable  and  known 
magnitude . 

One  possible  approach  to  solving  these  prob¬ 
lems  is  the  use  of  acoustically  excited  structural 
segments  for  both  the  prediction  of  vibration  en¬ 
vironments  and  for  vibration  qualification  test¬ 
ing.  Such  a  method  was  used  during  the  Apollo 
program.  Acoustic  tests  were  conducted  on  a 
lull-scale  structure,  and  the  resulting  vibration 
level3  were  used  to  derive  test  criteria.  Some 
vibration  qualification  testing  was  then  conducted 
by  exciting  structural  segments  with  acoustic 
energy  sufficiently  high  to  produce  vibration 
levels  equal  to  the  test  criteria.  This  test  pro¬ 
gram  demonstrated  that  this  approach  has  many 
advantages  and  should  be  considered  for  u^e  on 
future  programs. 

This  paper  presents  a  general  description 
of  the  tests  conducted  and  a  few  examples  of  the 
results.  The  advantages  and  disadvantages  of 
this  approach  are  also  discussed.  Since  the  pur¬ 
pose  of  the  paper  is  to  present  an  insight  into 
test  techniques,  many  of  the  important  details 
must  be  omitted.  In  addition,  some  of  the  more 
rigorous  investigation  required  to  answer  some 
o!  the  open  questions  is  still  being  conducted. 


BACKGROUND 

As  previously  mentioned,  acoustic  excita¬ 
tion  of  structural  segments  has  been  used  ex¬ 
tensively  as  a  means  of  predicting  vibration 


environments  but  was  seldom  utilized  for  quali¬ 
fication  testing,  although  such  an  approach  was 
proposed  several  years  ago  [l].  Some  acousti¬ 
cally  induced  vibration  testing  was  conducted  on 
the  Titan  program  for  system  level  qualification 
tests  with  satisfactory  Tesults. 

A  requirement  for  additional  vibration  test¬ 
ing  of  Apollo  hardware  was  generated  after  the 
formal  qualification  program  had  started  and  at 
vibration  levele  exceeding  those  used  for  design 
and  qualification.  Thus,  some  method  had  to  be 
found  to  improve  the  vibration  simulation.  The 
dynamic  environments  and  the  structural  con¬ 
figuration  of  the  Apollo  Service  Module  were 
such  that  acoustically  induced  vibration  testing 
was  feasible. 

An  example  of  the  sound  pressure  levels 
measured  during  Apollo  Boilerplate  flights  and 
wind  tunnel  tests  is  shown  in  Fig.  1.  The  data 
show  a  scatter  of  as  much  as  12  db.  A  differ¬ 
ence  of  as  much  as  2  db  could  be  attributed  to 
differences  in  trajectory  and  another  2  db  to 
angle  of  attack.  There  is  no  precise  explana¬ 
tion  for  the  additional  scatter.  A  spatial  aver¬ 
age  sound  pressure  level  time  history  for  the 
Apollo  Service  Module  is  shown  in  Fig.  2.  The 
lift-off  and  Q  max  sound  pressure  levels  are 
similar  in  both  spectral  distribution  and  ampli¬ 
tude.  The  transient  near  Mach  1  is  believed  to 
be  associated  with  a  momentary  flow  separation 
from  the  shoulder  where  the  Command  and 
Service  Module  are  joined.  The  spectrum  shape 
for  all  the  conditions  is  similar  and  has  a  broad 
peak  between  80  and  160  cps  with  an  approxi¬ 
mate  6-db  roll-off  on  either  end. 

A  cutaway  view  of  the  Apollo  Service  Mod¬ 
ule  is  shown  in  Fig.  3.  The  shell  is  composed 
of  1-in.  thick  honeycomb  panels.  Six  radial 
beams  extend  inward  from  the  shell  to  take 
shear  loads.  These  beams  are  a  web-stringer 
design  made  from  chem-milled  aluminum.  The 
web  thickness  is  0.018  in.  The  beams  divide 
the  Service  Module  into  six  sectors,  four  con¬ 
taining  fuel  tanks  and  two  containing  equipment 
shelves.  Equipment  is  also  located  on  forward 
and  aft  bulkheads. 

It  is  obvious  that  this  type  of  structure  is 
highly  responsive  and  that  the  vibration  spec¬ 
trum  can  vary  greatly  from  point  to  point.  It  is 
also  obvious  that  the  driving  point  impedance 
will  vary  throughout  the  structure  and  that  the 
differences  in  the  spacecraft  installation  and 
the  installation  on  a  shaker  head  are  significant. 
Thus,  acoustically  induced  vibration  testing  ap¬ 
peared  to  be  advantageous  for  this  situation. 
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Fig.  1  -  Distribution  of  sound  pressure  levels  on  Apollo  Com¬ 
mand  and  Service  Modules  as  measured  during  wind  tunnel 
testing  and  Boilerplate  flights;  Mach  number  1.55,  various 
angles  of  attack 


TIME  FROM  LIFT-OFF,  IN  SEC 

Fig.  2  -  Typical  rms  sound  pressure  level 
time  history  for  Apollo  Service  Module 


TEST  PROGRAM 

Two  types  of  tests  were  conducted.  Com¬ 
ponents  mounted  on  the  radial  beam  were  tested 
on  a  simulated  beam  segment  at  the  North 
American  Aviation  Space  and  Information  Sys¬ 
tems  Acoustic  Test  Facility.  All  other  equip¬ 
ment  was  tested  on  a  half-segment  of  an  Apollo 
Service  Module  (referred  to  as  the  180-deg  SM 
segment)  at  the  North  American  Aviation,  Los 


Fig.  3  -  Cutaway  view  of 
Apollo  Service  Module 


Angeles  Division  Acoustic  Test  Facility.  The 
180-deg  SM  segment  was  specially  fabricated 
and  was  geometrically  similar  to  a  Service 
Module  cut  by  a  plane  through  the  longitudinal 
axis.  A  sketch  of  this  setup  is  shown  in  Fig.  4. 

At  the  time  the  tests  were  conducted,  the 
vibration  specifications  had  been  based  on 
acoustic  tests  conducted  on  a  full-scale  Service 
Module,  which  contained  only  a  limited  number 
of  mass  simulated  components.  Thus,  the  data 
from  the  acoustically  induced  vibration  qualifi¬ 
cation  tests  had  to  be  compared  with  data  from 
other  acoustic  tests.  As  flight  data  became 
available,  it  was  possible  to  assess  properly 
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Fig.  4  -  Typical  test  setup  for  180*  SM 
segment  acoustically  induced  vibration 
tests 


Fig.  5  -  Example  of  vibration  levels  meas¬ 
ured  at  base  of  component  during  acousti¬ 
cally  induced  vibration  test  on  simulated 
Service  Module  radial  beam 


the  conservatism  of  the  test,  as  is  described 
later  in  the  paper. 


Radial  Beam  Tests 

Components  normally  mounted  on  the  Serv¬ 
ice  Module  were  tested  on  a  simulated  beam 
segment  which  contained  three  shear  web  panels. 
The  acoustic  spectrum  was  adjusted  to  produce 
a  beam  response  equal  to  the  vibration  test  cri¬ 
teria.  Examples  of  how  well  the  response  could 
be  controlled  are  shown  in  Figs.  5  and  6.  For 
Fig.  5,  the  component  was  mounted  to  a  bracket 
attached  to  the  beam  stringers.  The  example 
shown  in  Fig.  5  was  from  a  large  panel  mounted 
between  stringers.  The  data  in  Fig.  5  show  a 
slight  overtest  while  the  data  from  Fig.  6  com¬ 
pare  very  well. 


180- Degree  Segment  Tests 

The  original  criteria  had  been  derived  from 
a  full-scale  structural  segment  which  contained 
a  very  limited  number  of  components  and  was 
excited  by  a  reverberant  acoustic  field.  Thus, 
it  was  necessary  to  calibrate  the  180-deg  seg¬ 
ment  in  a  plane  wave  field  with  essentially  the 
same  mass  loading.  A  comparison  of  vibration 
measurements  taken  at  identic?  ’  locations  on 


Fig.  b  -  Comparison  of  vibration  test  cri¬ 
teria  and  envelope  of  data  used  in  deriving 
test  criteria  compared  to  data  measured 
at  similar  location  during  acoustically  in¬ 
duced  vibration  tests  on  simulated  radial 
beam 
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the  full-scale  test  and  on  the  180-degSM  segment 
Is  shown  In  Fig.  7.  The  acoustic  excitation  was  at 
J52-db  sound  pressure  level.  The  vibration  re¬ 
sponse  was  duplicated  reasonably  well  except  in 
the  neighborhood  of  100  cps.  It  is  shown  later 
that  this  difference  is  not  significant. 


Fig.  7  -  Comparison  of  vibration  data  meas¬ 
ured  at  same  location  during  180*  SM  seg¬ 
ment  test  and  full-scale  Service  Module  test 
that  was  primary  source  of  data  used  in  de¬ 
riving  vibration  test  criteria;  accelerometers 
located  on  forward  bulkhead 


Components  were  then  mounted  in  their  f  light 
configuration,  and  the  test  was  conducted.  Sev¬ 
eral  testswere  made  so  that  equipment  could  be 
tested  insets,  generally  according  to  subsystem. 
This  approach  combined  maximum  utilization  of 
te3t  facilities  with  minimum  component  monitor¬ 
ing  problems.  Two  examples  of  data  are  shown  in 
Figs.  8  and  9.  In  Fig.  8,  the  addition  of  the  compo¬ 
nent  weight  had  no  significant  effect  on  the  response 
ox  the  bulkhead.  In  Fig.  9,  however  the  differences 
were  large.  Since  the  vibrationtet  levels  had 
originally  been  derivedfrom  an  unloaded  bulk¬ 
head,  the  test  criteria  would  have  been  overly  se¬ 
vere  on  the  component,  as  shown  in  Fig.  9. 

The  tests  were  generally  conducted  at  an 
overall  sound  pressure  level  of  152  db,  which 
simulated  the  spatial  average  aerodynamic  noise 
level  at  Q  max.  The  time  duration  was  2-1/2 
min.  An  additional  test  was  also  conducted  at 
156  db  for  10  sec  to  simulate  the  pressure 
transient  at  Mach  1  (Fig.  3). 
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Fig.  8  -  Comparison  of  vibration  measure¬ 
ments  acquired  on  180*  SM  segment  for¬ 
ward  bulkhead  during  test  with  component 
in  place  and  during  test  with  component 
removed 


Fig.  9  -  Comparison  of  vibration  measure  ¬ 
ments  acquired  on  180“  SM  segment  for¬ 
ward  bulkhead  during  test  with  component 
in  place  and  during  test  with  component 
removed 
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Tho  results  were  very  encouraging.  A  lim¬ 
ited  number  of  failures  occurred,  although  the 
vibration  levels  were  very  high.  When  failures 
did  occur,  it  was  found  that  the  simulated  struc¬ 
ture  was  very  useful  in  searching  for  a  conven¬ 
ient  "fix."  As  a  matter  of  interest,  eight  com¬ 
ponents  were  tested  on  both  the  130- deg  segment 
and  on  shakers.  Four  failures  occurred  during 
the  shaker  tests  with  no  failures  during  the 
acoustic  test.  No  known  vibration  failures  have 
occurred  thus  far  in  flight. 

The  data  acquired  during  the  first  Apollo 
spacecraft  flight  were  used  to  determine  the 
degree  of  simulation  during  the  test.  A  compar¬ 
ison  of  data  taken  at  duplicate  locations  on  the 
outer  skin  of  the  Apollo  Service  Module  during 
flight  and  during  the  full-scale  ground  test  is 
shown  in  Fig.  10.  Obviously,  the  ground  acous¬ 
tic  test  piovided  a  more  severe  vibration  envi¬ 
ronment  than  occurred  during  flight.  Although 
the  work  on  these  data  Is  not  sufficiently  com¬ 
plete  to  provide  a  conclusive  answer,  one  might 
suspect  that  the  difference  in  spatial  correlation 
is  the  largest  factor  in  producing  the  different 
responses.  Thus,  at  frequencies  above  200  cps, 
the  acoustically  induced  vibration  test  provided 
a  safety  factor  slightly  in  excess  of  1.5,  while 
below  200  cps  the  margin  was  much  greater. 
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Fig.  10  -  Comparison  of  data  envelopes  at 
duplicate  points  on  Apollo  Service  Module 
outer  shell  where  data  were  taken  during 
one  Apollo  flight  and  during  acoustic  test 
on  full-scale  Service  Module  structure 


CONCLUSIONS 

Some  of  the  advantages  of  acoustically  in¬ 
duced  vibration  testing  are  as  follows: 

1.  Accurate  duplication  of  mounting  point 
impedance  is  the  most  significant  advantage. 

The  problems  associated  with  the  impedance 
mismatching  inherent  in  most  vibration  qualifi¬ 
cation  testing  being  conducted  today  have  been 
widely  discussed  and  are  not  worth  repeating 
here.  The  accurate  duplication  found  in  this 
type  of  test  does,  however,  allow  the  vibration 
engineer  to  determine  or  specify  the  test  safety 
margin  with  some  reasonable  confidence. 

2.  The  elimination  of  three -axis  testing 
assures  the  reduction  of  fatigue  failures  that 
often  occur  as  a  result  of  overexposure.  At  the 
same  time,  the  acoustically  induced  vibration 
test  does  assure  that  no  cross-coupling  effects 
have  gone  unnoticed. 

3.  The  effect  of  tubing  and  wire  bundles  on 
component  response  can  be  determined.  In  ad¬ 
dition,  tubings  and  fittings  can  also  be  conven¬ 
iently  tested. 

4.  Major  systems  and  subsystems  can  be 
tested  at  the  same  time.  Thus,  convenience  of 
installation  and  monitoring  is  gained  and  the 
effect  of  component  outputs  on  system  perform¬ 
ance  can  be  accurately  determined. 

5.  Possible  structural  modification  can  be 
tested  experimentally  where  localized  responses 
have  produced  component  failures .  Slight  changes 
in  component  location  can  also  be  conveniently 
investigated. 

6.  Changes  in  equipment  configuration  can 
be  conveniently  tested. 

7.  Components  with  dual  attachment  points 
(such  as  one  end  on  the  skin  and  one  end  on  the 
shelf)  can  be  conveniently  tested.  This  situation 
has  always  presented  a  problem  on  shakers, 
particularly  where  the  vibration  levels  at  each 
attachment  point  are  significantly  different. 

t  here  are  several  obvious  disadvantages: 

1.  Large  test  facilities  are  required.  This 
requirement  would  preclude  final  qualification 
testing  being  done  by  a  vendor.  Tests  would  be 
conducted,  instead,  at  the  major  contractor's 
facility.  Such  a  situation  would  require  a  major 
change  in  present  methods  of  writing  contracts 
that  include  qualification  requirements.  Perhaps 
some  development  testing  could  be  accomplished 
at  lower  vibration  amplitudes  to  ferret  out  weak 
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design  with  final  qualification  testing  done  at  the 
major  contractors.  Many  possible  methods  of 
managing  such  a  contract  seem  to  be  feasible, 
however,  and  this  problem  should  not  present 
an  insurmountable  constraint. 

2.  A  better  understanding  of  the  differences 
in  aerodynamic  versus  acoustic  loading  must  be 
obtained.  From  the  figures,  one  could  conclude 
that  some  adjustment  in  the  acoustic  spectrum 
would  have  provided  a  constant  safety  margin. 
Hopefully,  this  difference  will  be  better  under¬ 
stood  in  the  near  future. 

3.  Some  spacecraft  do  not  lend  themselves 
to  acoustically  induced  vibration  testing.  Such 
was  the  case  with  the  Apollo  Command  Module. 
This  vehicle  is  not  symmetrical;  thus,  it  would 
not  have  been  possible  to  conduct  a  segment  test. 
The  cost  of  constructing  a  full-scale  Command 
Module  for  this  type  of  test  was  also  prohibitive. 
Finally  some  equipment  could  not  be  mounted 
without  removing  and  replacing  the  heat  shield 
which  required  a  special  fixture  which  would 
make  such  a  test  time  consuming  and  extremely 
inconvenient.  The  Command  Module  structure, 
however,  is  stiff er  and  less  responsive.  Thus, 
the  vibration  levels  were  lower  and  impedance 
matching  (or  mismatching  as  the  case  may  be) 
did  not  present  such  a  problem. 

Such  a  test  program  is  not  entirely  without 
some  risk  of  over-  or  undertesting.  Comparison 
of  the  data  from  the  full-scale  acoustic  test, 
flight,  and  the  180-deg  SM  segment  test  showed 


that  some  narrow-band  peaks  were  not  covered 
in  the  test,  generally  at  frequencies  above  500 
cps.  In  most  cases,  these  peaks  would  not  have 
been  developed  in  formulating  the  test  criteria. 
Although  each  case  requires  individual  assess¬ 
ment,  the  risks  involved  in  not  including  these 
narrow  peaks  seem,  indeed,  to  be  small  and 
worth  taking  when  considering  the  amount  of 
overtesting  that  occurs  when  all  of  the  notches 
are  filled  during  a  shaker  test.  Some  overtest¬ 
ing  can  also  occur.  In  Fig.  6,  a  sharp  peak 
occurred  above  1500  cps  that  was  far  in  excess 
of  the  test  criteria.  Efforts  to  reduce  the  input 
spectrum  were  futile.  This  peak  was  attributed 
to  a  local  resonance  that  did  not  appear  in  the 
original  data.  Such  occurrences  should  be  rare 
and  should  not  compromise  the  quality  of  Jie 
test. 

The  results  of  these  tests  were  encouraging 
to  those  involved  and  were  very  favorably  re¬ 
ceived  by  management.  Indeed,  acoustically  in¬ 
duced  vibration  testing  will  be  conducted  as  a 
routine  matter  on  all  Apollo  Block  n  Service 
Module  hardware.  This  experience  seems  to 
indicate  that  acoustically  induced  vibration 
testing  could  also  be  considered  as  a  routine 
part  of  any  missile  or  spacecraft  program, 
where  conditions  permit. 
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DISCUSSION 


Mr.  Scharton  (Bolt  Beranek  &  Newman):  I 
would  like  to  raise  some  general  questions  con¬ 
cerning  the  relative  advantages  of  acoustic  test¬ 
ing  versus  substitute  vibration  testing.  While  it 
is  true  that  in  aerospace  vehicles  the  primary 
source  of  excitation  is  usually  acoustic  or  bound¬ 
ary  layer  noise,  I  think  electronic  equipment  in 
the  secondary  structure  is  more  efficiently  ex¬ 
cited  by  mechanical  vibration  established  on  the 
primary  structure.  This  suggests  a  possible 
means  of  simplifying  vibration  tests  in  which 
the  primary  excitation  was  actually  acoustic  or 
boundary  layer.  With  this  alternate  procedure, 


substitute  acoustic  testing,  a  reverberant  vibra¬ 
tion  field  is  established  with  small  shakers  on 
a  shroud  or  mounting  structure  as  the  source 
of  excitation.  Using  mechanical  shakers  is,  of 
course,  the  opposite  approach  to  that  you  pre¬ 
sented.  However,  it  offers  seve.:ai  advantages. 
One,  of  course,  is  that  mechanical  excitation  is 
a  lot  more  efficient  than  acoustic  excitation  for 
most  small  equipment.  Also,  in  many  cases  we 
think  that  you  can  actually  simulate  more  real¬ 
istically  the  vibration  field  on  a  shroud,  an 
adapter  or  thrust  network  with  mechanical 
shakers  than  by  plane  wave  acoustic  excitation. 
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How  does  your  acoustic  excitation  compare  with 
substitute  mechanical  excitation  with  small 
shakers  ? 

Mr.  Peveriey:  I  cannot  entirely  answer 
your  question  because  I  guess  I  do  not  really 
understand  how  using  shakers  is  more  efficient. 
As  far  as  we  were  concerned  on  the  Apollo 
program,  our  mechanically  induced  vibration 
coming  from  the  Saturn  booster  structure  or 
from  the  engines  is  much  less  than  acoustically 
induced  vibration.  The  biggest  problem  we  had 
was  how  to  simulate  the  correlation  in  this  par¬ 
ticular  set  of  tests.  We  have  gone  into  this 
much  more  extensively  in  tests  with  the  Lunar 
module  and  have  pretty  well  determined  that  the 
correlation  at  max  Q  is  random.  We  have  been 
able  to  duplicate  vibration  levels  in  the  labora¬ 
tory  much  better  than  we  did  here. 

Mr.  Roberts  (Martin  Co.):  I  could  not  de- 
termine  whether  the  first  spectrum  you  showed, 
which  was  measured  on  the  spacecraft  itself, 
was  indicative  of  the  response  vibration  or 
whether  it  was  meant  to  be  the  picture  of  the 
excitation.  Could  you  comment  further  on  the 
fact  that  at  lift-off  and  max  Q,  the  spectrum 
was  all  the  same  ? 

Mr.  Peveriey:  That  was  the  acoustic  spec¬ 
trum.  From  the  measurements  we  had,  the 


spectrum  characteristics  at  max  Q  and  at  lift¬ 
off  and  during  this  transonic  region  were  suffi¬ 
ciently  similar  that  we  could  envelop  these  to 
come  up  with  test  criteria. 

Mr.  Roberts:  .The  phenomena  associated 
with  the  acoustic  excitation  at  lift-off  certainly 
are  not  the  same  as  those  at  supersonic  speeds. 

Mr.  Peveriey:  I  agree.  Nevertheless,  I 
am  showing  here  the  data  we  investigated. 

These  were  measured  data  from  wind  tunnel 
tests,  flight,  and  from  a  large  number  of  static 
firings.  The  spectral  characteristics  were 
indeed  similar. 

Mr.  Gorton  (Pratt  and  Whitney  Aircraft}: 
These  two  last  papers  seem  to  fit  together  very 
nicely.  In  the  first  paper  I  was  somewhat 
tempted  to  comment,  what  have  we  beer  doing 
the  iart  two  years?  Exactly  the  same  recom¬ 
mendation  was  made  in  Monterey,  that  what  was 
needed  was  a  light  flexible  mounting  to  simulate 
properly  the  real  environment.  The  previous 
paper  gave  the  impression  that  no  progress  had 
been  made.  This  last  paper  indicates  that  may¬ 
be  progress  has  not  so  much  been  made  in  test¬ 
ing  with  acoustic  excitation  as  it  has  in  produc¬ 
ing  a  more  realistic  mounting  of  the  equipment 
which  gives  a  better  result  whether  excitation 
is  acoustic  or  by  small  shakers.  Certainly  the 
mounting  is  properly  simulated  in  your  method. 

* 
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REPRODUCTION  OF  COMPLEX  AND  RANDOM  WAVEFORMS 
AT  VARIOUS  POINTS  ON  A  TEST  ITEM* 

John  V.  Otts  and  Norman  F.  Hunter 
Sandia  Corporation 
Albuquerque,  New  Mexico 


A  technique  is  introduced  whereby  the  Fourier  series  of  any  reference 
waveform  can  be  reproduced  at  points  on  or  below  a  test  specimen. 

Any  test  item-shaker  system  will  have  some  motion  transfer  function 
H(  jw)  from  the  exciter  input  to  a  response  point  on  the  test  specimen. 
Peak  notch  equalizers  with  the  transfer  H' '( jw)  are  inserted  in  the 
system  to  produce  a  nearly  flat  amplitude  and  phase  spectrum  for  the 
net  system  response.  In  addition,  a  compensation  system  is  used  to 
improve  the  low-frequency  response.  A  fast  sweep  oscillator  and  a 
B&K  response  tracer  allow  equalization  to  be  accomplished  in  hours  as 
compared  to  days  for  earlier  systems. 

The  test  setup,  test  procedure,  and  results  are  presented.  Both  a 
mechanical  system  and  an  electrical  analog  are  used  to  illustrate  the 
accuracy  of  this  technique.  This  capability  was  developed  to  reproduce 
a  test  specimen's  field  vibration  response  in  the  laboratory.  In  these 
cases,  the  tape  record  serves  as  the  reference  signal.  Specific  areas 
of  application  include  simulation  of  vibration  experienced  during  lift¬ 
off  of  a  rocket-payload  system,  simulation  of  vibration  during  ejection 
from  an  aircraft,  and  reproduction  of  the  vibration-time  history  at  the 
base  of  internal  system  components. 


N.  F.  Hunter 


INTRODUCTION 


primary  objective  of  this  work  has  been  to 
allow  for  the  environmental  effects  of  the  test 
item.  As  a  result,  many  vibration  tests  con¬ 
ducted  at  Sandia  Corporation  incorporate  one 
or  more  of  the  following  concepts:  g  limiting 
[1],  force  limiting  [1,2],  force  control  of  the 
input  [1],  and  apparent  weight  simulation  of  the 
test  specimen's  foundation  [2].  In  addition, 
several  test  series  have  been  conducted  to  de¬ 
rive  test  specifications  experimentally  from 
blocked  force  tests  and  apparent  weight  anal¬ 
yses  [3]. 


Most  vibration  test  specifications  are  written 
in  terms  of  a  flat  motion-controlled  input.  These 
specifications  are  unrealistic  since  the  apparent 
weight  characteristics  of  the  test  specimen  are 
ignored.  In  other  words,  the  test  specimen  is  not 
allowed  to  affect  its  environment  as  it  does  in  the 
field.  A  more  complete  argument  against  motion- 
controlled  input  is  given  by  Otts  [1]. 

During  the  past  few  years,  the  Vibration 
Division  at  Sandia  Corporation  has  been  working 
toward  more  realistic  vibration  tests.  The 


A  test  capability  which  will  further  increase 
the  validity  of  vibration  tests  is  that  of  reproduc¬ 
ing  a  reference  sinusoidal,  complex,  or  random 
vibration  signal  at  any  location  on  or  within  a 
test  specimen,  where  the  reproduced  and  ref¬ 
erence  vibration  spectra  are  nearly  exact  in 
both  amplitude  and  phase  All  previous  at¬ 
tempts  to  reproduce  a  reference  vibration  had 
been  unsuccessful  due  to  our  inability  to  com¬ 
pensate  accurately  and  efficiently  for  the  trans¬ 
fer  function  from  the  vibration  exciter  to  the 


♦This  work  was  supported  by  the  United  States  Atomic  Energy  Commission. 
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control  point.  The  basic  instrumentation  used 
to  overcome  this  problem  consisted  of  peak 
notch  equalizers,  a  last  sweep  oscillator,  and  a 
response  tracer. 


EXCIUTIO* 


fOUXBATION 


INTERFACE 
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RESPONSE 


DISCUSSION 

The  vibration  history  of  items  being  field 
tested  is  sometimes  recorded  on  tape.  Using 
this  record  as  the  reference  signal,  similar 
test  specimens  and/or  components  can  be 
subjected  to  the  same  field  vibration.  Of  par¬ 
ticular  interest  is  the  reproduction  of  short 
vibration  histories  such  as  during  ignition  and 
lift-off  of  a  rocket-payload  system  or  during 
ejection  of  a  specimen  from  an  aircraft. 

The  reality  of  this  type  of  test  is  dependent 
on  the  following-,  (a)  the  apparent  weights  of  the 
field  imit  and  those  tested  in  the  laboratory 
should  be  similar;  (b)  the  apparent  weights  of 
the  field  and  laboratory  specimen  foundation 
should  be  similar;  and  (c)  the  source  of  field 
excitation  should  be  repeatable  or  representa¬ 
tive  of  the  maximum  anticipated. 


TEST  SFECIMEN  RESPONSE 

Consider  the  electrical  "mobility"  analog 
of  the  test  unit  and  foundation  indicated  in  Fig. 

1.  Here  the  voltages  and  currents  represent 
the  velocities  and  forces,  respectively,  at  points 
on  the  test  item.  In  the  field,  Eobs  and  Iobs  are 
the  velocity  at  and  the  force  driving  a  point  of 
interest  on  the  test  item.  Let  E;  and  Ij  in  Fig. 
1(b)  represent  the  motion  and  force  at  the  test 
specimen-foundation  interface.  As  sume  that  in 
a  vibration  test,  the  field  motion  Eoba  is  dupli¬ 
cated  by  a  means  to  be  discussed.  Now  as  indi¬ 
cated  in  Fig.  1(c),  Eoba  occurs  across  some  ele¬ 
ment  Zt  in  the  test  specimen.  For  similar 
laboratory  and  field-tested  items,  Zt  is  dupli¬ 
cated  so  Iobs  must  be  duplicated.  For  the 
general  test  item  of  Fig.  1(c),  the  following 
relations  hold: 


I,  - - -  ‘OBS 


L _ _ i _ ' _ J 
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Fig,  1  -  (a)  Test  item  and  foundation, 
(b)  electrical  "mobility"  analog  of  test 
item  and  foundation,  and  (c)  electrical 
"mobility"  analog  of  general  test  item 


1.  Field  and  test  units  should  have  similar 
mechanical  parameters  such  as  apparent  weight. 

2.  Field  and  test  inputs  from  the  foundation 
occur  at  the  same  points  and  may  be  approxi¬ 
mated  by  a  single  or  averaged  i<-  >ut.  The  foun¬ 
dation  apparent  weight  need  not  be  duplicated  if 
this  holds. 

3.  The  system  is  assumed  to  be  at  least 
approximately  linear.  Some  of  these  assump¬ 
tions  may  be  violated  in  a  test.  For  the  case  of 
multiple  inputs,  it  is  desirable  that  the  field  and 
test  foundations  have  similar  apparent  weights. 
Some  field  inputs,  such  as  aerodynamic  excita¬ 
tion,  would  be  very  difficult  to  reproduce. 


BASIC  METHOD 

For  reproduction  of  field  vibration  re¬ 
sponses,  the  system  shown  in  Fig.  2  is  assem¬ 
bled.  Some  frequency  transfer  function  H(  jw) 


=  A  Eob,  +  B  ^b.  • 

(1) 

■  C  Bob s  +  B  Eobs  ' 

(2) 

E  .  and  I  .  are  known  to  be  the  same  in 

obs  obs 

both  field  and  laboratory  tests;  therefore,  E; 
and  L,  the  interface  motion  and  force,  will 
also  be  duplicated.  When  motion  observed  at 
some  point  on  a  field  test  item  is  reproduced  in 
the  laboratory,  all  other  responses  in  the  item 
back  to  the  interface  will  be  reproduced.  Cer¬ 
tain  assumptions  implicit  in  this  discussion 
should  be  noted: 


Fig.  2  -  System  for  reproduction  of 
field  vibration  responses 
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will  exist  from  C  to  A  through  the  power  ampli¬ 
fier,  shaker,  foundation,  and  test  specimen 
system. 

The  peak  notch  equalizer  set  is  adjusted  to 
produce  the  Inverse  of  this  frequency  transfer 
function.  Then  the  spectrum  from  the  tape  or 
oecillator  input  to  the  observation  point  at  A  is 
flat.  Any  wave  shape  introduced  at  the  input 
will  appear  at  the  output  since  its  Fourier  spec¬ 
trum  will  be  reproduced.  To  verify  this  method, 
two  experimental  setups  were  used:  an  electri¬ 
cal  "mobility"  analog  and  a  mechanical  system. 


INSTRUMENTATION 

The  3ystem  of  Fig.  3  simply  substitutes  an 
electrical  "mobility"  analog  for  the  usual  me¬ 
chanical  vibration  system.  In  earlier  experi¬ 
ments  a  seuip  time  of  several  days  was  required 
since  the  frequency  spectrum  was  observed  with 
a  plotter.  Numerous  adjustments  of  the  peak 
notch  equalizers  are  necessary  when  setting  up, 
so  many  plots  had  to  be  made  before  the  final 
equalized  spectrum  was  obtained.  This  difficulty 
was  overcome  by  obtaining  a  fast  sweep  oscil¬ 
lator  with  a  maximum  sweep  rate  of  3  dec/sec. 
With  a  Bruel  and  Kjaer  Response  Tracer,  this 
allows  a  virtually  continuous  display  of  the  ap¬ 
proximate  'iyeiem  spectrum.  Setup  time  is  re¬ 
duced  from  days  to  hours.  The  peak  notch  units 
are  MB  Electronics  Model  N20  and  will  synthe¬ 
size  one  peak  and  one  notch  per  unit.  Peak  and 
notch  frequency  are  variable  from  20  to  2500  cps 
with  maximum  response  ratios  of  100. 


Fig.  3  -  Basic  analog  equalization  system 


ELECTRICAL  ANALOG 

The  mobility  analog  of  Fig.  4  represents  a 
three-mass  two-spring  mechanical  system.  For 
a  constant  voltage  input  the  spectrum  of  this 
analog  includes  the  two  resonant  peaks  of  Fig.  5. 
After  proper  adjustment  of  the  equalizers,  the 
overall  spectrum  in  Fig.  6  is  flat  within  ±  1  db 
from  20  cps  to  1  kc. 


2  0S  RESPONSE 


Fig.  4  -  Electrical  analog  of 
3-mass  2-spring  system 


A  square  wave  (chosen  because  of  its  avail¬ 
ability,  large  harmonic  content,  and  the  ease  of 
noting  distortion)  is  next  applied  with  the  oscil¬ 
lator.  For  a  20-cps  input  frequency,  the  wave¬ 
forms  of  Figs.  7  and  8  show  the  effect  of  equali¬ 
zation  on  the  system.  With  the  system  un¬ 
equalized,  considerable  distortion  of  the  square 
wave  is  evident  at  the  system  output.  Square 
wave  harmonics  with  frequencies  near  the  300- 
cps  system  resonance  are  amplified  and  are 
responsible  for  much  of  the  distortion.  Power 
amplifier  output  is  notable  in  that  it  indicates  a 
roll-off  in  the  spectrum  below  20  cps,  producing 
a  tilt  in  the  square  wave.  With  the  system 
equalized,  the  output  is  a  much  better  repro¬ 
duction  of  the  input  though  considerable  tilt  is 
noticeable  in  the  square  wave. 

The  low-frequency  roll-off  which  produces 
this  tilt  cannot  be  corrected  with  the  peak  notch 
equalizers,  since  they  will  not  synthesize  peaks 
below  20  cps.  This  tilt,  however,  corresponds 
largely  to  shifting  in  phase  and  reduction  in 
amplitude  of  the  square  wave  funaamental  fre¬ 
quency.  With  the  addition  of  the  tracking  filter 
and  summer  in  Fig.  9,  the  fundamental  lost 
through  the  RC  coupled  amplifiers  may  be  re¬ 
stored.  The  squ&ie  wave  fundamental  is  ex¬ 
tracted  by  a  tracking  filter.  Addition  of  this 
fundamental  of  the  proper  amplitude  and  phaee 
at  the  power  amplifier  input  results  in  a  drastic 
reduction  of  the  square  wave  tilt.  The  resultant 
system  waveforms  in  Fig.  10  show  no  observa¬ 
ble  tilt  at  the  output.  Some  harmonics  may  be 
observed  riding  on  the  output  square  wave  in 
Fig.  10,  but  their  amplitude  is  less  than  15  per¬ 
cent  of  the  fundamental.  Ordinarily,  this  lo> 
frequency  compensation  method  would  be  app.ied 
to  waves  whose  fundamental  frequency  is  below 
50  cps. 

As  a  further  check  on  the  validity  of  wave 
reproduction  by  equalization,  the  rise  time  and 
harmonic  content  of  the  square  wave  in  Fig.  8 
were  measured.  All  harmonics  to  2  kc  were 
present  in  th'--  proper  amplitude  ratios.  The 
equalized  square  wave  had  a  measured  rise 
time  of  100  Msec,  while  the  rise  time  at  the 
oscillator  output  was  0.17  ^sec. 
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Fig.  5  -  Electrical  analog  spectrum 
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Fig.  6  -  Equalized  analog  spectrum 
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Fig.  7  -  Unequalized  analog  output:  (a)  oscillator  output, 
(b)  power  amplifier  output,  and  (c)  system  output 
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Fig.  8  •  Equalized  ayatem  output:  (a)  oaciliator  output, 
(b)  equalized  output,  (c)  power  amplifier  output,  and 
(d)  system  response 
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Fig.  9  -  Equalization  system  with  low- 
frequency  phase  compensation 


Equalization  will  also  allow  the  rep  oduction 
of  a  given  random  spectrum  at  some  point  on  a 
test  item.  With  the  system  of  Fig.  3  equalized 
to  within  ± 1  db,  a  uniform  random  spectrum  was 
reproduced  at  the  system  output.  Nothing  would 
prevent  the  reproduction  of  a  waveform  composed 
of  both  sine  and  random  components . 


WAVE  REPRODUCTION  ON 
MECHANICAL  SYSTEM 

Wave  reproduction  has  been  performed  on 
a  mechanical  system.  A  single-degree-of- 
freedom  mechanical  system  was  coupled  to  an 
MB  Electronics  1200-lb-force  C-iO  shaker. 
Initially  the  complete  system  of  Fig.  11,  in¬ 
cluding  the  shaker,  had  Lie  frequency  spectrum 
of  Fig.  12.  With  two  peak  notch  equalizers,  the 
spectrum  of  Fig.  13  was  obtained.  Note  that 
equalization  within  ±2.5  db  was  achieved  be¬ 
tween  20  cps  and  2  kc.  Considerable  data  were 
taken  on  system  performance  for  square,  tri¬ 
angular,  and  complex  inputs.  The  results  for 
complex  waveforms  in  Fig.  14  are  typical.  Re¬ 
production  is  good,  though  some  phase  shift  of 
components  near  1000  cps  may  be  noted. 


LIMITATIONS 

Certain  inherent  limitations  in  the  peak 
notch  equalization  method  should  be  realized, 
Equalization  is  not  perfect.  In  genei  tI,  it  is 
difficult  to  equalize  better  than  ±  1  db  on  any 
system.  Phase  and  amplitude  responses  of 
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Fig.  10  -  System  waveforms  with  low-frequency  compensation:  (a)  oscillator  output, 
(b)  equalizer  output,  (c)  summer  output,  (d)  analog  input,  and  (e)  system  output 


Fig.  11  -  Equalization  of  mechanical  system 
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Fig.  12  -  Unequalized  spectrum  of  mechanical  system 
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FREQUENCY  IN  H7 

Fig.  13  -  Equalized  spectrum  of  mechanical  system 


mechanical  systems  are  generally  not  independ-  impulse  noise,  as  is  evident  in  Fig,  10.  Still, 

ent,  so  equalization  of  amplitude  generally  im-  this  method  of  equalization  is  far  superior  to  a 

plies  rough  equalization  in  phase.  Phase  angles  constant  bandwidth  equalization, 
may  be  45  deg  or  more  off  above  1000  cps,  how¬ 
ever.  The  bandwidth  over  which  equalization  is 

possible  generally  lies  between  10  and  2500  cps.  ACKNOWLEDGMENT 
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DISCUSSION 


Mr.  Rommel  (Lockheed-Caltfornia  Co.): 

You  have  been  looking  at  transfer  functions  from 
a  single  source  to  a  single  output  or  observation 
point.  Have  you  investigated  the  effect  produced 
by  multiple  sources  and  multiple  output  points  ? 

Mr.  Hunter:  We  have  investigated  multiple 
input  and  output  points.  I  should  have  mentioned 


in  my  assumptions  that  when  we  neglect  the 
foundation,  we  resume  a  single  input  point. 
Multiple  input  pc  hits,  unquestionably,  will  make 
a  great  diffe-ence.  The  responses  will  not  be 
the  same  ana.  as  a  first  approximation,  the 
foundation  in  the  lab  must  be  as  similar  as 
possible  to  that  in  the  field. 


* 
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MULTIPLE  SHAKER  GROUND  VIBRATION  TEST  SYSTEM 
DESIGNED  FOR  XB-70A 


R.  G.  North  and  J.  R.  Stevenson 
North  American  Aviation,  Inc. 
Los  Angeles,  California 


Equipment  developed  fir  and  employed  in  the  XB-70A  ground  vibration 
test,  including  the  24-shaker  vibration  excitation  system,  the  100- 
chann  ,1  da t*  acquisition  system  capable  of  automatic  recording  on  IBM 
punched  cards,  and  the  lov  -frequency  air  vehicle  suspension  sy'item, 
are  briefly  described.  Special  operating  procedures  are  also  described. 


INTRODUCTION 

The  XB-70A  ground  vibration  survey,  In 
addition  to  being  contractually  required,  was  a 
final  proof  test  of  primary  importance  in  de¬ 
termining  flight  safety,  not  only  with  respect  to 
the  flutter  problem  but  also  with  respect  to 
other  problems  where  vibration  modes  consti¬ 
tute  inputs. 

Due  to  the  large  size,  weight,  and  uncon¬ 
ventional  configuration  oi  the  XB-70A,  as  well 
as  the  broad  test  program  scope  and  the  limited 
time  allotted  for  the  test,  special  equipment  had 
to  be  developed  to  make  possible  an  adequate 
test.  This  equipment  includes  a  vibration  exci¬ 
tation  system,  a  data  acquisition  system  and  an 
air  vehicle  (A/V)  suspension  system.  The  spe¬ 
cial  multi-shaker  vibration  excitation  system 
was  developed  to  satisfy  requirements  for  higher 
power  output,  full-power  output  to  lower  frequen¬ 
cies,  ?  larger  number  of  shakers,  and  a  more 
highly  developed  control  system  and  console 
than  could  be  satisfied  by  any  existing  equip¬ 
ment.  The  data  acquisition  system  was  designed 
to  meet  frequency  response  requirements  tc 


unusually  low  frequencies,  to  provide  a  record¬ 
ing  range  compatible  with  the  excitation  system 
when  applied  to  the  XB-70A  and  to  record  auto¬ 
matically  the  outputs  of  100  vibration  pickups 
installed  on  the  A/V  at  specified  control  points. 
The  A/V  suspension  system  was  developed  to 
provide  A/V  supports  with  very  low  spring  con¬ 
stants  so  that  the  natural  vibration  modes  could 
be  measured  for  conditions  providing  good 
simulation  of  the  zero  elastic  restraints  in  free 
flight.  Finally  all  three  systems  were  suitably 
integrated  with  appropriate  equipment  and  con¬ 
trols  housed  in  an  air-conditioned  35-ft  semi¬ 
trailer  for  adequate  equipment  protection  and 
so  that  modal  excitation,  data  recording,  and 
on-site  data  plotting  and  analysis  functions 
could  be  efficiently  accomplished. 

The  ground  vibration  test  on  XB-70A  A/V 
No.  1  was  conducted  at  the  Palmdale  Facility  of 
the  Los  Angeles  Division  of  North  American 
Aviation,  Inc.,  in  June  1964  for  an  elapsed  time 
of  10-1/2  days.  The  unfueled  A/V  was  tested 
in  five  configurations  covering  three  wing  tip 
angles,  single  and  dual  hydraulic  power,  and 
locked  and  unlocked  flaps.  Mode  shape  and/or 
frequency  measurements  and  free  vibration 
decay  records  were  obtained  for  a  total  of  130 
modes. 


TEST  EQUIPMENT 

Vibration  Excitation  System 

While  one  or  two  pairs  of  shakers  may  pro¬ 
vide  sufficiently  accurate  definitions  of  the  flut¬ 
ter  significant  natural  modes  in  most  cases, 
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they  may  prove  inadequate  where  greater  accu¬ 
racy  is  required,  structural  damping  is  higher, 
natural  frequencies  are  closer  together,  and 
higher  modes  are  required.  Multi-point  exci¬ 
tation  is  the  key  to  greater  accuracy  and  to  the 
ability  to  cope  with  more  difficult  situations. 

The  objective  is  to  tune  in  or  excite  only  one 
mode  of  a  structure  at  a  time  and  to  subdue  or 
eliminate  response  in  all  other  modes.  The 
problem  is  to  determine  the  excitation  force 
distribution  that  will  accomplish  this  objective 
and  to  develop  a  method  or  procedure  for  estab¬ 
lishing  the  required  force  distributions  for 
each  mode. 

In  a  structure  vibrating  in  a  natural  mode, 
at  any  instant  of  time  the  inertial,  forces  are 
exactly  balanced  in  both  magnitude  and  distri¬ 
bution  by  the  elastic  forces.  The  structural 
damping  forces,  by  definition  proportional  to 
the  elastic  forces  but  leading  the  elastic  forces 
by  a  90-deg  phase  angle,  have  the  same  distri¬ 
bution  as  the  elastic  or  inertial  forces.  There¬ 
fore,  the  damping  forces,  like  the  inertial 
forces,  are  distr  ibuted  in  proportion  to  the 
product  of  the  mass  distribution  and  the  ampli¬ 
tude  distribution  for  the  assumed  natural  mode. 
To  sustain  the  motion,  the  energy  dissipated  by 
the  structural  damping  forces  must  be  balanced 
by  the  energy  input  from  the  vibration  excitation 
forces.  The  distribution  of  shaker  forces  should 
be  a  mirror  image  of  the  distribution  of  the 
damping  forces,  or  like  the  damping  forces,  the 
shaker  forces  should  be  distributed  in  proportion 
to  the  product  of  the  mass  and  the  amplitude 
distributions. 

Unfortunately  this  definition  of  the  required 
shaker  force  distributions  for  a  given  mode  re¬ 
quires  a  knowledge  of  the  mass  distribution  of 
the  structure  being  tested.  In  tact,  it  is  neces¬ 
sary  to  determine  (he  effective  mass  at  each 
shaker  location  and  to  adjust  the  relative  shaker 
force  output  to  be  proportional  to  the  assigned 
mass  distribution  [1].  Obviously,  the  accuracy 
of  the  assigned  mass  distribution  can  be  no 
greater  than  the  accuracy  of  available  mass 
distribution  data  and,  even  with  exact  data, 
gross  approximations  are  necessary  to  distrib¬ 
ute  the  total  airplane  mass  to  the  limited  num¬ 
ber  of  shaker  locations  available  with  a  practi¬ 
cal  excitation  system.  In  any  case,  the  measured 
modes  should  not  be  dependent  on  calculated 
mass  data  for  the  structure  being  tested.  A 
further  possible  difficulty  with  the  method,  as 
indicated  by  Lewis  and  Wrisley  [1],  is  that  when 
the  effective  mass  at  each  shaker  location  is 
not  accurately  known,  it  becomes  impossible  to 
obtain  an  in-phase  relation  of  force  and  velocity 
at  each  shaker  location  with  a  shaker  force  dis¬ 
tribution  proportional  to  the  product  of  the 


shaker  amplitude  distribution  and  the  shaker 
assigned  mass  distribution.  Under  these  con¬ 
ditions,  adjustments  of  excitation  frequency 
will,  of  course,  not  provide  a  means  of  obtain¬ 
ing  the  desired  in-phase  condition  at  all  shaker 
points.  This  type  of  impasse  is  avoided  in  the 
method  presented  here  by  eliminating  the  re¬ 
dundancy  in  the  modal  tuning  criteria.  In  the 
present  method  the  shaker  force  distribution 
and  the  frequency  for  a  given  mode  are  adjusted 
to  provide  an  in-phase  condition  of  shaker  force 
and  velocity  at  all  shaker  points  in  a  straight¬ 
forward  iteration  process  described  later  in 
the  section  on  mode  tuning. 

To  utilize  the  above  criterion  properly, 
the  excitation  equipment  must  provide  accurate 
indications  of  the  phase  angle  between  shaker 
force  and  shaker  velocity  on  all  channels  over 
the  desired  frequency  range. 

A  basic  property  of  the  shaker  power  am¬ 
plifier  used  is  zero  voltage  phase  shift  between 
input  and  output  over  the  frequency  range  of 
interest.  Since  the  current  in  the  Output  circuit 
is  a  measure  of  the  force  applied  and  since  at 
structural  resonance  the  shaker  presents  a  pure 
resistive  load,  then  at  resonance  the  current 
and  voltage  at  the  output  of  the  amplifier  would 
present  an  in-phase  relationship  and  the  voltage 
would  be  a  measure  of  force.  The  design  of  the 
amplifier  to  present  this  zero  phase  shift  was 
such  that  the  output  was  floating,  i.e.,  could  not 
be  grounded,  so  the  current  could  not  be  used 
as  a  force  indication,  but  then  neither  could  the 
voltage.  But  since  at  resonance  they  would  be 
in  phase,  and  the  amplifier  produced  zero  phase 
shit  between  input  and  output  voltage,  the  input 
voltage  could  be  used  as  a  direct  measurement 
of  force,  assuming  that  it  was  necessary  to 
sense  only  phase,  not  amplitude. 

Linear  velocity  transducers  were  used  to 
measure  the  relative  velocity  between  the 
shaker  drive  rods  and  the  stationary  shaker 
field  coils.  This  type  of  transducer  has  a  rela¬ 
tively  low  output  and  must  feed  into  a  compara¬ 
tively  high  impedance  to  preserve  its  velocity 
phase  characteristics.  Therefore,  amplifiers 
had  to  be  used.  Since  the  amplifiers  were  sim¬ 
ple  one-tube  devices  that  introduced  18C-deg 
phase  shifts,  they  also  were  used  in  the  force 
(voltage)  circuits  to  preserve  the  correct  rela¬ 
tive  phase  angles.  However,  since  force  signal 
amplification  was  not  required,  the  inputs  to  the 
force  amplifiers  were  greatly  attenuated  to 
prevent  overloading. 

By  exhaustive  tests  on  simple  single- 
degree-of-freedom  systems,  each  force  and 
velocity  circuit  through  its  indicating  circuit 
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was  checked  and  changed  where  necessary,  until 
the  entire  system  presented  zero  phase  angle  at 
resonance  between  force  and  velocity. 

The  vibration  excitation  system  developed 
for  the  XB-7CA  includes  the  following  major 
components: 

1.  24  Unholtz- Dickie  e’ectrodynamic  shak¬ 
ers  with  a  3-in.  stroke  and  maximum  sinusoidal 
force  outputs  of  100  lb  per  shaker; 

2.  12  Unholtz- Dickie  250-watt  fully  transis¬ 
torized  power  amplifiers  individually  capable  of 
driving  two  shakers  to  full  power  e  ver  the  fre¬ 
quency  range  from  0.1  to  1000  cps; 

3.  A  velocity  coil  and  mounting  hardware 
for  each  shaker  to  measure  the  relative  velocity 
between  the  shaker  armature  and  the  field  coll 
housing; 

4.  Shaker  drive  rods  incorporating  a  tele¬ 
scoping  feature  and  double  flexures  at  each  end 
of  the  rod; 

5.  Vacuum  pads  and  vacuum  system  for 
shaker  attachment  to  the  A/V; 

6.  26  shaker  stands  of  varying  heights  to 
support  the  shakers  rigidly  in  close  proximity 
to  the  attach  points  on  the  A/  V; 

7.  Cable  slings  to  provide  low-frequency 
supports  for  the  two  vertical  tail  shakers; 

8.  A  master  control  unit  to  provide  a  var¬ 
iable  frequency  oi  excitation  at  a  variable  over¬ 
all  force  amplitude,  together  with  a  long  per¬ 
sistence  screen  oscilloscope  for  displaying 
force  vs  velocity  indications  for  any  channel;  and 

9.  Control  units  for  each  of  the  12  power 
amplifier  channels  individually  equipped  with  a 
2-in.  08C‘‘-<  .cope  for  monitoring  force  vs 


velocity,  shaker  force  (armature  current)  me¬ 
ter,  shaker  phase  switches,  and  shaker  force 
control. 

Shaker  installations  are  shown  in  Figs.  1 
and  2.  Vacuum  pads,  vacuum  lines,  electrical 
cables,  velocity  coils,  telescoping  drive  rods, 
rod  joint  clamps,  rod  flexures,  etc.,  are  shown. 
The  pumps  used  to  supply  the  vacuum  for  the 


Fig.  1  -  Installation  of 
electrodynamic  shaker 


Fig.  2  -  Shake  r  installation  on  wing  tip 
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shaker  attach  system  are  shown  in  Fig.  3.  Fig¬ 
ure  4  shows  the  shaker  locations  used  for  a 
major  portion  of  the  testing.  Shakers  1L  and 
1R  through  8L  and  8R  were  arranged  in  eight 
symmetrically  disposed  pairs  with  each  pair 
driven  by  a  single  power  amplifier.  These  16 
shakers  were  used  for  both  symmetrical  and 
antisymmetrical  excitation,  and  conversion 
from  one  type  of  excitation  to  the  other  required 
only  the  actuation  of  8  phase  selector  switches. 
The  remaining  4  power  amplifiers  were  con¬ 
nected  to  shakers  9S  through  12S  for  the  sym¬ 
metric  case  or  to  9A  through  12A  for  the  anti¬ 
symmetric  case.  Thus  a  total  of  20  shakers 
was  used  at  any  one  time  and  conversion  from 
symmetric  to  antisymmetric  drive  or  vice 
versa  could  be  accomplished  rapidly  since  it 
was  not  necessary  to  move  any  of  the  shaker 
stand  assemblies.  Figure  5  shows  the  Interior 
of  the  equipment  trailer  with  the  excitation 
console  in  the  left  center,  the  master  control 
panel  containing  the  oscillator,  master  memo- 
scope,  electronic  frequency  counter,  etc.  in  the 
rear,  and  shaker  power  amplifiers  on  the  right. 
Shaker  stands  are  shown  in  Figs.  6  through  10. 
The  shaker  stand  assemblies  are  welded  steel 
truss  structures  designed  for  high  rigidity.  The 
shakers  and  mounting  plates,  weighing  several 
hundred  pounds  each,  had  ^  be  supported  on 
stands  with  sufficient  rigidity  that  all  natural 
frequencies  would  be  above  50  cps.  The  sling 
supports  for  the  vertical  tail  shakers,  on  the 
other  hand,  were  designed  for  flexibility  (Figs. 

9  and  10).  The  sling  cables  were  long  enough 
to  provide  frequencies  less  than  0.2  cps  for  all 
shaker  rigid  body  modes  except  vertical  trans¬ 
lation;  As  a  further  measure  to  Increase  the 


tendency  of  the  vertical  tail  shakers  to  remain 
motionless  while  driving  the  vertical  tails,  bal¬ 
last  was  added  to  increase  the  shaker  weight  to 
approximately  1700  lb  per  shaker.  The  shaker 
drive  rods,  shown  in  Figs.  1  and  2,  were  de¬ 
signed  with  a  dlameter-to- length  ratio  high 
enough  to  provide  a  fundamental  lateral  bending 
frequency  above  50  cps.  Since  the  required 
rod  diameter  increases  rapidly  with  rod  length, 
relatively  short  rods  had  to  be  used  to  hold  the 
rod  weight  to  a  reasonable  value. 

Data  Acquisition  System 

The  simplest  and  most  widely  used  data 
gathering  systems  would  probably  include  a 
pair  of  matched  vibration  pickups,  a  dual  chan¬ 
nel  oscilloscope,  a  vibration  meter,  a  suitable 
switchbox,  and  an  electronic  frequency  counter. 
With  this  equipment,  mode  shapes  are  measured 
by  locating  one  of  the  pickups  as  a  reference  at 
a  point  of  large  response  for  the  mode  under  in¬ 
vestigation  and  moving  the  other  pickup  to  vari¬ 
ous  points  on  the  structure,  noting  at  each  point 
the  amplitude  and  the  phase,  with  respect  to  the 
reference  pickup,  on  the  vibration  meter  and 
the  oscilloscope,  respectively. 

Limitations  in  time  allotted  .'or  the  XB-  70A 
test,  the  broad  scope  of  the  test  program,  and 
the  large  size  erf  the  A/V  necessitated  a  highly 
automated  data  acquisition  system  employing 
a  large  number  of  pickups  distributed  over  the 
A/V  at  fixed  control  points.  This  system,  de¬ 
veloped  for  NAA  by  Gulton  Industries,  Inc.,  in¬ 
cludes  quipment  providing  the  following 
capabilities: 


Fig.  3  -  Vacuum  pumps,  shaker  attach  system 
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1.  Automatic  digital  recording  of  pickup 
data  at  100  control  points  on  IBM  punched 
cards; 

2.  Automatic  tabulation  of  mode  shape  data 
recorded  on  the  IBM  cards  for  "quick-look" 
plotting  and  analysis; 

3.  Manual  data  readout  on  standard  meters, 
primarily  as  a  backup  for  the  automatic  system; 


4.  Simultaneous  waveform  presentations  of 
the  outputs  of  32  accelerometers  on  2-in.  oscil¬ 
loscopes  for  rapid  pickup  gain  adjustment  and 
for  visual  amplitude  and  phase  comparisons; 

5.  Patch  panel  facilities  for  oscillographic 
or  direct  writing  pen  recorder  recording  of  all 
channels  to  provide  records  of  the  decay  of  free 
vibrations,  frequency  sweep  data,  and  "back-up” 
mode  shape  and  frequency;  and 


60 


Fig.  8  -  Shaker  stands  under  wing,  Stlp  =  25  deg 


Fig.  9  -  Installation  of  shaker  stands 
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Fig.  10  -  Forward  fuselage  shaker  stands 


6.  Three  8-channel,  direct  '/riling  pen 
recorders  for  reco;  ding  frequency  sweep, 
modal  steady  state,  and  decay  data. 

High  output  servo  accelerometers  were 
attached  with  tape  at  117  control  points  located 
on  the  A/V  as  Indicated  in  Fig.  11.  At  any  one 
time,  100  of  the  117  accelerometers  were 
recorded.  For  example,  vertical  pickups  IS 
through  13S  were  disconnected  for  the  antisym¬ 
metric  case  and  lateral  pickups  1A  through  13A 
were  disconnected  for  the  symmetric  case  with 
no  loss  of  data  since  there  is  no  vertical  re¬ 
sponse  of  the  fuselage  centerline  in  the  anti¬ 
symmetric  modes  and  no  side-bending  response 
of  the  fuselage  in  the  symmetric  modes.  The 
100  pickups  recorded  at  any  one  time  provided 
detailed  mode  shape  information  on  the  wing- 
fuselage,  canard,  canard  flap,  vertical  tail,  and 
elevens.  Only  a  few  minutes  were  required  to 
change  from  the  symmetric  to  the  antisymmetric 
case  and  vice  versa.  Figure  12  shows  the  data 
acquisition  equipment  housed  in  the  trailer. 

This  photograph  shows  the  IBM  equipment  for 
punching  and  tabulating  the  cards  in  the  left 
foreground,  desks  for  data  evaluation  in  the  left 
background,  power  amplifiers  in  the  right  back¬ 
ground,  monitoring  scopes,  oscillograph  mounting 


racks,  and  patch  panels  in  the  right  center,  and 
the  data  acquisition  system  in  the  right  fore¬ 
ground.  Figure  13  shows  three  8-channel,  di¬ 
rect  writing  pen  recorders  located  outside  the 
equipment  trailer.  Thesi  ecorders  were  used 
in  lieu  of  the  oscillograp.  'r  the  de«v;y  records 
and  frequency  sweeps  because  the  records  were 
available  instantaneously.  In  addition,  the 
slower  available  paper  speeds  made  utilization 
of  the  envelopes  of  the  unrectified  accelerome¬ 
ter  traces  for  the  frequency  sweeps  more 
practical. 


Air  Vehicle  Suspension  System 

Ideally,  in  vibration  tests  of  complete  air¬ 
planes,  free-free  modes  should  be  obtained.  In 
other  words,  it  is  desired  to  measure  the  vibra¬ 
tion  characteristics  of  the  airplane  alone  rather 
than  those  of  the  airplane  plus  arbitrary  sup¬ 
ports.  These  free-free  modes  then  are  directly 
applicable  to  free-flight  structural  dynamics 
problems.  Excellent  approximations  of  free- 
free  modes  may  be  measured  if  the  airplane 
supports  provide  sufficient  flexibility.  These 
special  supports  should  be  designed  to  provide 
natural  frequencies  in  all  six  airplane  rigid 
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body  modes  (pitch,  vertical  translation,  fore  and 
aft  translation,  roll,  yaw,  and  side  translation). 
These  frequencies  are  very  low  compared  with 
the  lowest  airplane  elastic  mode  frequencies. 

In  addition,  the  support  stiffness  and  support 
sprung  mass  should  be  low  compared  with  the 
A/V  mass  and  stiffness  in  die  vicinity  of  the 
support  attachment  to  the  A/V,  based  on  an  A/V 
lumped  mass  and  stiffness  representation  con¬ 
taining  a  sufficiently  large  number  of  values. 
Satisfying  these  conditions  will  minimize  the 
coupling  between  the  artificially  introduced 
finite  frequency  rigid  body  modes  and  the  air¬ 
plane  elastic  modes.  In  addition  to  providing 
sufficiently  low  stiffness,  the  aircraft  suspen¬ 
sion  system  should:  (a)  introduce  negligible 
mass,  (b)  provide  adequate  travel  within  stops 
of  sufficient  strength,  (c)  provide  essentially 
linear  spring  constants  within  the  available 
travel,  (d)  be  statically  stable,  (e)  provide  low 
friction  or  damping,  (f)  provide  adjustable 
spring  constants,  (g)  allow  for  simple  airplane 
installations,  (h)  be  free  from  resonances 
within  the  frequency  range  of  interest,  and 


(i)  provide  adequate  strength  or  built-in  fail 
safety. 

Air  bags,  coil  springs,  shock  cord,  and 
partially  deflated  tires  have  been  used  with 
varying  degrees  of  success  to  support  airplanes 
for  the  ground  vibration  test.  Figure  14  illus¬ 
trates  the  principles  of  operation  of  a  novel  and 
highly  successful  suspension  unit  developed  by 
North  American  Aviation,  Inc.,  for  the  XB-70A 
ground  vibration  test.  The  A/V  suspension 
system  consists  of  a  nose  gear  unit  and  two 
main  gear  units  to  support  the  A/V  at  the  lower 
ends  of  the  landing  gear  struts  through  univer¬ 
sal  joints.  The  system  was  designed  to  support 
the  A/V  maximum  gross  weight.  Each  unit  can 
be  repositioned  on  the  floor,  while  supporting 
the  A/V,  through  a  system  of  skid  plates  and 
jack  screws.  Each  of  the  three  units  provides 
adjustable  restraints  of  very  low  stiffness  m 
the  vertical  and  all  horizontal  directions. 

Spring  deflections  are  limited  by  stops  to  ±1.0 
in.  in  the  vertical  and  all  horizontal  directions. 
A  pneumatic  spring  is  used  in  the  vertical 
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Fig.  12  -  Equipment  trailer,  data  acquisition 
and  analysis  work  area 


Fig.  14  -  A/V  suspension  unit 
schematic  diagram 


Fig.  13  -  Direct  writing  recorders 


direction  with  dry  gaseous  nitrogen  or  air  as 
the  working  fluid.  In  the  horizontal  directions 
the  springs  consist  of  a  mechanical  universal 
"rocking-chair"  device.  In  the  vertical  direc¬ 
tion  a  vertical  steel  tube  attached  to  the  bottom 


of  the  loading  platform  is  constrained  in  bear¬ 
ings  to  permit  it  tc  move  only  vertically.  The 
A/V  is  floated  in  the  middle  of  the  range  of 
travel  permitted  by  the  stops  by  inflating  the 
suspension  units  with  the  appropriate  amount  of 
nitrogen.  The  vertical  spring  constant  of  a 
suspension  unit  is  given  by 


Kv 


P„A2> 

V 


(1) 
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where 

Kv  ■=  vertical  spring  constant, 

Pa  =  absolute  gas  pressure, 

/  =  ratio  of  specific  heats  (>  =  1.4  for 
nitrogen  or  air), 

A  =  piston  area  (A  =  1520  sq  in.  based  on 
mean  diameter  of  flexible  diaphragm), 
and 

v  =  gas  volume. 

A  low  spring  constant  is  obtained  by  providing 
a  sufficiently  low  A-to-v  ratio.  The  spring  con¬ 
stant  can  be  adjusted  by  varying  V  through  the 
introduction  of  a  relatively  Incompressible  fluid, 
such  as  oil,  into  the  integral  nitrogen  tank.  In 
the  lateral  and  fore  and  aft  directions,  low  spring 
constants  are  provided  by  a  universal  "rocking" 
chair"  unit  attached  to  the  lower  end  of  the  land¬ 
ing  gear  strut  and  resting  on  the  loading  plat¬ 
form.  This  device  consists  basically  of  a 
spherical  surface  which  transmits  the  A/V 
deadweight  reaction  to  the  horizontal  loading 
platform  and  a  universal  joint  at  the  end  of  the 
landing  gear  strut,  as  illustrated  in  i'ig.  14. 

The  spring  constant  in  any  n  st  izontal  direction 
at  the  universal  joint  is  given,  for  small  deflec¬ 
tions,  by 


where 


Kh  =  horizontal  spring  constant, 

L  =  deadweight  reaction, 

R  =  spherical  radius  of  support  button 
lower  surface,  and 

e  =  eccentricity  between  universal  joint 
and  center  of  the  sphere  of  radius  R . 

The  horizontal  spring  constant  r  >e  changed 
in  small  increments  by  varying  tne  eccentricity 
e  through  screw  adjustments.  Larger  stiffness 
increments  can  be  obtained  by  changing  the 
spherical  button  to  one  with  a  different  radius 
R  .  An  overall  view  of  the  suspension  units  in¬ 
stalled  under  the  A/V  is  given  in  Fig.  15.  Fig¬ 
ure  15  shows  the  nose  gear  installation. 

For  the  XB-70A  test  configurator,  the 
frequencies  of  the  A/V  on  the  suspension  sys¬ 
tem  were  approximately  as  follows: 

Vertical  translation,  0.40  cps; 

Pitch,  0.14  cps; 

Fore  and  aft  translation,  0.30  cps; 

Side  translation,  0.19  cps; 

Yaw,  0.05  cps;  and 

Roll,  0.37  cps. 

In  all  cases  the  highest  frequencies  on  the  sus¬ 
pension  system  were  less  than  one-sixth  of  the 
lowest  elastic  mode  frequencies. 

Damping  of  the  suspension  units  was  ex¬ 
tremely  low  in  all  horizontal  directions  as  a 


Fig.  16  -  Nose  gear  A/V  suspension  unit  installation 


result  of  the  low-friction  needle  bearings  in  the 
universal  joints  together  with  the  low  friction  of 
the  spherical  buttons.  In  the  vertical  direction 
the  damping  appeared  to  be  somewhat  higher 
(g  =  0.25)  and  viscous  in  nature.  However,  the 
vertical  damping  had  no  apparent  effect  on  the 
test  or  the  test  results. 


OPERATING  PROCEDURES 
Test  Crews 

Testing  was  carried  on  around  the  clock  by 
three  crews  working  overlapping  shifts.  A  test 
crew  was  composed  of  seven  people,  including 
a  test  director,  and  two  people  for  each  of  the 
three  functions  of  vibration  mode  excitation, 
data  acquisition,  and  data  evaluation.  In  addi¬ 
tion,  there  were  supporting  personnel  for  equip¬ 
ment  maintenance,  suspension  system  monitor¬ 
ing,  A/V  configuration  changes,  moving  shakers, 
etc. 


Frequency  Sweeps 

A  single  pair  of  shakers  might  be  used  to 
excite  the  structure  for  a  frequency  sweep  and 
the  response  recorded  from  the  output  of  one  or 
two  pickups.  The  objective  of  a  frequency  sweep 
is  to  vary  the  excitation  frequency  slowly  to  ob¬ 
tain  a  record  depicting  the  variation  of  the 


amplitude  of  vibratory  response  vs  frequency. 
From  such  records,  the  resonant  frequencies 
related  to  the  various  natural  modes  are  deter¬ 
mined.  These  resonant  frequencies  become  the 
starting  po  nts  for  tuning  in  the  various  natural 
modes.  Normally,  a  sweep  using  symmetrical 
exaltation  is  made  to  determine  the  resonant 
peaks  corresponding  to  the  symmetric  modes, 
and  a  second  sweep  is  made  with  antisymmetric 
excitation  to  obtain  the  antisymmetric  modes. 

The  shakers  would  then  be  moved  to  a  different 
location  and  the  sweeps  repeated.  This  process 
would  continue  until  the  wing,  fuselage,  vertical 
tail,  and  horizontal  tail  had  been  adequately 
searched  for  all  mo h-e.  The  number  of  these 
sweeps  would  also  be  multiplied  by  the  number 
of  A/V  configurations  to  be  tested.  In  this  test, 
symmetric  and  antisymmetric  sweeps  were 
made  for  5  A/V  configurations.  The  irequency 
of  excitation  was  varied  or  swept  at  a  logarith¬ 
mic  rate  by  a  constant  speed  electric  motor 
geared  to  the  oscillator  dial.  The  sweep  rate 
was  chosen  on  the  basis  of  information  developed 
from  Refs.  2  and  3  to  minimize  the  time  re¬ 
quired  for  the  sweeps  and  still  reveal  all  of  the 
modes  over  the  desired  frequency  range  with 
sufficiently  small  errors  of  frequency.  The 
sweep  rate  was  such  that  it  took  approximately 
17  min  to  cover  the  range  from  1  to  10  cps  and 
approximately  12  min  to  cover  the  range  from 
10  to  50  cps  or  a  total  of  approximately  30  mm 
to  cover  the  total  desired  frequency  range  of  1 
to  50  cps.  To  cover  wing,  fuselage,  canard,  and 
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vertical  tails  by  uie  usual  methods  would  re¬ 
quire  40  Individual  sweeps  assuming  each  com¬ 
ponent  could  be  adequately  searched  with  only 
one  symmetric  and  one  antisymmetric  sweep. 

At  a  minimum  of  30  min  per  sweep,  this  would 
use  up  more  than  20  hr  of  valuable  test  time. 

The  frequency  sweeps  conducted  during  the 
XB-70A  ground  vibration  tests  are  of  interest 
orimarily  for  the  new  technique  employed  in  the 
use  of  the  shakers.  By  having  all  shaker  chan¬ 
nels  opera  ng  simultaneously  during  the  fre¬ 
quency  sweeps,  only  10  frequency  sweeps  were 
made,  one  symmetric  and  one  antisymmetric 
for  each  of  5  test  configurations,  to  reveal  all 
of  the  wing,  fuselage,  canard  and  vertical  tail 
modes  of  interest.  Tiu  ability  to  use  this 
method  was  derived  from  the  simultaneous  dis¬ 
play  of  all  shaker  force  vs  velocity  ellipses. 
When  any  of  the  12  shaker  force  vs  velocity 
monitoring  scopes  showed  that  the  slope  of  the 
ellipse  was  changing  from  one  where  the  force 
had  a  component  in  phase  with  the  velocity  to 
one  where  the  force  had  a  component  out  of 
phase  \/ith  the  velocity  (indicating  energy  was 
being  taken  out  of  the  structure  rather  than 
being  put  in),  the  associated  shaker  phase 
selector  switch  would.be  changed.  With  this 
continuous  monitoring,  the  entire  frequency 
range  of  interest  would  be  covered  with  the 
assurance  that  all  shakers  would  always  be 
putting  energy  into  the  system.  During  the 
sweeps,  the  outputs  of  20  accelerometers  at  key 
control  points  throughout  the  structure  were 
recorded  on  pen  type  recorders.  Minimum 
recorder  speed  was  used  so  that  the  envelopes 
of  the  vnrectified  traces  could  be  used  to  indi¬ 
cate  conveniently  the  resonant  peaks.  There¬ 
fore,  with  many  shakers  and  many  pickups  con¬ 
tinuously  excising  and  recording  the  response  of 
each  surface,  the  possibility  of  not  exciting  or 
detecting  a  mode  was  effectively  eliminated  and 
the  time  required  to  perform  the  sweeps  was 
reduced  to  less  than  one-fourth  that  otherwise 
required. 


MODE  TUNING 

When  oniy  two  shakers  are  used,  mode 
tuning  consists  merely  in  adjusting  the  excita¬ 
tion  frequency  until  maximum  response  ampli¬ 
tude  is  Indicated  on  the  vibration  meter. 

However,  when  multishaker  excitation  is 
used  the  procedure  for  tuning  in  a  mode  is  con¬ 
siderably  more  involved.  When  a  natural  mode 
of  a  structure  is  tuned  in,  the  distribution  of 
shaker  forces  is  in  proportion  to  the  distribution 
of  the  product  if  mass  and  amplitude.  The  dis¬ 
tribution  of  shaker  force  is  then  a  mirror  image 


of  the  distribution  of  the  damping  forces.  Also 
it  follows  that  the  shaker  forces  are  everywhere 
in  phase  with  the  velocities  of  the  motion  at  their 
points  of  application.  This  latter  fact  is  made 
use  of  to  tune  in  the  natural  modes. 

For  the  XB-70A  ground  vibration  test,  a 
rapidly  convergent  iteration  process  was  used 
in  tuning  in  a  mode.  This  procedure  had  steps 
approximately  as  follows: 

1.  Set  system  overall  force  level  poten¬ 
tiometer  to  a  sufficiently  low  value  to  avoid 
overdriving  the  system  and  turn  on  the  master 
power  switch. 

2.  Select  the  master  shaker(o)  on  the  basis 
of  calculated  modal  data  for  the  largest  product 
of  local  mass  and  amplitude  for  the  desired 
mode.  Set  the  phase  control  for  the  master 
shaker  for  symmetric  or  antisymmetric  as  re¬ 
quired.  Adjust  the  master  shaker  force  poten¬ 
tiometer  to  a  value  of  8  (range  from  0-10)  and 
turn  on  the  master  shaker(s). 

3.  Adjust  oscillator  frequency  to  close 
ellipse  on  memoscope  of  master  shaker(s)  at 
the  frequency  of  the  desired  mode. 

4.  Adjust  remaining  individual  shaker  force 
potentiometers  to  a  midrange  setting  of  5. 

5.  Using  the  individual  shaker  channel 
scopes  for  Blope  indication,  set  the  shaker  chan¬ 
nel  phase  selectors  of  all  remaining  shaker 
channels  to  the  same  slope-phase  relation  pr<  - 
viously  established  at  the  master  shaker  cha-mel. 

6.  Turn  on  each  of  the  remaining  shaker 
channels,  one  at  a  time,  while  adjusting  frequency 
as  required  to  maintain  a  closed  ellipse  at  Uie 
master  shaker. 

7.  Note  on  the  individual  channel  monitor¬ 
ing  scopes  which  shaker  channel  has  the  most 
open  ellipse  and  adjust  that  shaker  force  (poten¬ 
tiometer)  in  a  direction  toward  closing  the 
ellipse,  then  readjust  frequency  to  close  ellipse 
at  master  shaker(s). 

8.  Repeat  step  7  as  many  times  as  required 
to  close  all  ellipses. 

9.  Check  for  proper  phase  on  all  shakers 
by  turning  off  each  shaker  channel  in  turn  and 
comparing  slope-phase  relation  at  the  individ¬ 
ual  monitoring  scope  with  that  at  the  master 
shaker(s). 

10.  If  the  armature  current  of  any  shaker 
exceeds  the  master  shaker  current,  the  former 
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should  be  selected  as  the  new  master  shaker 
channel  and  steps  7  and  8  repeated  until  all 
ellipses  are  closed.  Armature  current  for  sin¬ 
gle  shakers  must  be  corrected  by  dividing  by  2 
for  determining  the  master  shaker (s). 

11.  Using  the  accelerometer  monitoring 
scopes,  note  the  maximum  acceleration  at  any 
of  the  control  points.  Also  note  the  maximum 
shaker  armature  current.  Then  increase  the 
system  force  level  potentiometer  setting  until 
the  maximum  acceleration  corresponds  to  ±1.0- 
in.  amplitude  or  1.0  g  (the  accelerometer  limit) 
or  until  the  maximum  shaker  armature  current 
becomes  equal  to  the  rated  current  (100  lb  of 
shaker  force),  whichever  occurs  first. 

12.  Retune  mode  if  necessary  by  repeating 
step  7  as  many  times  as  required,  using  the 
final  choice  of  master  shaker  channel  from 
step  10. 

13.  With  the  outputs  of  20  strategically 
located  accelerometers  on  the  structure  selected 
as  inputs  to  the  pen  recorders,  turn  on  the  re¬ 
corders  and  turn  off  the  master  system  power 
switch.  If  the  decay  records  of  the  ensuing  free 
vibration  are  smooth  with  no  frequency  drift  or 
indications  of  beats,  the  mode  is  considered  ac¬ 
curately  tuned  in  and  the  master  power  switch 
should  be  turned  on  and  data  recorded. 

It  should  be  noted  that  steps  11  and  12  of 
this  procedure  insure  that  signals  of  maximum 
possible  strength  within  equipment  limitations 
will  be  obtained  from  the  accelerometers  so  that 
the  recorded  data  will  be  of  the  highest  resolu¬ 
tion  and  accuracy. 

In  most  cases  the  modes  could  be  tuned  in 
in  less  than  15  min.  When  more  time  was  spent, 
the  situation  was  usually  one  where  it  was  nec¬ 
essary  to  move  one  or  more  shakers  before  the 
mode  could  be  tuned  in  or  where  no  true  mode 
existed  for  the  frequency  being  investigated. 


Data  Gathering  and  Oa-Site  Analysis 

In  the  XB-70A  ground  vibration  test,  after 
the  mode  was  tuned  in,  the  accelerometer  ampli¬ 
tude  and  relative  phase  (in  or  out)  with  respect 
to  a  reference  pickup  were  automatically  re¬ 
corded  on  IBM  punched  cards  for  each  of  the 
100  pickups.  On  an  average,  automatically 
punching  the  original  cards,  duplicating  the 
cards,  and  automatically  tabulating  the  data  on 
an  IBM  typewriter  for  on-site  analysis  took 
from  10  to  15  min  per  tnode.  If  trouble  oc¬ 
curred  in  the  automatic  system,  the  data  would 
be  manually  tabulated  and  punched  into  the 


cards.  Manual  tabulation  of  amplitude  and  phase 
information  required  approximately  30  min  per 
mode. 

In  preparation  for  the  XB-70A  ground  vibra¬ 
tion  test,  automatic  CRT  isometric  vector  plots 
of  360  calculated  A/V  modes  were  made.  These 
plots  were  made  for  the  exact  test  conditions, 
including  suspension  system  stiffness  and  mass 
increments,  A/V  test  weight,  test  pickup  loca¬ 
tions  (resulting  in  97th  oruer  matrices  in  the 
solutions),  three  wing  tip  angles,  single  system 
hydraulic  restraints  on  control  surfaces,  and 
flaps  locked  and  unlocked.  The  first  45  sym¬ 
metric  and  the  first  45  antisymmetric  modes  of 
the  A/V  on  the  suspension  system  were  com¬ 
puted  for  four  configurations.  These  configura¬ 
tions  included  flaps  up  and  locked  for  each  of 
the  three  wing  tip  angles  and  flaps  down  for  zero 
wing  tip  deflection. 

During  the  ground  vibration  test,  manual 
plots  of  the  amplitude  vectors  were  made  on 
isometric  diagrams  of  the  A/V  from  the  tabu¬ 
lated  test  data  as  soon  as  these  data  were  avail¬ 
able.  Plots  of  both  the  automatically  recorded 
and  the  manually  recorded  data  were  made  and 
compared.  These  plots  also  were  compared  with 
the  predicted  modes.  From  these  compari8onsk 
judgments  were  made  as  to  the  quality  of  the 
measured  data,  and  some  idea  was  obtained  as 
to  what  modes  of  flutter  significance  remained 
to  be  tuned  in  and  recorded. 


CONCLUSIONS 

As  a  result  of  adequately  detailed  and  com¬ 
prehensive  equipment  development,  checkout, 
and  other  preparations,  the  overall  system 
functioned  substantially  as  planned.  All  test 
objectives  were  accomplished  within  the  sched¬ 
uled  test  period.  The  system  proved  to  be  very 
reliable  even  without  allowing  for  its  relatively 
great  complexity.  It  appeared  to  be  easier  to 
operate  than  a  simple  two- shaker  system  em¬ 
ploying  "search"  pickups  for  mode  shape  meas¬ 
urements.  The  ease  of  operation  is  considered 
to  be  due  not  only  to  the  adequacy  and  the  con¬ 
venient  arrangement  of  controls,  but  also  to  the 
elimination  of  the  "search"  operation  in  the 
mode  shape  measurements,  the  virtual  elimina¬ 
tion  of  the  need  to  move  shakers,  and  the  divi¬ 
sion  of  the  overall  problem  into  a  number  of  well- 
defined  jobs  for  which  individual  crew  members 
were  given  advanced  training  on  a  full-scale 
laboratory  setup.  The  provision  of  three  crews 
working  around  the  clock  on  overlapping  shifts 
also  made  the  job  seem  easier  by  holding  per¬ 
sonnel  fatigue  to  levels  lower  than  those  on  the 
usual  one-  or  two-shift  test  operations. 
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The  maximum  force  output  of  100  lb  per 
shaker,  although  adequate,  was  not  sufficient  to 
drive  the  response  amplitude  for  some  modes 
to  the  shaker  amplitude  limit  of  ±1.5  in.  or  to 
the  accelerometer  overload  limit  of  1.0  g.  How¬ 
ever,  it  is  concluded  that  power  requirements 
were  in  good  agreement  with  predicted  require¬ 
ments  from  detailed  calculations  for  each  mode. 

As  anticipated,  no  resonances  of  the  shaker 
supports  were  obtained  throughout  the  test.  This 
was  the  case  for  both  the  rigid  tripod  shaker 
supports  and  the  low-frequency  pendulum  verti¬ 
cal  tail  shaker  supports  mounted  on  bridge 
cranes  from  the  hangar  ceiling.  Also  it  is 
noteworthy  that  no  resonances  of  the  hangar 
floor  or  ceiling  were  detected  over  the  fre¬ 
quency  range  of  the  tests.  Consequently,  the 
shaker  velocity  coils  ,  installed  between  the 
shaker  field  coils  and  the  shaker  armature 
coils,  accurately  indicated  the  absolute  arma¬ 
ture  velocity  as  required  for  mode  tuning. 

The  novel  procedure  developed  for  the  fre¬ 
quency  sweeps,  utilizing  20  shakers  simulta¬ 
neously  with  a  similar  number  ox  pickuos,  made 
it  possible  to  obtain  resonant  peaks  for  the  sym¬ 
metric  or  antisymmetric  flutter  significant 
modes  of  the  entire  A /V,  for  a  given  configura¬ 
tion,  with  only  one  sweep.  The  benefits  of  sub¬ 
stantial  savings  in  time,  increased  accuracy 
(resulting  from  the  use  of  a  distributed  force 
over  the  A/V),  and  the  virtual  elimination  of  the 
possibility  of  not  obtaining  an  indication  of  all 
modes  of  interest  were  realized  compared  with 
the  usual  sweep  methods  employ  mg  two  shakers 
but  requiring  about  four  times  as  many  sweeps. 

The  iteration  procedure  developed  for  ad¬ 
justing  the  shaker  force  magnitude  and  phase 
sense  of  each  of  the  12  shaker  channels  along 


with  the  excitation  frequency  to  tune  in  a  mode 
proved  to  be  a  rapidly  convergent  and  straight¬ 
forward  operation  requiring  relatively  little  time. 

The  sensitivity  arid  recording  range  capa¬ 
bilities  of  the  servo-accelerometers  were  well 
matched  to  the  capabilities  of  the  excitation  sys¬ 
tem.  In  other  words,  for  only  a  minor  portion 
of  the  modes  excited  was  the  excitation  system 
capable  of  exciting  maximum  response  accelera¬ 
tions  in  excess  of  the  servo-accelerometer  up¬ 
per  limit  of  1  g  (vibratory  acceleration).  For 
all  other  modes  excited,  either  the  100-lb  allow¬ 
able  maximum  shaker  force  (obtained  at  the 
master  shaker)  or  the  ±1.5-in.  maximum  apli- 
tude  (corresponding  to  the  maximum  shaker 
stroke)  was  the  limiting  factor.  Thus,  for  all 
conditions,  the  relatively  high  output  and  reso¬ 
lution  of  accelerometers  with  low  maximum  g 
limits,  as  chosen  for  the  XB-70A  system,  al¬ 
lowed  accurate  mode  shape  data  to  be  recorded 
—  even  for  the  small  accelerations  near  node 
lines. 

In  general,  the  servo  accelerometer  wave¬ 
forms  were  very  clean  except  near  node  lines 
when  the  modal  response  might  be  down  in  the 
noise  level.  Although  not  at  all  necessary  for 
satisfactory  operations,  a  narrow-band  tracking 
filter  could  be  used  to  reduce  the  low  noise  level 
further. 

The  A/V  suspension  system  operated  con¬ 
tinuously  for  the  1C-  1/2-day  test  duration  with¬ 
out  any  trouble.  It  is  believed  that  a  major 
portion  of  the  suspension  system  damping  in  the 
vertical  direction  results  from  a  thermodynamic 
loss  of  energy  through  the  walls  of  the  integral 
air  tanks.  This  loss  of  energy  might  be  sig¬ 
nificantly  reduced  by  the  application  of  thermal 
insulation  to  the  suspension  units. 
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THE  HOW  OF  HELICOPTER  VIBRATION  TESTING 

Ronald  F.  McCann 
The  Boeing  Company 
Morton,  Pennsylvania 


Vibration  is  an  ever-present  environment  in  helicopter  flight.  Ground 
vibration  testing  is  an  inexpensive  method  of  reproducing  vibratory 
motions  induced  by  blade  forces.  The  technique  of  ground  shake  testing 
started  from  inducing  vibratory  modes  by  means  of  many  small  exciters 
attached  to  fuselage  locations  with  relatively  simple  instrumentation  in¬ 
dicating  in-  or  out-of-phase  relationships  of  velocity  pickups  vs  fuse¬ 
lage  location  for  discrete  frequencies.  From  this,  it  has  evolved  into 
relatively  large  exciter  inputs  at  the  rotor  heads  with  considerable  at¬ 
tention  paid  to  instrumentation,  Vith  the  aircraft  suspended  by  steel 
springs,  frequency  sweeps  are  made  from  6  to  20  cps  and  resonant 
points  are  located.  Instrumentation  allows  direct  X-Y  plotting  of  phase 
and  amplitude  vs  frequency  with  IBM  card  punch  recording  of  shaker 
locations,  input  force,  period  of  frequency,  aircraft  configuration,  phase 
angle  and  amplitudes  of  displacement.  It  is  not  the  intent  in  this  paper 
to  be  all-inclusive  but  rather  to  present  the  hiBtory  and  contemporary 
approach  to  ground  vibration  testing  of  helicopters  at  the  Boeing  Com¬ 
pany's  Vertol  Division. 


< 

■  it:' 


INTRODUCTION 

The  helicopter  Is  basically  a  vibration- 
inducing  machine.  Vibration  and  its  effects 
have  long  plagued  the  helicopter  manufacturer, 
so  vibration  reduction  has  a  very  high  priority 
in  the  engineering  department.  Allied  with  this, 
modal  characteristics  of  the  fuselage  are  stud¬ 
ied  for  background  information  on  vibration 
reduction  methods. 

A  comparatively  inexpensive  method  of  ob¬ 
taining  vibration  information  is  the  ground  shako 
test.  Ground  shake  testing  provides  data  per¬ 
taining  to  the  basic  natural  modes  and  forced 
amplitudes  of  the  fuselage  under  excitation  from 
electrodynamic  vibration  exciters.  It  also 


allows  various  methods  of  vibration  reduction 
to  be  examined  and  evaluated  before  flight. 

This  report  presents  the  hiatory  of  ground 
shake  testing  at  The  Boeing  Company's  Vertol 
Division  with  respect  to  the  evolution  of  test 
equipment  and  techniques.  Table  1  shows  the 
chronological  history  of  ground  shake  tests  and 
the  specific  purpose  of  each  te&t. 


GROUND  SHAKE  TESTS  UTILIZING 
MULTIPLE  SHAKERS 

In  the  early  stages  of  ground  shake  tests, 
extensive  use  was  made  of  the  MIT  multiple 
shaker  equipment.  This  equipment  consisted  of 
24  electrodynamic  shakers  which  could  be  indi¬ 
vidually  or  collectively  powered,  operated,  and 
frequency-,  phase-,  and  force- controlled  from 
a  central  console.  The  console  included  a  nor- 
mallzer,  24  pickup  attenuator  circuits  and  a 
cathode  ray  oscilloscope.  The  shakers,  capable 
of  20  lb  of  force,  were  used  in  a  frequency  range 
of  5  to  100  cps.  Each  shaker  had  a  sensitive 
vacuum  tube  accelerometer  pickup  attached  to 
its  armature. 

The  theory  on  which  the  equipment  opera¬ 
tion  was  b,,sed  considered  that  the  aircraft 
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TABLE  1 

Chronological  History  of  Ground  Shake  Tests' 


Aircraft 

Date  of 
Test 

Purpose  of  Test 

YH-21 

19D? 

Determine  natural  frequencies  and  corresponding  mode  shapes  of  the  fuse¬ 
lage  and  natural  frequencies  of  engine  as  installed. 

H-21C 

1954 

Determine  effect  of  pylon  and  longeron  stiffening  on  natural  frequencies, 
mode  shapes  and  forced  responses. 

HUP 

1955 

Determine  natural  frequencies  and  corresponding  mode  sh;  pes  of  heli¬ 
copter  fuselage. 

H-21B 

1955 

Simulate  reported  high-frequency  response  of  the  helicopter  as  experi¬ 
enced  in  the  cockpit  area;  localize  problems  and  develop  suitable 
remedies. 

YH-16 

1956 

Obtain  the  natural  modes  and  frequencies  of  a  fuselage  which  closely  simu¬ 
lated  the  dynamic  characteristics  of  the  proposed  H-16B;  obtain  test  val¬ 
ues  which  could  be  correlated  with  the  results  of  analysis  using  design 
data  available;  by  such  correlation  improve  the  analysis  method  so  the 
H-16B  fuselage  natural  modes  and  frequencies  could  be  reliably 
predicted. 

Model  42 

1957 

Determine  natural  frequencies  and  mode  shapes  at  two  different  gross 
weights. 

YHC-1A 

I960 

Determine  the  lorgitudinal-vertieal  and  lateral-torsion  natural  frequencies  | 
of  the  helicopter. 

H-21C 

1960 

Determine  vibration  characteristics  of  the  helicopter. 

YHC-1B 

1961 

Determine  longitudinal,  vertical  and  lateral  torsion  natural  frequencies  of 
gross  weights. 

HC-1B 

1963 

Determine  the  natural  frequency  and  mode  shape  of  the  second  vertical 
bending  mode  for  various  ballast  configurations  and  gross  weights,  with 
and  without  fuselage  stiffening. 

CH-113 

1963 

Determine  the  longitudinal-vertical  and  lateral-torsion  natural  frequencies. 

CH- 113 

1963 

Determine  the  effect  of  recommended  stiffening  configuration  (fuselage)  on 
the  two  natural  frequency  modes. 

CH-46 

1963 

Define  the  natural  modes  and  forced  amplitudes  of  the  helicopter  to  provide 
correlative  data  to  support  in-flight  rotor  load  and  shake  tests;  evaluate 
modifications  to  the  modal  characteristics  of  the  fuselage  resulting  from 
the  incorporation  of  prototype  hardware  fixes. 

CH-46 

1964 

Obtain  basic  data  from  modifications  made  from  fixes  resulting  from  the 
previous  shake  test. 

CH-47 

_ 

1964/65 

Obtain  basic  data  for  the  aircraft  in  various  new  high  gross  weight  con¬ 
figurations;  dete.  mine  effect  of  gross  weight  and  center  of  gravity  loca¬ 
tions  on  the  aiT  craft  vibration  characteristics. 

structure  was  composed  of  enough  appropriately 
selected  discreet  and  elastically  connected 
masses  to  allow  a  satisfactory  representation  of 
the  required  number  of  higher  order  modes,  and 
to  provide  a  shaker  for  each  mass  at  its  effec¬ 
tive  location.  Each  shaker  was  then  attached  to 
the  structure  at  a  selected  point  and  assigned  a 
specifically  apportioned  mass  of  structure  to  be 
moved.  The  pickups  attached  to  me  shakers 
provided  information  relative  to  the  amplitude 
of  each  mass  section  for  use  in  the  console 
circuits  to  allow  selection  of  the  proper  mode 
excitation.  Each  shaker  had  a  separate  control 
channel,  and  the  console  controls  provided 
means  for  converging  or.  the  natural  frequency 
of  each  "pure"  natural  mode  and  adjusting  the 


excitation  to  provide  a  force  from  each  shaker 
proportional  to  the  product  of  the  mass  and 
amplitude  at  its  respective  station.  The  cir¬ 
cuits  providing  this  proportioning  of  shaker 
force  required  that  a  mass-ratio  adjustment  be 
made  at  each  shaker  control  station.  This  in¬ 
volved  listing  all  shaker  Jccations,  together  with 
assigned  masses,  calling  the  smallest  mass 
unity,  and  finding  the  mass  ratio  for  each  other 
station.  The  mass  ratio  was  set  directly  on  the 
calibrated  dial  for  the  control  channel  to  which 
each  respective  shaker  station  is  attached. 

A  station  selector  switch,  which  could  be 
set  to  any  one  of  the  24  shakers,  connected  a 
voltage  signal  from  the  armature  control 
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(Variac)  to  the  Y-axis  of  an  oscilloscope.  An 
Integrating  circuit  displayed  the  accelerometer 
output  as  velocity  on  the  X-axis.  Thus,  the  oscil¬ 
loscope  displayed  the  pha-'e  relationship  and 
proportionality  between  a  particular  shake r 
force  and  the  velocity  response  of  the  structure 
at  the  point  where  the  shaker  was  attached.  The 
normalizer  was  a  special  feature  which  auto¬ 
matically  modified  the  velocity  signal  on  the 
oscilloscope  to  provide  a  visual  indication  of 
the  appropriate  force  adjustment  required  to 
obtain  the  prope  •  type  and  slope  of  Lissajous 
patterns.  This  allowed  iiie  operator  manually 
to  apply  a  force  proportional  to  the  product  of 
an  assigned  mass  and  the  actual  vibration  am¬ 
plitude  to  any  or  all  shakers  while  maintaining 
the  same  proportionality  at  a  master  shaker 
which  vibrated  at  or  near  a  resonant  frequency 
of  the  structure. 

In  the  early  days  of  ground  shaking,  the 
aircraft  was  usually  suspended  from  the  build¬ 
ing  structure  by  elastic  cords  attached  to  the 
rotor  heads,  thus  giving  the  ship  90  percent 
vibration  isolation  (Fig.  1).  The  shakers  were 
positioned  along  the  fuselage  in  such  a  manner 
as  to  produce  the  particular  mode  of  vibration 
sought  after.  Weight  was  added  to  the  rotor 
heads  to  simulate  the  blades  and  hub  mecha¬ 
nism.  Ballast  was  used  to  bring  the  aircraft  to 
the  desired  gross  weight.  Frequency  sweeps 
were  made  from  2.5  to  30  cps.  For  the  very 
low  frequencies  a  mechanical  shaker  was  em¬ 
ployed.  Testing  proved,  however,  that  it  was 
unnecessary  to  sweep  below  5  and  above  20  cps. 
The  mecnanical  shaker  proved  to  be  too  inflex¬ 
ible  for  ease  of  ‘esting,  and  its  use  was  infre¬ 
quent  thereafter. 


GROUND  SHAKE  TESTS  UTILIZING 
SINGLE  OR  DUAL  SHAKERS 

Before  1960,  relatively  high-force  shakers 
were  used  only  where  force  levels  were  beyond 
those  of  the  smaller  MIT  units,  usually  for 
forced  response  data. 

It  became  apparent,  however,  that  a  closer 
approximation  of  the  actual  flight  conditions 
could  be  obtained  by  inducing  the  excitation  of 
the  rotor  heads.  Other  locations  Buch  as  the 
nose  gear  strut  were  used  for  convenience  dur¬ 
ing  various  ground  shakes  due  to  the  difficulty 
of  hanging  shakers  and  attaching  them  to  the 
rotor  heads.  Typical  uf  shakers  used  were  the 
Calidyne  Model  44,  Model  58  and  MB  C-5. 

MB  velocity  pickups  were  used  Blnce  they 
had  greater  sensitivity  at  low  frequencies  than 
accelerometers.  Integrating  amplifiers  were 
connected  to  Brush  records  equipped  with  pre¬ 
cision  step  attenuators.  Mode  shapes  were  de¬ 
termined  by  phase  relationship  of  the  recorded 
pickup.  As  testing  progressed,  more  pickups 
were  used  and  CEC  linear  integrating  ampli¬ 
fiers  were  used  with  a  26-channel  CEC  oscil¬ 
lograph.  The  pickups  were  placed  at  strategic 
locations  in  the  fuselage,  and  in  some  cases 
one  was  used  as  a  probe. 

Steel  spring  banks  replaced  the  elastic 
cords,  with  spring  rates  calculated  to  obtain 
rigid  body  frequencies  of  the  suspended  heli¬ 
copter  well  removed  from  the  expected  flexible 
mode  frequencies. 

Excitation  was  provided  at  both  forward  and 
aft  rotor  hubs  in  the  following  general  arrange¬ 
ments: 


Fig.  1  -  YH-21  ground  shake  test 
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Position 


Mode 


Longitudinal  Vertical/longitudinal 

Vertical  Vertical/longitudinal 

Lateral  Lateral/  torsional 

Each  configuration  o f  the  aircraft  was  tested  in 
this  manner. 


CONTEMPORARY  TEST  PROCEDURE 

The  aircraft  is  suspended  at  each  hub  from 
a  gantry  with  spring  banks  having  250  lb/ln. 
deflection  per  spring  (Figs.  2  and  3).  Rotor 
blades  are  removed  and  steel  plates  with  lead 
ballast  are  used  to  simulate  blade  mass. 


linearly  as  frequency  increases  and  decreases. 
This  force  is  transmitted  from  the  shaker  head 
to  the  aircraft  by  a  strain- gaged  'ink.  The  re¬ 
sponse  of  this  liak  is  used  co  measure  the  force 
applied  to  the  aircraft  and  is  fed  jack  to  a  servo 
control  and  then  to  a  sweep  oscillator  as  a  ref¬ 
erence  signal  for  automatic  control  of  the  ex¬ 
citer  force  level. 

Vibration  pickups  are  located  in  approxi¬ 
mately  100  locations  on  fhe  aircraft  (Fig.  4). 
Since  instrumentation  limits  recording  to  one 
channel  at  a  time,  key  locations  are  chosen  and 
frequency  sweeps  are  made  for  each  of  these 
locations.  Approximately  11  pickups  for  each 
shaker  position  are  used,  including  cockpit,  for¬ 
ward  hub  (three  direction),  cabin,  aft  hub  (three 


Fig.  2  -  CH-47  ground  »hake  test 


Single  exciter  operation  is  used  for  longi¬ 
tudinal  and  lateral  conditions,  and  dual  exciter 
operation  is  used  for  vertical  and  pitch  condi¬ 
tions.  For  vertical  tests,  the  shakers  are  oper¬ 
ated  in  phase;  for  pitch  tests  the  shaker  forces 
are  applied  180  deg  apart,  producing  a  periodic 
moment  at  the  rotor  head. 

For  each  test  configuration  a  continuous 
sweep  is  made  over  a  frequency  band  from  6  to 
20  cps,  uelng  a  logarithmic  sweep  rate,  with  a 
total  sweep  time  of  approximately  70  sec.  Lin¬ 
ear  exciting  forces  are  set  to  500  lb  at  10  cps, 
and  programmed  to  increase  and  decrease 


directions),  and  fuel  tanks.  Prior  to  recording 
the  instrumentation  output,  a  plot  of  ramped 
force  input  is  made  while  sweeping  through  the 
test  frequency  range.  After  this  is  completed, 
each  of  the  key  channels  is  swept  through  the 
test  frequency  range  ar.d  the  phase  angle,  ref¬ 
erenced  to  the  input  force,  and  the  amplitude  of 
displacement  is  plotted. 

Resonant  responses,  indicated  by  apparent 
amplitude  buildups,  are  located  and  the  response 
of  all  vibration  pickups  are  recordeo  at  each 
discrete  frequency.  Information  recorded  on 
IBM  cards  includes  the  following:  configuration 
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code  number,  exciter  location  and  input  direc¬ 
tion  code  number,  input  force  code  number, 
period  of  the  frequency  code  number,  phase 
angle  referenced  to  force,  and  amplitude  of 
displacement. 

The  procedure  for  dual  shaker  operation  is 
the  same,  except  for  the  following: 

1.  The  data  system  is  modified  to  provide 
parallel  systems  for  applying  a  drive  signal  to 
two  exciters. 

2.  The  force  input  applied  to  the  test 
specimen  by  each  shaker  is  25G  lb  at  a  fre¬ 
quency  of  10  cps  and  straight  line  ramped  to 
500  lb  at  20  cps.  These  inputs  are  applied  18 
In.  on  either  side  of  the  rotor  shaft  for  the  ver¬ 
tical  tests  and  18  In.  fore  and  aft  of  the  rotor 
shaft  for  the  pitch  test. 

Single  and  dual  shaker  locations  are  shown  in 
Figs.  5  through  11. 


DATA  SYSTEM 

The  data  system  consists  of  the  S-4Q0  con¬ 
sole,  IBM  Model  526  card  punch,  with  MB  Model 
No.  124  velocity  pickups.  The  console  consists 
of  equipment  necessary  to  originate  the  sinus¬ 
oidal  input  signal,  measure  and  plot  responses 
and  furnish  the  measured  modal  response  of 
discrete  frequencies  to  the  card  punch  in  ma¬ 
chine  language. 

A  sinusoidal  ac  signal  is  generated  by  the 
B&K  sweep  oscillator  and  is  fed  through  a 
power  amplifier  to  the  shaker.  The  amount  of 
amplification  is  controlled  by  a  force  control 
which  is  a  2-kilohm  one-turn  potentiometer. 

The  strain-gaged  force  link  transmits  the  pe¬ 
riodic  motion  of  the  shaker  head  to  the  aircraft. 

The  strain  gage  mounted  on  the  fuse  link 
measures  the  dynamic  strain  in  the  link  (using 
the  BA- 13)  determining  the  force  applied  to  the 
aircraft.  The  output  signal  from  the  strain 
gage  is  also  used  to  control  the  input  signal  to 
the  exciter  by  feeding  it  through  a  servo  control 
and  back  to  the  sweep  oscillator. 

The  strain  gage  signal  coming  through  the 
CEC  Linear /Integrate  Amplifier  (linear  mode) 
is  also  injected  into  a  Spectral  Dynamics  Model 
SD1012  tracking  filter.  The  tracking  filter  pre¬ 
sents  two  outputs.  The  first  is  a  100-kc.  phase- 
sensitive  Lined  ac  signal.  The  amplitude  repre¬ 
sents  the  phase  of  the  force  signal  and  is  directed 
to  the  phase  meter  for  measuring  the  phase  dif¬ 
ferences  between  the  force  signal  and  velocity 


Fig.  5  -  Longitudinal  shaker  position, 
forward  rotor 


pickup  signals.  The  second  output  is  a  dc  sig¬ 
nal  representing  the  force  level.  This  dc  signal 
is  fed  to  the  Y-axis  of  the  X-Y  amplitude  plotter. 
The  sweep  oscillator  signal  is  sent  through  a 
frequency  meter,  which  provides  a  dc  signal 
proportional  to  the  frequency.  This  signal  is 
used  to  drive  the  X-axis  of  both  X-Y  plotters. 

The  velocity  pickup  signals  are  fed  into  a 
patch  panel  and  into  a  crossbar  scanner.  The 
scanner  is  an  electronic  switch  which  may  be 
operated  manually  or  remotely  and  can  present 
each  of  200  (3-wire)  signal  channels  (one  chan¬ 
nel  at  a  time)  to  a  common  output  with  a  visual 
channel  display  and  a  digital  output  to  the  card 
punch.  From  the  scanner  the  velocity  pickup 
signal  is  fed  through  a  CEC  Linear /Integrate 
Amplifier.  It  is  integrated,  amplified  and  fed 
into  a  second  "racking  filter. 

The  tracking  filter  again  presents  two  sig¬ 
nals.  The  100-kc  phase-sensitive  tuned  ac  sig¬ 
nal  has  an  amplitude  representing  the  phase  of 
the  incoming  displacement  signal  and  is  fed  to 
the  phase  meter  where  the  difference  between 
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Fig.  6  -  Longitudinal  shaker  position,  aft  rotor 


Fig.  7  -  Vertical  and  pitch  shaker  position, 
aft  rotor 
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Fig.  8  -  Vertical  and  pitch  shaker  petition, 
forward  rotor 


Fig.  10  -  Vertical  and  roll  shaker  position, 
aft  rotor 


Fig.  11  -  Lateral  position,  tr  ward  rotor 


Fig.  9  -  Vertical  and  roll  shaker  position, 
forward  rotor 
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tills  signal  and  a  comparable  signal  from  the 
force  system  Is  measured.  This  difference  Is 
the  phase  angle  by  which  the  displacement  lags 
the  Input  force.  The  other  output  is  a  dc  signal 
representing  the  amplitude  of  displacement 
measured  by  the  pickup.  This  signal  is  fed  to 
the  Y-axis  of  the  X-Y  amplitude  plotter  during 
frequency  sweeps.  It  is  also  fed  to  an  encoder 
and  a  Datex  translator,  which  convert  the  signal 
to  a  binary  code  for  delivery  to  the  card  punch. 
The  phase  meter  output  is  a  dc  signal  fed  to  the 
encoder,  the  translator,  and  the  Y-axis  of  the 
phase  plotter.  This  dc  signal  represents  the 
value  In  degrees  by  which  the  MB  signal  lags 
the  reference  signal  and  is  proportional  to  the 
negative  of  the  phase  angle. 

The  sweep  oscillator  provides  an  Input 
signal  to  the  Spectral  Dynamics  Model  SD1010. 

A  100-kc  signal  is  then  obtained  from  a  side 
band  of  the  SD1010  and  is  used  as  a  common 
carrier  input  for  both  of  the  tracking  filters  to 
slave  the  tracking  units  to  the  excitor  frequency. 

A  program  control  chassis  is  provided  for 
controlling  tests  from  one  central  location.  The 


28-v  dc  power  supplies  the  necessary  voltage 
to  activate  the  various  relays  and  switch  lights. 
Also  included  is  a  switch  and  R-Cal  box  pro¬ 
vided  for  switching  between  two  strain-gaged 
links  and  for  calibration  of  the  system  in  con¬ 
junction  with  the  BA- 13  strain  bridge  and  am¬ 
plifier  network. 

Figure  12  shows  a  diagram  of  the  fuselage 
response  in  vertical  bending  and  lateral  torsion. 
Figure  13  shows  a  comparison  between  test  re¬ 
sults  and  analytical  calculations.  The  signal 
flow  diagram  for  shaker  operation  is  shown  in 
Fig.  14. 


CONCLUSION 

By  using  the  ground  vibration  techniques, 
the  gap  between  analytical  and  experimental 
calculations  is  closing.  Ground  shake  testing 
is  an  effective  means  for  synthesizing  vibration 
levels  for  certain  configuration  changes  and  for 
evaluating  these  changes. 


7.6  CPS  -  1st 
VERTICAL  BENDING 


.1  CPS  -  1st 
LATERAL  TORSION 


Fig.  12  -  Fuselage  response  to  ground  shake  test 
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Fig.  13  -  Comparison  of  fuselage 
natural  modes,  calculated  vs  test 
values 


DISCUSSION 


Mr.  Lyon  (Bolt  Beranek  and  Newman):  Did 
your  studies  give  any  information  on  the  damp- 
ing  of  the  modes  of  vibration  ? 

Mr.  McCann:  No. 

Mr.  Rommel  tLockheed-California  Co.): 

In  a  few  years  you  have  gone  from  using  a  num¬ 
ber  of  multiple  shakers  to  using  two  shakers 
located  at  the  rotor  heads.  Is  this  a  change  in 
emphasis  from  the  determination,  of  modes  to 
the  simulation  of  the  vibratory  source? 


Mr.  McCann:  There  are  two  answers  to 
your  question.  T think  the  multiple  shaker  ap¬ 
proach  is  good  for  obtaining  the  pure  modes, 
and  I  think  our  dynamics  people  would  like  to 
have  this.  However,  we  have  another  problem; 
the  multiple  shaker  philosophy  was  more  or 
less  set  aside  when  we  began  to  concentrate  on 
the  input  of  the  larger  shakers  to  obtain  the  re¬ 
quired  force  response.  I  think  that  we  are  now 
economically  in  a  position  to  use  the  larger 
shaker  to  get  the  force  response,  rather  than 
being  concerned  with  modes.  Our  dynamics 
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Fig.  14  -  Block  diagram  of  ground  shake  test  data  system 


people  are  oriented  toward  the  output-per- 
pound- of -input  philosophy. 

Mr.  Rommel:  I  feel  that  the  multiple 
shaker  concept  is  better  for  the  determination 
of  mcdes  as  an  end  in  itself  but  the  two  shakers 
that  you  have,  one  for  each  rotcr  head,  is  per¬ 
haps  better  from  the  standpoint  of  simulating  a 
service  environment. 

Mr.  McCann:  This  is  true.  The  loads  are 
induced  through  the’  rotor  heads,  giving  a  better 
simulation  of  the  actual  flight  conditions. 

Voice:  I'm  a  bit  surprised,  really  at  the 
paper  before  the  last  one,  to  see  the  multi¬ 
shaker  systems  still  being  used  and  talked  of  in 
terms  of  Lewis  and  Wrisley.  I  think  the  reason 
it  seems  that  you  have  decreased  to  few  shakers 
and  then  returned  to  using  a  number  of  snakers 
is  that  15  or  16  years  ago  multiple  shaker  sys¬ 
tems  were  not  being  used  in  the  right  sense. 

The  assumption  thac  the  force  distribution 
should  be  proportional  to  a  local  mass  times 


displacement,  i.e.,  proportional  to  inertia 
forces,  is  quite  wrong.  You  should  be  trying  to 
replace  the  energy  in  the  system  in  the  same 
way  that  it  is  bemg  dissipated  by  damping 
mechanisms,  and  I  deliberately  use  the  plural. 
There  was  a  paper  given  about  18  months  ago 
by  Skingle  from  the  RAE  Farnborough  in  which 
he  described  a  system  whereby  a  master  exciter 
of  fixed  force  amplitude  and  variable  frequency 
utilized  a  feedback  system  in  which  the  response 
phase  was  used  to  adjust  the  excitation  frequency 
until  force  and  response  at  that  point  were  in 
quadrature.  This  was  followed  by  the  introduc¬ 
tion  of  secondary  exciters,  with  frequency  tied 
to  the  first  exciter  but  with  the  force  distribution 
or  the  forcing  amplitude  again  varied  until  the 
local  response  was  in  quadrature.  One  could 
then  add  as  many  secondary  exciters  as  one 
liked;  of  course,  the  more  added,  the  more  en¬ 
ergy  was  input  in  the  way  it  was  being  dissi¬ 
pated.  Theoretically,  and  in  fact  in  practice,  it 
has  been  shown  that  in  the  vicinity  of  the  reso¬ 
nant  frequency,  you  can  switch  the  whole  lot  on  and 
the  frequency  and  force  distribution  will  sort 
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Itself  out.  You  will  finish  up  with  a  set  of  ex¬ 
citers  and  a  set  of  responses  all  in  quadrature. 
Now,  if  you  measure  these  forces,  you  can  the¬ 
oretically,  and  to  some  extent  In  practice,  deter 
mine  the  actual  damping  matrix  by  calculating 
the  displacement  force,  a  displacement  matrix 
product.  Of  course,  you  now  have  the  force  dis 
tribution  used  in  each  normal  mode.  The  one 
proof  that  a  ground  resonance  test  has  been  a 


good  one,  the  proof  we  generally  use,  is  a  check 
on  the  orthogonality. 

Mr.  Forlifer:  We  appreciate  your  eom- 
ments.  Of  course,  there  is  another  school  of 
thought  on  ground  resonance  surveys  by  using 
one  shaker  and  getting  just  as  good  results  by 
good  analysis  of  the  data. 


* 
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RESONANCE  TESTING  OF  A  LIFTINC 
BODY  REENTRY  VEHICLE* 

G.  Sardella  and  C.  L.  Riggen 
The  Martin  Company 
Baltimore,  Maryland 


Resonance  tests  of  the  Martin  SV-5D  lifting  reentry  vehicle  were  con¬ 
ducted  to  substantiate  experimentally  the  theoretical  treatment  used  in 
the  calculation  of  the  vehicle  vibration  mode  properties  and  to  measure 
parameters  which  are  too  complex  for  theoretical  treatment  such  as 
structural  damping  coefficient.  Tests  were  conducted  for  configurations 
representing  boundary  conditions  for  the  launch  and  reentry  phases  of 
flight.  Tests  were  performed  on  a  prototype  vehicle  which,  except  for 
the  mass  and  inertia  simulation  of  "black  boxes,"  wiring  and  plumbing, 
consisted  of  the  production  flight  article  structure  and  ablative  heat 
shield.  The  response  of  the  vehicle  under  sinusoidal  excitation  was 
predicted  by  the  matrix-force  method  to  contain  modes  which  were 
closely  spaced  in  frequency  and  deflection  patterns  which  were  complex 
requiring  three-dimensional  representation.  These  requirements,  in 
addition  to  a  severe  internal  space  limitation,  formed  the  basis  for  a 
test  approach  which  included  a  unique  automatic  data  processing  loop. 
Typical  three-dimensional  mode  shapes  are  presented  for  both  of  the 
configurations  tested. 


INTRODUCTION 

The  SV-5D  is  an  aerodynamicallv  shaped 
maneuverable  lifting  reentry  vehicle,  weighing- 
less  than  1000  lb,  which  has  been  designed  and 
is  being  manufactured  by  the  Martin  Company 
under  U.S.  Air  Force  contract  as  a  part  of  the 
START  (Spacecraft  Technology  and  Advanced 
Reentry  Test)  Program.  The  vehicle,  to  be 
launched  into  suborbital  flight  by  the  Atlas  SLV- 
3,  is  a  v/ingless,  V-shaped  plane  with  an  airfoil 
cross  section  and  vertical  fin/ rudders  (Fig.  1). 

It  Is  constructed  using  conventional  aircraft 
aluminum  structure  covered  with  a  Martin- 
developed  ablative  heat  shield.  Aerodynamic 
control  is  provided  by  fixed  upper  flap  surfaces 
and  two  movable  flaps  of  beryllium  substruc¬ 
ture  on  the  underside. 

The  SV-5D  structure  required  the  formula¬ 
tion  of  a  detailed  mathematical  model  to  predict 
static  and  dynamic  properties  of  the  vehicle  for 
the  complete  spectrum  of  mission  requirements 
from  lift-off  through  recovery  phases.  To  ana¬ 
lyze  the  vehicle  with  the  accuracy  and  generality 


♦  This  pap«r  was  not  presented  at  the  Symposium. 


required,  it  was  necessary  to  represent  the 
structure  in  its  entirety.  In  addition  to  the 
stress-strain  analysis  and  interface  loads,  the 
normal  modes  of  this  three-dimensional  struc¬ 
tural  representation  were  computed  using  influ¬ 
ence  coefficients  by  the  Kaufman-Hall  digital 
computer  program  fl,2].  The  size  and  com¬ 
plexity  of  the  model  required  partitioning  of  the 
vehicle  into  five  segments,  aft  section,  equip¬ 
ment  beam,  glove,  recovery  bay,  and  fin/rudder 
(Fig.  2).  The  analytical  treatment  of  these  seg¬ 
ments  and  the  formulation  of  the  composite 
model  is  discussed  in  detail  by  Skeer  and  Stein 
[3]. 

Modal  frequencies  and  deflection  patterns 
were  computed  for  these  boundary  conditions: 
flexible  support,  rigid  support,  free-free  vehi¬ 
cle,  and  free-free  recovery  vehicle.  Although 
each  condition  was  directed  primarily  towards 
some  particular  aspect  of  the  flight  profile,  the 
rigid  support  was  one  directed  particularly  for 
verification  by  ground  resonance  testing.  Modal 
deflection  patterns  were  complex  and  sufficiently 
numerous  that  a  three-dimensional  representation 
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Fig.  1  -  SV-5D  reentry  vehicle 


using  the  Benson- Lehner  J- Plotter  in  conjunc¬ 
tion  with  the  Kaufman-Hail  digital  program  was 
utilized  for  efficient  evaluation  of  the  analytical 
results. 


RESONANCE  TEST  REQUIREMENTS 

Verification  of  the  normal  vibration  modes 
of  the  SV-5D  by  ground  resonance  testing  was 
determined  necessary  to  verify  previous  dy¬ 
namic  calculations,  environments,  and  the  dy¬ 
namic  design  adequacy  of  the  vehicle.  Configu¬ 
rations  representing  boundary  conditions  for 
launch,  reentry  (free  flight),  and  a  rigid  canti¬ 
lever  case  were  selected  for  test  correlation. 
Examination  of  the  results  of  the  structural 
analysis  revealed  a  large  number  of  vehicle 
modes  in  the  frequency  range  of  interest,  many 
of  them  with  complex  mode  shapes  with  fre¬ 
quencies  closely  spaced.  Further,  a  symmetric 
and  antisymmetric  mode  comparison  indicated 
close  proximity  of  torsion,  bending  and  compo¬ 
nent  modes.  It  was  apparent  the  separation  of 
the  vehicle  modal  responses  would  be  a  difficult 
task,  as  would  be  the  identification  of  the  modes. 

Definition  of  the  modal  responses  suggested 
use  of  the  phase  separation  technique  as  devel¬ 
oped  by  Stahle  [4,5],  This  would  permit  isola¬ 
tion  of  individual  modes  eliminate  the  effects 
of  modal  interaction  in  the  response.  Also,  the 
need  for  a  large  number  of  excitation  points,  im¬ 
practical  on  a  vehicle  of  this  size  and  complexity, 


Fig.  2  -  Composite  SV-5D  complex  model 
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would  be  avoided.  This  technique  would,  in  ad¬ 
dition,  provide  another  means  of  damping 
measurement. 

Mode  shape  definition  by  deflection  patterns 
for  the  representation  of  over  400  grid  points 
would  require  three  times  that  number  of  accel¬ 
erometers.  This  was  not  only  economically  un¬ 
feasible  but  also  a  physical  impossibility.  It 
was  deter  mined  that  the  internal  volume  of  the 
vehicle  was  severely  restricted  in  the  areac  of 
primary  structure  where  grid  points  could  be 
represented  by  triaxial  accelerometers.  A 
compromise  arrangement  of  transducers  was 
determined  which  combined  the  economic  and 
physical  requirements  with  the  capability  of  a 
commercially  available  component  analyzer  and 
signal  conditioning  equipment.  In  addition,  for 
direct  comparison  with  analytical  mode  shapes, 
three-dimensional  mode  shape  representation 
was  determined  as  a  necessary  test  requirement. 

TEST  APPROACH 
Test  Article 

A  full-scale  test  artlci-2,  structurally  iden¬ 
tical  to  the  flight  article,  was  utilized  to  imple¬ 
ment  the  ground  i  esonance  tests .  In  addition  to 
a  complete  structure  including  all  bracketry  for 
installation  of  major  pieces  of  equipment,  the 
ablative  heat  shield  identical  to  its  flight  con¬ 
figuration  was  also  provided.  The  test  article 
contained  an  operating  hydraulic  system  and  a 
recovery  system  complete  v.'ith  a  dummy  chute 
and  fittings.  All  other  components  were  simu¬ 
lated  in  weight,  c.g.  and  mounting  configura¬ 
tions  by  steel  boxes  and  lead.  Weight  and  c.g. 
of  this  vehicle  was  verified  within  0.1  percent 
using  the  flight  article  weight  and  balance  test 
tool. 


Configurations 

Vehicl ;  support  configurations  included  the 
cantileve'  and  free-free  conditions.  Rigid  sup¬ 
port  was  provided  by  attaching  tne  vehicle  aft 
support  points  to  an  arrangement  of  four  Team 
tables  through  mating  pedestals  and  an  adapter 
plate  (Fig.  3).  A  two-point  suspension  by  las- 
tic  shock  cord  provided  frequencies  lower  than 
2.0  cps  for  all  six  rigid  body  modes  in  the  free- 
free  vehicle  horizontal  position  (Fig.  4). 


Fig.  3  -  SV-5D  resonance  test 
cantilever  configuration 


Fig.  4  -  SV-5D  resonance  test  free-free  configuration 


85 


\ 

I 

i 

Several  shaker  attachment  points  were 
provided  for  symmetric  and  antisymmetric 
excitation  of  the  body  and  fin  modes.  Access 
holes  were  provided  in  the  glove  section 
through  the  heat  shield  for  shaker  inputs  di¬ 
rectly  to  the  equipment  beam.  A  MB  Model 
C-ll  shaker  with  a  relatively  light  armature  of 
2.2  lb  and  a  rated  force  of  50  lb  maximum  was 
used  for  excitation. 


Instrumentation- Analyzer  System 

The  proper  type  and  quantity  of  transducers 
considered  sufficient  without  relocation  to  de¬ 
fine  all  anticipated  modes  were  installed  in  the 
initial  setup.  Seven  Endevco  triaxial  (Model 
2223)  accelerometers  and  20  Endevco  Model 
2235  accelerometers  were  mounted  in  single, 
dual  and  triaxial  configurations  at  pertinent 
locations.  The  small  size  of  the  crystal  trans¬ 
ducer  facilitated  installation  and  minimized  ef¬ 
fects  on  vehicle  response.  Acceleration  signals 
were  amplified  by  a  selection  of  charge  and  volt' 
age  type  Endevco  amplifiers,  and  these  signals 
were  then  fed  to  the  component  analyzer.  Typi¬ 
cal  setup  sensitivity  was  3.0  volts  amplifier 
output  for  1  g  input.  An  Endevco  crystal  force 
transducer  attached  in  series  with  the  shaker 
rod  provided  the  necessary  force  signal  to  the 
component  analyzer.  Force  level  for  all  sur¬ 
veys  and  dwells  was  approximately  5  lb.  The 
complete  instrumentation  system  had  a  flat  fre¬ 
quency  response  from  5  to  2000  cps. 

The  component  analyzer  used  in  this  test 
is  an  Improved  version  of  the  Model  711  wave¬ 
form  analyzer  designed  and  built  by  Weston- 
Boonshaft  and  Fuchs  Company.  In  its  function, 
it  allows  the  detection  of  resonance  frequencies 
by  the  known  change  of  phasing  when  the  excit¬ 
ing  frequency  passes  through  a  resonance.  The 
technique,  essentially  the  same  as  described  in 
Refs.  1  and  2,  provides  a  precise  evaluation  of 
the  ratio  of  real,  imaginary  and  amplitude  (total) 
response  to  the  force  amplitude.  The  analyzer, 
by  Fourier  analysis  methods,  evaluates  both  the 
force  and  acceleration  signals  and  provides  over 
40  db  of  noise  and  harmonic  rejection.  The  fol¬ 
lowing  parameters  were  selected  to  be  printed 
and  punched  on  paper  tape  for  each  of  the  40  ac¬ 
celerometer  channels  during  readout: 

1.  Run  number; 

2.  Accelerometer  channel  number; 

3.  Frequency; 

4.  Phase  angle,  6  x  (force); 

5.  Phase  angle,  62  (acceleration); 


6.  Delta  phase,  a5(r,-5j); 

7.  Force,  real; 

8.  Force,  imaginary; 

9.  Force,  total; 

10.  Acceleration,  real; 

11.  Acceleration,  imaginary; 

12.  Acceleration,  total; 

13.  Acceleration,  in-phase; 

14.  Acceleration,  quadrature; 

15.  In-phase/Force  (total),  ratio;  and 

16.  Quadrature/Force  (total),  ratio. 

The  parameter  used  for  plotting  modal  patterns 
was  the  quadrature/force  (total),  ratio;  the  addi¬ 
tional  items  provided  a  check  of  any  erroneous 
or  questionable  points  in  the  modal  plotting. 


Data  Processing 

Data  processing  consisted  primarily  of  re¬ 
moving  the  punched  tape  after  completion  of 
each  resonance  dwell  and  converting  to  punched 
cards  by  a  tape/card  converter.  These  punched 
cards  (40  per  resonance)  were  then  submitted  to 
the  IBM  1130  digital  computer.  The  digital  pro¬ 
gram  converted  each  punched  card  of  raw  data 
into  suitable  form  for  the  plotting  of  three- 
dimensional  modal  deflection  patterns  auto¬ 
matically  by  the  Benson-Lehner  J-Plotter  (Fig. 
5).  The  resulting  plot  was  then  placed  over  an 
underlay  of  the  vehicle  mathematical  model  for 
evaluation.  This  data  handling  process  provided 
a  normalized  modal  plot  in  final  form  within  15 
to  30  min  after  a  resonance  dwell.  This  enabled 
the  testing  personnel  to  evaluate  readily  all  "ap¬ 
parent"  resonances,  since  the  time-consuming 


Fig.  5  -  Data  processing  diagram 
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and  expensive  hand  reduction  methods  generally 
employed  were  eliminated. 


TEST  RESULTS  AND  OBSERVATIONS 

Testing  of  the  reentry  vehicle  was  limited 
to  the  cantilever  and  free-free  conditions.  For 
these  configurations,  sinusoidal  sweeps  for 
resonances  were  made  in  the  frequency  range 
below  150  cps  for  the  cantilever  case,  below 
200  cps  for  body  modes,  and  below  500  cps  for 
fin  modes  in  the  free-free  configuration.  Reso¬ 
nances  were  detected  by  peaks  indicated  hy  the 
quadrature  response  for  tne  transducers  se¬ 
lected.  Approximately  100  resonances  were 
evaluated  plus  additional  evaluations  as  a  result 
of  sensitivity  adjustments. 

Modal  deflections  were  plotted  and  evaluated 
for  all  significant  peaks  indicated  on  each  quad¬ 
rature/force  graph.  Each  mode  was  identified 


by  deflection  patterns  through  comparisons  with 
the  analytical  plots.  In  most  cases  modes  were 
readily  identified  in  this  manner;  however,  it 
was  found  that  in  the  higher  modes  (above  100 
cps,  with  the  exception  of  the  fin)  identification 
by  modal  deflection  plots  was  not  always  pos¬ 
sible  because  of  the  severely  limited  quantity 
of  transducers.  Also,  these  transducers  may, 
at  the  higher  frequencies,  be  affected  by  local 
resonances,  thereby  obscuring  segments  of  the 
mode  shape.  Verification  of  the  higher  modes 
was,  therefore,  accomplished  by  frequency 
comparisons. 

Comparisons  of  analytical  vs  test  results 
for  some  fundamental  frequencies  are  shown  in 
Tables  1  and  2.  For  both  the  rigid  cantilever 
and  free-free  case,  agreement  of  test  and  anal¬ 
ysis  in  the  lower  modes  was  good  for  the  body 
and  flap  modes.  However,  a  large  deviation 
occurred  in  the  equipment  beam  and  fin  com¬ 
parison.  Examination  of  the  modal  deflection 


TABLE  1 

Comparison  of  Computed  and  Test  Frequencies,  Free-Free  Condition 


Mode 

Mode  Description 

Frequency  (cps) 

Computed 

Test 

Symmetric 

1st  Eq.  beam  bending 

78.37 

50.3 

(pitch) 

1st  flap  mode 

58.15 

55.1 

(Not  identified) 

87.4 

1st  body  bending 

95.27 

92.3 

2nd  flap  mode 

108.10 

_b 

Mode  No.  5 

116.10 

1 14.8 

Mode  No.  6 

150.60 

160. ic 

Mode  No.  7 

156.60 

!167.7C 

Mode  No.  8 

159.50 

■47.6C 

Mode  No.  9 

175.10 

181.4 

Mode  No.  10 

205.50 

191.3 

Antisymmetric 

Battery  bracket 

39.00 

69.3 

(yaw) 

1st  flap  mode 

52.79 

54.7 

1st  Eq.  beam  bending 

76.69 

40.7 

Mode  No.  4 

108.70 

_ a 

Mode  No.  5 

111.00 

111.3 

1st  body  torsion 

129.00 

130.6 

Main  hatch 

133.90 

135.3 

1st  body  bending 

146.50 

141.3 

Mode  No.  9 

156.50 

158.5 

Mode  No.  10 

173.40 

169.3 

1st  Eq.  beam  torsion 

197.20 

202.0 

Fin 

1st  fin  bending 

46.60 

81.1 

1st  fin  torsion 

84.00 

133.6 

1st  fin  camber 

134.50 

224.6 

aNot  investigated. 

bNo  resonance  found. 

cVerified  by  modal  deflection  plot. 
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TABLE  Z 

Comparison  of  Computed  and  Test  Frequencies,  Rigid  Cantilever  Condition 


Mode 

Mode  Description 

Frequency  (cps) 

i 

Computed 

Test 

...... 

Symmetric 

1st  body  bending 

11.83 

11.3 

(pitch) 

1st  flap  mode 

54.50 

40.9 

1st  Eq.  beam  bending 

79.51 

50.3 

2nd  body  bending 

66.75 

58.3 

2nd  flap  mode 

107.90 

_a 

3rd  body  bending 

109.00 

a 

Mode  No.  7 

127.00 

_a 

Mode  No.  8 

153.00 

_a 

Mode  No.  9 

158.10 

_a 

Mode  No.  10 

165.00 

_  a 

Antisymmetric 

1st  body  bending 

29.05 

27.3 

(yaw) 

Battery  bracket 

40.19 

69.3 

1st  flap  mode 

51.48 

_b 

1st  body  torsion 

68.30 

63.9 

1st  Eq.  beam  bending 

76.42 

43.6 

2nd  flap  mode 

100.20 

_a 

Mode  No.  7 

119.70 

_a 

Mode  No.  8 

125.00 

_ a 

Mode  No.  9 

134.10 

_  a 

Mode  No.  10 

153.40 

—  a 

Mode  No.  11 

173.90 

__  a 

Mode  No.  12 

196.00 

—  a 

aNot  investigated. 
bNo  resonance  found. 


plots  for  the  beam  and  the  fin  showed  good  cor¬ 
relation  between  test  and  analysis,  thereby  veri¬ 
fying  these  measured  frequencies. 

An  example  cf  the  modal  deflection  pattern 
and  frequency  sweeps  is  presented  for  a  body 
mode  in  each  test  condition.  A  comparison  of 
analytical  vs  test  mode  shapes  can  be  made  by 
Figs.  6  and  7  for  the  first  structural  bending 
mode  in  pitch  (cantilever).  For  clarity,  these 
plots  show  the  beam  response  segregated  from 
the  body  response.  Taking  advantage  of  sym 
metry,  only  half  the  vehicle  is  shown,  and  for 
clarity  the  fin/ rudder  response  is  omitted.  The 
correlation  of  mode  shapes  is  readily  apparent 
by  this  comparison.  A  plot  of  the  ratios  of  in- 
phase  and  quadrature  acceleration  response  to 
total  input  force  vs  frequency  is  presented  in 
Fig.  8  for  the  pitch  accelerometer  at  the  nose 
of  the  vehicle.  The  lowest  and  most  prominent 
resonance  is  the  first  structural  bending  mode 
in  pitch  (cantilever);  the  second  most  prominent 
resonance  is  the  first  pitch  bending  mode  of  the 
equipment  beam.  The  smaller  resonance  was 
identified  as  the  first  flap  mode  with  the  actuator 
system  unpressurized  (which  was  not  part  of  the 
resonance  search).  Acomparisonof  the  analytical 


Fig,  6  -  Symmetric  constrained  mode  No.  1 
(cantilever),  first  pitch  bending  of  structure, 
11.83  cps  --  analytical  results 


vs  test  mode  shapes  for  the  first  structural 
bending  mode  in  pitch  for  the  free-free  condi¬ 
tion  can  be  made  by  Figs.  9  and  10.  Damping 


Fig.  9  -  Symmetric  free -free  mode 
No.  3,  first  pitch  bending,  95.27  cps  — 
analytical  results 


Fig.  7  -  Symmetric  constrained  mode  No.  1 
(cantilever),  first  pitch  bending  of  structure, 
11.30  cps  --  test  results 


Fig.  8  -  X-Y  plots  of  pitch  accelerome¬ 
ter  response  (cantilever  condition):  (a) 
quadrature  response,  and  (b)  in-phase 
response 


for  the  lower  modes  was  measured  by  both  the 
log  decrement  and  the  in-phase  response  peaks. 
The  damping  factor  >  (defined  as  2c/cc)  was 
determined  to  be  0.041  in  the  first  structural 
bending  mode. 

In  each  configuration  it  was  found  that  all 
modes  of  primary  interest  in  the  plane  under 
test  could  be  excited  by  utilizing  no  more  than 
tv'O  shaker  input  locations;  in  some  cases  one 


Fig.  lu  -  Symmetric,  free-free  mode 
No.  3,  first  pitch  bending,  92.3  cps  — 
test  results 


point  was  sufficient.  The  force  excitation  level 
for  most  sweep. i  and  resonant  dwells  was  low, 
on  the  order  of  5  lb.  In  a  few  tests  the  force 
was  lowered  to  1  or  2  lb  to  minimize  distortion 
on  the  accelerometer  signals.  The  resultant  low 
output  signals  with  some  noise  did  not  appear  to 
affect  the  operating  accuracy  (±1.0  percent)  of 
the  component  analyzer.  Using  the  maximum 
time  constant  setting,  the  analyzer  can  provide 
an  attenuation  of  100  (40  db)  to  a  noise  fre¬ 
quency  only  0.30  cps  from  the  test  frequency. 
Since  most  of  the  noine  content  was  further  re¬ 
moved  from  the  test  frequency,  shorter  aver¬ 
aging  times  were  selected. 
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CONCLUSIONS 


Results  cf  this  resonance  test  verified  the 
dynamic  analysis  of  the  structure  for  the  canti¬ 
lever  (rigid  support  case)  and  the  free-free 
conditions.  This  was  evidenced  by  both  the 
mode  shape  and  frequency  correlation.  Differ¬ 
ences  in  modal  frequencies  for  the  fin  and  beam 
were  investigated  as  to  probable  causes  with 
the  following  conclusions: 

1.  Fin —  In  the  analysis  of  the  structure  the 
ablative  heat  shield  was  considered  nonstruc- 
tural  because  of  its  low  modulus  of  elasticity 
compared  to  that  of  the  aluminum  substructure. 
Its  effect  was  not  considered  sufficient  to  war¬ 
rant  the  additional  complexity  of  the  analysis 
that  would  be  required.  It  was  apparent  after  the 
resonance  tests  that  such  an  assumption  may  be 
valid  only  for  the  body  modes  and  not  for  a  canti¬ 
levered  structural  segment  such  as  the  fin.  This 
was  further  evidenced  by  deflection  data  of  the 
fin  with  no  heat  shield  under  static  load  vhich 
correlated  exactly  with  the  structural  analysis. 

2.  Beam  —  The  attachment  of  the  canti¬ 
levered  beam  structure  to  the  bulkhead  was  de¬ 
termined  as  the  probable  cause  of  the  frequency 
difference.  This  resulted  from  the  assumption 
of  effectiveness  in  the  estimated  lengths  of  the 
bending  elements  at  the  root.  This  effect  caused 
analytical  frequencies  to  be  considerably  higher 
than  the  measured  frequencies. 


The  method  of  data  acquisition  permitted 
swift  and  efficient  modal  evaluation.  This  was 
possible  because  of  the  unique  features  of  the 
component  analyzer  which  permitted  a  quick 
resonance  search  and  of  the  computer /plotter 
loop  which  presented  the  data.  All  data  were 
available  in  final  form  within  minutes  following 
the  resonance  dwell  with  a  substantial  manpower 
saving  during  the  test  and  for  the  report  effort. 
Although  the  verification  of  the  higher  modes  by 
mode  shape  was  limited  by  the  measurement 
arrangement,  it  was  felt  that  improvement  would 
require  not  only  increases  in  number  but  a  com¬ 
plete  substitution  of  a  subminiature  triaxial 
transducer  to  improve  location  effects.  Justifi¬ 
cation  of  the  additional  cost  wouid  have  to  be 
made  in  light  of  the  value,  other  than  academic, 
of  the  higher  mode  shapes.  Improvement  in  the 
data  loop  processing  time  could  be  made  with  a 
small  computer  and  plotter  adjacent  to  the  ana¬ 
lyzer;  the  cost,  of  course,  would  also  have  to 
be  justified  in  light  of  the  slight  time  saving. 

The  log  decrement  method  of  determining 
damping  appeared  to  be  the  most  reliable  from 
the  standpoint  of  repeatability.  Peaking  on  the 
in-phase  response  was  sometimes  found  to  yield 
large  variations.  An  average  value  of  damping 
was  determined  to  be  y  =  0.025  for  most  of  the 
body  modes.  For  the  fin,  where  the  heat  shield 
stiffness  effect  was  greater,  damping  was  found 
to  be  y  =  0.055.  It  was  apparent  the  damping 
contribution  of  the  ablator  was  greatest  on  the 
components  (fin  and  panel  resonances)  rather 
than  having  an  effect  on  the  overall  body  modes. 
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SHOCK  AND  VIBRATION  TESTING 


USING  FOUR-SHAKER  SYSTEM* 


Dean  F.  Redford 
Thiokol  Chemical  Corporation 
Brigham  City,  Utah 


In  June  1965,  Thiokol1  a  Wasatch  Division  was  awarded  a  contract  to 
test  a  LOX  vent  duct  in  three  different  environments:  half-sine  shock, 
swept  frequency  sine  vibration,  and  random  vibration.  To  accomplish 
test  objectives,  four-shaker  systems  were  used  in  conjunction  with  a 
wave  synthesizer,  automatic  sine  wave  vibration  control  units,  and  an 
automatic  random  vibration  control  unit. 

The  shock  pulse,  as  monitored  at  the  shaker  heads,  was  altered  by  the 
inductive-capacitive  characteristics  of  the  drive  system;  consequently, 
the  required  half-sine  pulse  was  ultimately  achieved  through  succes¬ 
sive  trials  and  subsequent  adjustment  of  the  wave  synthesizer. 

The  sine  vibration  environment  was  initiated  and  controlled  by  four 
automatic  vibration  exciter  controllers.  These  units  were,  in  turn, 
controlled  by  phase  control  equipment  to  maintain  the  four- shaker 
heads  at  a  zero  phase  relationship  throughout  the  frequency  spectrum 
of  5  to  2000  cps. 

The  random  environment  was  achieved  with  an  automatic  multi-channel 
random  equalizer-analyzer  used  with  each  of  the  three  exciter  systems. 
Each  exciter  system,  loaded  with  its  respective  fixture  but  without  the 
test  specimen,  was  energized  until  the  desired  spectrum  was  attained, 
at  which  time  the  drive  signals  were  recorded  on  magnetic  tape.  The 
three  drive  signals,  contained  on  parallel  tape  tracks,  were  used  to 
drive  the  individual  shak  rs,  while  the  fourth  shaker  was  driven  by  the 
automatic  equalizer-analyzer. 

Use  of  the  configuration  described  made  it  possible  to  conduct  the  test 
with  a  common  spectrum  supplied  to  the  specimen  from  four  outputs. 
Obviously,  adding  the  specimen  to  the  system  changed  the  response 
characteristics  of  the  fixture -loaded  shaker  system  to  some  extent. 
Further,  since  three  of  the  shakers  did  not  have  feedback  amplitude 
control,  the  random  spectrum  varied  from  that  of  the  unloaded  system. 
The  fourth  shake,  was  held  to  specification  by  the  automatic  equalizer- 
analyr.er.  However,  the  nature  of  the  specimen  was  ,uch  that  the  result¬ 
ing  spectrum  change  was  within  the  ±3-db  limit  specified. 


D.  F.  Redford 


INTRODUCTION 

This  paper  details  the  technique  used  and 
results  obtained  In  shock  and  vibration  testing 
of  a  LOX  vent  duct  used  In  the  S-IVB  stage  of 
the  Saturn  IB  and  Saturn  V  launch  vehicles.  The 
control  system  used  to  perform  the  tests  Is  de¬ 
scribed  with  special  emphasis  on  the  method 
used  to  achieve  the  shock  and  random  vibration 
environment  on  each  of  four- shaker  systems 


♦  This  work  was  conducted  under  a  contract  from  the  Douglas  Missile  and  Space  Systems  Division, 
developers  and  manufacturers  of  the  Saturn  S-IVB  stages. 
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with  a  single  signal  source.  Data  are  presented 
demonstrating  the  validity  o f  the  techniques  used. 


DISCUSSION 

Equipment  Description 

The  test  item,  a  LOX  vent  duct,  had  the  fol¬ 
lowing  configuration; 

Specimen  weight,  36  lb; 

Specimen  length,  20  ft; 

Specimen  diameter,  5  in.;  and 
Test  fixture  weight,  1330  lb. 

The  following  vibration  equipment  (Figs.  1,  2, 
and  3)  was  used  for  the  test: 

2  Ling  Model  248  shakers  with  Model  PP 
120/150  ampllfiers-fixture  (310-  and  170-lb 
load), 

1  Ling  Model  245  shaker  with  Model  10/16 
amplifier -fixture  (30-lb  load),  and 


1  Calidyne  Model  177  shaker  with  Ling 
Model  15/24  amplifier-fixture  (55-lb  load). 

Control  equipment  used  included: 

2  Bruel  and  Kjaer  Model  1029  automatic 
vibration  control  units, 

2  Bruel  and  Kjaer  Model  1018  automatic 
vibration  control  units, 

1  MB  Electronics  Model  T589  equalizer- 
analyzer, 

1  Exact  Electronics  Model  200  waveform 
synthesizer  with  Type  E  plug-in, 

1  Chadwick- Helmuth  Model  500  phase 
controller, 

4  Kistler  Model  568  charge  amplifiers, 

4  Endevco  Model  2242  accelerometers, 


SERVO  SIGNAL 
AMPLIFIER  - 
ATTENUATOR 


500 

KISTLER  AMPLIFIER 

FEET 

MODEL  >68 

Fig.  !  -  Block  diagram,  random  vibration  test 
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1  Ampex  Model  FL300  loop  tape  repro 
ducer,  and 

4  Vidar  Model  400  amplifiers. 


Test  Arrangement 

The  test  arrangement  in  the  tangential  and 
longitudinal  configuration  is  shown  in  Fig.  4. 
The  control  equipment  for  sinusoidal  random 
and  shock  testing  is  shown  in  Fig.  5. 

The  test  specimen  was  installed,  wrapped 
(Fig.  4a),  and  chilled  to  -320°F  by  circulating 
LN2  through  the  duct.  The  duct  was  tested  in 
random  pulse  and  sinusoidal  environment  in 
this  configuration. 


Test  Procedure 

Random  Environment  —  The  random  envi¬ 
ronment  was  produced  by  utilizing  the  single 
equalizer-analyzer  to  control  each  of  the  shak¬ 
ers  (loaded  with  fixture)  prior  to  installation  of 
the  specimen.  As  each  shaker  system  was 


equalized  and  controlled  to  specification,  the 
T589  output  signal  was  recorded  on  magnetic 
tape.  This  information  was  prepared  on  a  loop 
tape  on  parallel  tracks  so  that  the  drive  signal 
for  shaker  systems  2,  3,  and  4  could  be  repro¬ 
duced  continuously  from  the  loop  tape  repro¬ 
ducer  simultaneously  with  the  drive  signal  from 
the  equalizer. 

To  complete  the  setup,  each  of  the  three 
Indicated  shaker  systems  was  driven  from  the 
loop  tape  reproducer  while  the  shaker  system's 
outputs  (accelerometer  located  at  the  control 
point)  were  fed  back  to  the  analyzer  of  the  T589. 
Gains  for  each  system  were  adjusted  until  the 
required  spectrum  levels  were  achieved,  as 
monitored  at  the  analyzer  output  in  terms  of 
g2/Hz.  When  the  required  spectrum  amplitude 
was  achieved  on  each  shaker  system,  the  spec¬ 
imen  was  installed,  chilled  and  tested.  The  re¬ 
sults  of  the  test,  as  monitored  at  the  control  ac¬ 
celerometer  locations,  are  shown  in  Fig.  6. 

During  the  test,  shaker  system  1  was  con¬ 
trolled  by  the  T589  while  systems  2,  3,  and  4 
were  driven  by  the  taped  signal.  As  shown  by 
the  data,  the  specification  was  achieved  by  using 
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Fig.  3  -  Block  diagram,  sine-sweep  test 
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(b) 

Fig.  4  -  Test  arrangement:  (a)  tangential  configuration, 
and  (b)  longitudinal  configuration 


95 


this  method  at  all  points  in  the  spectrum  except 
as  noted  on  the  plots.  The  only  serious  depar¬ 
ture  from  the  specification  occurred  on  shaker 
3  (i.e.,  2.4  db  low  at  26  Hz),  which  was  driven 
by  a  taped  signal. 

Shock  Environment  —  The  shock  environ¬ 
ment  was  reproduced  by  the  method  detailed  by 
Hay  and  Oliva  [1].  The  waveform  synthesizer 
was  used  to  generate  the  input  pulse  which, 
when  differentiated  by  the  shaker  system,  re¬ 
sulted  in  the  half-sine  pulse  (Fig.  7).  The  pulse 
shape  was  optimized  on  shaker  system  1  (with 
fixture  attached  but  without  the  specimen)  and 
checked  on  shaker  systems  2,  3,  and  4.  The 
gains  on  all  systems  were  set  to  achieve  the 
required  20-g  amplitude.  With  all  systems  set 
for  proper  level,  the  specimen  was  added  and 
the  waveform  synthesizer  was  pulsed  to  com¬ 
plete  the  test. 

Sinusoidal  Environment  —  The  sinusoidal 
environment  was  controlled  by  the  four  Bruel 
and  Kjaer  units  (Fig.  3).  These  units  were 
phase  controlled  by  Chadwick- Helmuth  phase 
control  equipment.  The  resulting  data  from 
control  accelerometers  located  at  each  of  the 
four  inputs  are  shown  in  Fig.  8.  Difficulties 
encountered  resulted  from  the  very  low  level 
requirements  at  5  Hz  (i.e.,  0088  DA).  At  these 


levels  the  Bruel  and  Kjaer  units  demonstrated 
difficulty  in  "locking  on'"  to  the  signal.  This 
was  resolved  by  moving  up  the  frequency  scale, 
locking  on  the  B  &  K  servos  and  manually  repo¬ 
sitioning  the  sweep  dial  to  5  Hz  before  starting 
the  sweep. 

CONCLUSIONS 

Results  of  the  random  test  demonstrate 
that  multi-point  input  to  long,  flexible,  light¬ 
weight  specimens  may  be  achieved  economi¬ 
cally  by  taping  the  drive  signals  of  the  second, 
third,  and  fourth  shaker  systems  prior  to  in¬ 
stallation  of  the  specimen,  thus  eliminating  the 
use  of  multiple  input  equipment.  Although  this 
technique  is  subject  to  the  shortcoming  of  open 
loop  control,  it  can  be  employed  on  certain 
types  of  specimens  with  good  results. 

Results  from  the  shock  test  show  that  the 
technique  utilized  provides  an  adequate  shock 
pulse  on  each  of  four  shaker  systems  with  no 
time  correlation  problem.  Some  degradation 
in  the  pulse  wave  was  caused  in  the  third  and 
fourth  shaker  systems  due  to  imposition  of  the 
specimen.  This  effect  would  undoubtedly  be 
amplified  by  a  stiffer  specimen.  However,  for 
certain  types  of  specimens,  this  technique  Is 
completely  acceptable. 
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Sinusoidal  vibration  test  results 
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DESIGN  TECHNIQUES  FOR  HORIZONTAL  DRIVERS 


Fred  C.  Tolleth 

North  American  Aviation,  Inc./Autonetics  Division 
Anaheim,  California 


Design  requirements,  analysis  for  a  large  cast  horizontal  driver  (or 
adaptor!  used  with  a  Ling-249  vibration  exciter,  and  pertinent  data  for 
use  with  the  design  are  presented  in  this  paper.  The  reasoning  behind 
compromises  in  design  is  examined  so  that  a  particular  design  may  be 
used  for  application  to  other  problems.  A  practical  analysis  is  offered 
for  a  single-  and  two-degree-of-freedom  driver  and  shaker  system 
where  the  structural  members,  as  individual  units  and  as  a  whole,  em¬ 
ploy  conclusions  derived  from  unit  analysis. 

Data  recorded  during  the  dynamic  evaluation  of  the  driver  and  shaker 
units,  individually  and  as  a  system,  indicate  the  strong  points  and  short¬ 
comings  of  design.  The  data  obtained  are  in  the  form  of  g's  vs  frequency 
plots  that  reveal  various  force  levels  and  structural  members  of  the 
driver  in  a  loaded  and  unloaded  condition.  To  support  the  design  ap¬ 
proach  taken  here,  four  other  cast  horizontal  drivers  that  use  different 
exciter  heads  but  the  same  technique?  of  design,  which  were  proven 
successful,  are  also  analyzed  in  this  .per. 


INTRODUCTION 

fixture  design  principles  are  deceptively 
simple.  One  can  follow  all  the  rules,  but  still 
produce  a  fixture  that  does  not  meet  expecta¬ 
tions.  Usually  this  occurs  because  of  one  of  the 
following  reasons: 


in  general,  and  to  present  a  procedure  of  design 
for  a  specific  fixture  which,  with  common  sense 
modification,  might  be  applied  to  a  variety  of 
fixture  design  problems.  Attempts  to  parallel 
the  actual  design  activity  are  presented  and 
developed  in  a  logical  manner.  First,  the  de¬ 
sign  parameters  are  developed  for  an  actual 
test  condition.  These  requirements  are  then 
modified  to  fit  a  multitude  of  tests  over  a  period 
of  time  to  reduce  the  cost.  After  the  require¬ 
ments  are  determined,  the  exciter  head  is  ex¬ 
amined  for  mechanical  variables.  When  these 
have  been  determined,  the  design  is  explained 
in  terms  of  the  overall  system,  design  require¬ 
ments,  and  exciter-head  characteristics.  A 
simple  numerical  analysis  accompanies  each 
step  of  the  design  and  is  intended  to  show  that 
compromises  within  the  design  are  necessary 
and  proper. 


1.  The  attitude  prevalent  in  the  testing  in¬ 
dustry  that  a  fixture  is  something  which  can  be 
manufactured  during  the  test  engineer's  spare 
moments,  or 

2.  Failure  to  take  into  consideration  the 
whole  system  during  the  design  procedure. 

The  purpose  of  this  paper  is  to  dispel  some 
of  the  confusion  which  surrounds  fixture  design 


To  support  the  idea  that  fixtures  are  best 
designed  by  people  w  \o  are  specialists  in  this 
field,  a  short  description  of  four  other  cast 
horizontal  drivers  designed  by  other  engineers, 
but  by  essentially  the  same  method,  is  given 
here.  After  the  design  of  the  Ling-249  hori¬ 
zontal  driver  is  completed,  data  are  given  on 
its  performance  in  the  unloaded  condition,  and 
an  attempt  is  made  to  show  that  if  mass  is 
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added  properly,  the  frequency  response  is  rea¬ 
sonably  predictable. 

This  paper  is  not  the  last  word  on  design, 
but  Is  an  attempt  to  show  a  practical  and  usable 
procedure  rather  than  an  abstruse  mathematical 
presentation  which  is  often  difficult  to  apply. 

The  purpose  here  Is  primarily  to  give  the  test 
engineer,  with  little  or  no  design  experience,  a 
system  by  which  he  can  design  a  usable  fixture 
with  greater  confidence  than  is  usually  the  case. 


DESIGN  AND  ENGINEERING 
BACKGROUND 

The  idea  that  design  engineering  and  test 
engineering  are  separate  but  related  fields  of 
endeavor  Is  not  new.  The  testing  industry,  how¬ 
ever,  is  only  recently  revising  its  attitude  which 
defines  the  test  engineer  as  an  expert  in  instru¬ 
mentation,  environmental  testing,  and  design. 
This  revision  in  attitude  probably  has  been 
brought  about  because  of  the  realization  that 
testing  has  increased  in  complexity,  and  too  few 
hours  remain  in  the  day  for  the  test  engineer  to 
complete  all  the  duties  required  of  him.  One 
logical  solution  to  these  circumstances  is  to 
provide  the  testing  laboratory  with  a  broader 
base  of  experience  in  the  form  of  mechanical 
and  structural  design  engineers.  In  this  way 
the  test  engineer  may  be  relieved  of  some  of 
the  duties  which  are  best  fulfilled  by  people  with 
other  specialities.  If  design  engineers  are  pro¬ 
vided  as  a  basic  part  of  laboratory  services  and 
work  closely  with  the  test  engineer,  the  overall 
system  concept  will  be  taken  into  account  during 
the  design  phase.  As  a  result,  the  intended  use 
and  system  performance  level  will  improve. 


DESIGN  DISCUSSION 

Most  of  today's  test  specifications  call  for 
vibration  of  some  level  along  each  of  the  speci¬ 
mens'  three  major  axes.  When  this  is  the  case, 
the  choice  of  designing  three  fixtures,  e.g.,  one 
for  each  axis  of  vibration  to  be  performed  on 
the  head  of  the  shaker,  must  be  balanced  against 
designing  one  fixture  and  a  horizontal  driver. 

The  fixture  In  the  second  instance  must  be  de¬ 
signed  for  use  on  the  shaker  head  for  one  axis, 
and  on  the  slip  table  for  the  two  horizontal  axes. 
The  second  alternative,  while  showing  the 
greatest  cost  savings,  also  orings  with  it  the 
greatest  weight  penalty,  because  only  two  fix¬ 
tures  are  designed  and  built,  rather  than  three. 
Also  in  the  horizontal  axis  the  exciter  head 
must  move  the  driver  as  well  as  the  fixture  and 
specimen.  By  reviewing  past  test  records  for 
specimen  weight  and  test  level  it  also  is  possible 


to  optimize  the  design  of  the  driver  to  work  on 
many  tests  rather  than  just  the  test  at  hand. 

In  this  discussion  the  problem  ‘s  to  design 
a  horizontal  driver  for  use  with  a  Ling-249  vi¬ 
bration  exciter  and  PP  120/150  amplifier.  This 
system  has  a  force  rating  of  30,000  force-lb  or 
75  g  bare  table.  Its  frequency  range  is  from  5 
to  2000  cps  with  a  fundamental  axial  resonance 
above  2000  cps,  where  this  fundamental  axial 
resonance  is  defined  as  a  90-deg  change  in 
phase  relationship  between  the  driver  coil  cur¬ 
rent  and  table  acceleration,  measured  at  the 
table  center.  Any  attaching  structure  or  hori¬ 
zontal  driver  must  have  a  fundamental  reso¬ 
nance  above  2  kc  unloaded,  because  the  maximum 
specification  requirement  is  2000  cps. 

The  design  weight  of  the  driver  is  based  on 
the  maximum  available  force  and  the  maximum 
g-level  and  specimen  weight  expected.  If  125 
lb  are  allowed  for  the  horizontal  driver,  the 
force-pound  rating  of  the  shaker  in  the  hori¬ 
zontal  mode  is  reduced  from  75  g  to  approx¬ 
imately  55  g,  a  reduction  of  26.6  percent.  The 
specific  test  levels  for  which  the  driver  is  to 
be  designed  are: 

1.  Specimen  weight  =  180  1b, 

2.  Bandwidth  -  5  to  2000  cps,  and 

3.  g-level  =  18  rms. 

Using  the  rule  of  thumb,  the  fixture  should  weigh 
three  times  the  specimen  weight  or  180  lb  x  3  = 
540  lb.  The  total  system  weight  indicated  is  as 
follows: 


Armature 

396  lb 

'Driver 

125  lb 

Fixture 

540  lb 

Specimen 

180  lb 

Total 

1241  lb 

To  check  the  system,  28,000  force-lb/ 1241 
lb  =  22.56  g  was  available  during  the  test.  Fig¬ 
ure  1  shows  the  g-level  attainable  with  a  given 
specimen  and  fixture  weight  combination.  It  is 
obvious  that  for  the  normal  test  encountered, 
the  driver  would  be  adequate. 


System  Design 

Reduced  to  its  simplest  terms,  a  horizon¬ 
tal  driver  is  a  structural  component  of  the 
standard  horizontal  test  setup,  which  will 
ideally  transmit  vibration  from  the  exciter 
head  to  the  text  fixture  with  a  force  level  and 
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Fig.  1  -  g-level  attainable  with  fixture 
specimen  combinations 


frequency  response  of  unity  throughout  the 
bandwidth  of  the  test.  A  standard  horizontal 
test  setup  is  shown  in  Fig.  2a  with  the  compo¬ 
nents  reduced  to  equivalent  masses  and  springs. 
The  only  components  of  this  system  considered 
here  are  the  shaker  armature,  the  armature  to 
driver  attach  bolts,  and  the  driver.  It  is  not 
necessary  to  consider  the  fixture  and  specimen 
at  this  point,  but  later  it  will  be  necessary  to 
design  the  drl/er  to  fixture  interface. 

Figure  2b,  a  two-degree-of-freedom  sys¬ 
tem,  is  the  actual  one  dealt  with  in  this  paper. 
Diagrammatic  representation  of  damping  has 
been  omitted  since  the  damping  in  a  typical 
mechanical  system  is  usually  so  small  that  it 
has  a  negligible  effect  on  the  natural  frequency. 
Starting  with  the  driver  and  assuming  that  the 
design  weight  of  125  lb  is  maximum  and  that  the 
final  hardware  will  be  cast  aluminum  because 
of  its  cost  and  availability,  a  substitute  struc¬ 
ture  can  be  developed.  A  solid  cylinder  whose 
length  is  approximately  the  distance  from  the 
center  of  the  armature  to  the  outermost  attach 
bolt  and  whose  diameter  is  large  enough  to  sat¬ 
isfy  the  125  lb  design  weight  will  be  13  in.  long 
and  11  in.  in  diameter.  Applying  Hooke's  law 
to  the  cylinder,  an  axial  spring  rate  can  be  es¬ 
timated  as 

kd  =  y  =  “3.07  *  10* lb/in' 


=  15.033  x  10 3  rad/sec 

and  fn  =  2394  cps,  which  exceeds  the  desired 
limit  of  f  =  2000  cps.  Now  the  spring  rate  of 
the  attach  bolts  must  be  taken  into  account.  As¬ 
suming  that  it  will  be  necessary  to  use  at  least 
20  of  the  21  available  bolts  and  that  their  length 
will  equal  their  diameter,  Hooko's  law  may  be 
applied  again: 

nAE 

Kb  =  L 

where  n  is  the  number  of  bolts  and  thj  bolts  are 
a  parallel  spring  system.  This  yields 

kb  =  235.  2  x  10 6  lb/in. 

Because  the  mass  of  the  attach  bolts  is  much 
smaller  compared  to  the  total  mass  of  the  sys¬ 
tem,  the  mass  of  the  bolts  may  be  neglected.  Ir. 
Fig.  2b,  kd  and  kb  are  springs  in  series  and 
may  be  combined  to  yield  KD  so  that. 

(khXkO 

Kd  r  irnr  =  55. 749  x  10 6  lb/in. 

Kb+  Kd 

If  the  portion  of  the  total  system,  including  only 
the  driver  and  attach  bolts,  is  again  checked  as 
a  single-degree-of -freedom  systems,  it  will  give 


Using  this  spring  rate  in  this  expression  for  a 
single-degree-of-freedom  system  of  the  driver 
alone  gives 
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13  12  x  10 3  rad/sec 


(b) 


Fig.  2  -  Spring  and  mass  diagram  of 
standard  horizontal  test  setup 


so  fn  =  2088  cps,  which  approaches  the  required 
2000  cps.  Now  it  is  necessarv  to  develop  a 
mechanical  spring  rate  or  ka  fc.  the  shaker 
armature.  Assuming  that  the  mechanical  reso¬ 
nance  is  above  2000  cps,  as  the  manufacturer 
states,  let  fn  for  the  armature  equal  2000  cps. 
Then, 

o>A  =  12.571  «  103  rad  sec  , 


and  evaluating  for  Ka,  Ka  =  164.00  x  106  lb/in. 
Based  on  the  substitute  driver  cylinder  and  the 
assumed  mechanical  spring  rate  of  the  arma¬ 
ture,  it  is  now  possible  to  estimate  the  resonant 
frequencies  of  the  system  by  evaluating  the  ex¬ 
pression 


where  o>  is  the  natural  frequency  of  the  system, 
ja  is  the  natural  frequency  of  the  armature 
subsystem  and  ^  is  the  natural  frequency  of 
the  driver  subsystem. 

The  two  frequencies  of  the  total  system  are 
approximately  fnj  =  2706  and  f  =  1774  cps. 
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The  2706-cps  estimate  will  be  of  no  concern 
since  it  is  above  the  test  bandwidth.  The 
1774-cps  resonance  for  the  shaker-driver 
system  will  cause  difficulty  during  the  test 
unless  the  available  125  lb  allowed  for  the 
driver  can  be  arranged  in  such  a  fashion  that 
it  will  yield  a  spring  rate  greater  than  that 
which  was  calculated  for  the  substitute  cylin¬ 
der.  During  a  random  test,  this  frequency 
will  not  be  a  severe  problem,  but  during  sine 
and  combined  sine  and  random  tests,  their 
resonant  frequency  may  cause  problems  for 
the  test  engineer  if  the  q  of  the  system  at 
this  frequency  is  high. 


Detail  Design 

To  lay  out  the  actual  driver,  the  exciter- 
armature  response  characteristics  should  be 
investigated.  A  shaker  was  instrumented  with 
an  accelerometer  at  each  attach  bolt  as  shown 
in  Fig.  3.  Each  diametral  section  A,  B,  C,  and 
D  is  also  plotted  in  Fig.  3  with  the  abscissa  in 
inches  and  the  ordinate  in  q .  The  plot  is  for 
the  greatest  q  throughout  the  frequency  range 
from  5  to  2000  cps.  The  maximum  q  occurred 
at  1550  cps  with  the  phase  angle  greater  than 
90  deg  but  approximately  equal  to  all  attach 
bolts  or  accelerometer  locations. 

A  study  of  Fig.  3  indicates  that  accelera¬ 
tion  levels  are  higher  at  the  outer  edg^s  of 


Fig.  3  -  Relationship  between  attach  bolt  pattern 
and  shaker  displacement  at  resonance 


the  shaker  armature.  A  main  design  consider¬ 
ation  is  to  reduce  the  large  vibration  amplitude 
at  the  output  face  of  the  shaker  to  constant  out¬ 
put  at  the  face  of  the  driver.  Other  design  con¬ 
siderations  are  manufacturing  process  and  ma¬ 
terial  choice.  The  material  choice  is  limited 
to  either  magnesium  or  aluminum  because  of 
weight.  The  manufacturing  processes  available 
in  fixture  design  for  these  materials  are  limited 
at  present  to  weldments  and  sand  castings. 

Designing  and  manufacturing  with  either 
material  involves  basically  the  same  consider¬ 
ations  for  either  manufacturing  process.  Both 
materials  can  be  cast,  welded  or  formed.  Be¬ 
cause  internal  stresses  are  set  up  during  weld¬ 
ing,  both  materials  require  stress  relief  after 
welding.  In  the  casting  process,  however,  the 
cost  of  heat  treatment  is  minimal  and  is  done 
as  a  matter  of  course.  The  big  advantages  of 
casting  either  material  is  that  the  designer  can 
eliminate  most  discontinuities  in  the  structure 
which  would  cause  failure  in  a  weldment.  Also, 
the  designer  can  include  more  complicated 
shapes  in  the  design  if  required,  with  little  or 
no  increase  in  cost. 

The  selection  of  material  is  most  important. 
Although  cast  magnesium  fixtures  generally  have 
better  damping  characteristics  than  aluminum 
castings,  the  cost  is  greater.  Because  the  cast¬ 
ing  shrink  rate  is  in  the  same  range  for  both 
materials  (from  0.100  to  0.18B  in. /ft),  the  driver 


can  be  designed  for  aluminum  and  cast  from 
either  aluminum  or  magnesium  if  proper  care 
is  taken  by  the  designer.  If  this  is  done,  the 
magnesium  driver  will  weigh  less,  and  have 
about  the  same  fundamental  frequency  because 
the  ratio  of  the  modulus  of  elasticity  to  density 
is  essentially  the  same  for  both  materials. 

Here,  the  driver  was  cast  of  aluminum  rather 
than  magnesium  because  the  in-house  foundry 
pours  aluminum  only. 

All  the  design  information  is  now  available 
and  an  engineering  sketch  or  layout  is  made 
which  includes  all  the  structural  members 
located  in  the  proper  relationship  to  the  shaker 
armature  structure.  Each  structural  member 
now  is  properly  sized  for  weight  and  stiffness, 
assuming  that  each  is  a  free  structure  and  not 
connected  to  any  other  element  of  structure. 
Because  fixture  design  is  design  for  stiffness 
rather  than  strength,  each  individual  unit  of  the 
driver  should  have  a  geometrical  shape  such 
that  the  highest  free-free  resonant  '  jquency  is 
obtained  for  that  piece  of  structure’s  allotted 
portion  of  the  total  driver  weight.  This  proce¬ 
dure  has  been  purposely  oversimplified  and  is 
really  not  as  straightforward  as  it  appears.  All 
of  the  independent  units  interact  and  any  decision 
involving  one  unit  necessarily  influences  all 
other  members  of  the  driver  to  a  greater  or 
lesser  degree.  Basic  decisions  are  made  and 
checked  against  the  influence  on  the  other 
members  to  see  their  effect,  and  then  the 
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process  is  repeated  until  the  design  is  satis¬ 
factory.  For  this  reason,  the  actual  design  is  a 
lengthy  process  of  iteration. 

Figure  4  is  a  four-view  photograph  of  the 
completed  Ling-249  horizontal  driver  after  the 
design  and  manufacturing  processes  were  com¬ 
pleted.  The  driver  consists  of  three  basic  types 
of  structural  components,  plates,  gussets  and 
beams;  tfc ;  driver  is  designed  so  that  it  is  sym¬ 
metrical  about  both  the  vertical  and  the  horizon¬ 
tal  centerlines.  Since  this  is  the  case,  only  one 
of  each  type  of  structural  component  need  be 
analyzed.  Figure  5  is  an  exploded  view  of  the 
driver  showing  only  the  three  basic  types  of 
structure  placed  above  the  Llng-249  shaker 
armature  in  their  proper  location.  The  beam 
and  its  resonance  is  estimated  with  the  ex¬ 
pression: 


which  can  be  reduced  to 


SIDE 


SIDE 


Fig.  4  -  Four  views  of  ' 


B 


where  A  is  a  constant  based  on  its  mode  of  sup¬ 
port,  the  effective  length  L  is  13  in.  and  i,  is  its 
thickness,  sc  that  fn  =  1216  cps,  which  is  low. 
This  should  cause  no  concern  since  in  reality  it 
is  supported  along  its  entire  length  by  guEset 
No.  2.  Therefore,  its  fn  should  be  higher  than 
indicated 

Gusset  -A  can  only  be  loaded  axially;  there¬ 
fore,  its  resonance  is  estimated  by 

where  K  =  AE  L  =  16.36  x  107  rad/ sec.  Taking 
an  average  A  for  the  length  L, 

2393  cps 

which  is  about  where  the  fundamental  frequency 
should  be.  Gussets  2B  and  2C  are  basically  flat 
plates  supported  on  two  edges  as  shown  in  Fig.  6. 

If  the  shaded  portion  of  the  plate  is  re¬ 
moved,  the  effect  will  be  to  raise  the  frequency, 
because  if  half  of  the  mass  is  removed,  e.g., 


r  ig.  5  -  Exploded  view  of  driver 


that  mass  which  contributes  least  to  the  stiff¬ 
ness,  the  stiffness  is  doubled  and  the  frequency 
is  increased.  Evaluating  the  following  expres¬ 
sion  for  frequency, 

fn  =  9600  ^  . 


Fig.  6  -  Beam- 
plate  analogy 


where  to  allow  for  the  reduced  mass,  this  K  is 
assumed  tQ  be  equal  to  K  for  a  plate  clamped 
at  all  four  edges.  Then  fn  =  1820  cps,  which  is 
a  good  approximation. 

Plate  No.  3  as  shown  in  Fig.  5,  of  course, 
is  supported  by  all  the  upright  gussets  and  ribs 
and  consequently  may  be  estimated  as  an  equiv¬ 
alent  circular  plait  clamped  around  the  outer 
edge  because  the  plate  will  be  stiffened  by  a 
portion  of  the  upright  gussets.  Thus,  it  will  be 
equivalent  to  a  flat  plate  about  2.5  in.  thick, 
evaluated  as 


f  n  =  9600  ^  =  2130  cps  . 

which  is  probably  high.  The  foregoing  compu¬ 
tations  complete  the  rough  calculations  for  in¬ 
dividual  structural  components,  and  generally 
all  that  is  necessary  for  most  fixtures. 

Placement  of  primary  components  of  struc¬ 
ture  az  of  major  importance,  and  generally,  the 
basic  ules  which  must  be  followed  are: 

1.  The  complete  structure  should  be  a 
symmetrical  unit  about  both  horizontal  and  ver¬ 
tical  centerlines  to  insure  dynamic  balance, 
since  a  symmetrical  structure  will  have  associ¬ 
ated  with  it  a  lesser  number  of  excitable  natural 
frequencies. 

2.  Components  of  the  fixture  must  transfer 
load  with  a  limited  amount  of  eccentricity  to 
limit  any  secondary  bending  effects. 

3.  Only  those  structural  members  should 
be  used  for  which  direct  load  paths  can  be  de¬ 
monstrated,  e.g.,  removal  of  members  which 
offer  no  structural  rigidity. 

For  tire  Ling-249  horizontal  driver  consid¬ 
ered  here,  these  rules  have  generally  been  fol¬ 
lowed.  Gusset  2A  picks  up  the  force  from  the 
shaker  horizontal  centerline  and  transfers  it 
directly  to  the  output  face  of  the  driver.  Gussets 
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attach  bolt 


2B  accomplished  the  same  function  for  the  ver¬ 
tical  centerline  and  aiao  offer  lateral  support 
to  2A.  Gusset  2C  which  is  placed  midway  be¬ 
tween  2 A  and  2B,  at  a  slight  angle,  performs 
the  same  job  as  2A  and  transfers  the  force  to 
the  driver  output  face  from  the  remaining 
shaker-driver  attach  bolts  not  covered  by  the 
other  gussets  (Fig,  5). 

The  driver  structure  as  a  unit  is  sym¬ 
metrical  about  both  the  horizontal  arid  vertical 
centerlines,  and  all  components  are  loaded  in  a 
symmetrical  manner.  Th  ;  e mo val  of  all  ex¬ 
traneous  structural  members  has  not  been 
rtrictly  followed  here.  The  short  beam  which 
ties  the  two  adjacent  2B  gussets  together  (Fig. 

4)  transfers  no  load  but  helps  these  gussets 
work  as  a  unit.  All  the  base  material  which 
lies  outside  the  outer  bolt  circle  is  a  gross 
violation  of  the  above  rules  and  serves  no  use¬ 
ful  purpose.  The  base  plate  has  been  stiffened 
with  a  3 -in.  upstanding  leg  between  the  attach 
bolts  and  the  gussets,  and  really  serves  no  use¬ 
ful  purpose  except  to  satisfy  the  plate  frequency 
estimate  previously  mentioned.  All  the  remain¬ 
ing  structures  satisfy  the  three  basic  rules  of 
design. 


Fig.  7  -  Two-view  diagram  of  typical  detail 


Ling-248  Horizontal  Driver  Data 


Particular  attention  also  must  be  paid  to 
the  armature-driver  interface  and  the  driver- 
fixture  interface.  The  considerations  here  are: 
(a)  the  bolts  must  be  torqued  to  the  maximum 
permissible  preload,  (b)  the  natural  frequency 
of  the  fastener  system  must  be  adequate,  and 
(c)  the  fixture  structure  must  be  rigid  enough 
to  transfer  the  load. 

Figure  7  is  a  two-view  diagram  of  a  typical 
detail  for  these  interfaces  which  has  proved 
satisfactory.  The  fasteners  at  the  armature - 
driver  interface  have  already  been  mentioned 
and  found  satisfactory;  the  estimated  struc¬ 
tural  rigidity  was  shown  to  be  sufficient.  There 
remains  the  attach  bolts  at  the  driver-fixture 
interface.  Here,  there  is  sufficient  space  to 
install  10  1-in.  diameter  bolts  with  a  working 
length  of  3/4  in.  Solving  the  expression 


f-  - 1SM0 11  1/k 


Figure  8  is  the  load  vs  deflection  curve  for 
the  Ling-249  driver.  The  dashed  line  is  the 
substitute  cylinder  used  in  estimating  the  sys¬ 
tem  resonant  frequencies.  The  solid  line  is  the 
load  vs  deflection  curve  for  the  completed  driver 
after  two  years  of  continuous  use.  Notice  that 
the  actual  driver  spring  rate  curve  is  a  slightly 
hardening  curve  or  nonlinear  and  that  the  spring 
rate  tends  to  increase.  This  is  probably  due  to 
material  characteristics.  Li  any  event,  the 
actual  spring  rate  slope  is  greater  than  that  of 
the  equivalent  cylinder,  which  is  a  good  approx¬ 
imation  for  design  purposes.  It  accounts  for 
the  actual  increase  in  the  system,  since  the 
actual  driver  spring  rate  is  less  than  estimated 
and  the  driver  spring  rate  is  much  higher  than 
estimated.  Figure  9  shows  four  g  vs  frequency 
plots  and  the  output  of  the  control  accelerome¬ 
ter.  These  g  vs  frequency  plots  were  taken 
from  positions  as  shown  in  the  figure  at  a  test 
level  of  5  g  rms.  The  control  accelerometer  is 
located  midway  between  the  center  bolt  and  the 
outer  attach  bolt  ring  of  the  shaker  as  shown  in 
Fig.  '3a. 


for  W.  letting  f  =  2400  cps,  gives  the  total  fix¬ 
ture  plus  specimen  weight  which  might  be  added 
to  the  armature-driver  system  (remembering, 
of  course,  that  now  the  system  consists  of  arma¬ 
ture,  driver,  fixture,  and  specimen,  plus  two 
additional  springs  for  attachment).  Therefore, 

W  =  2.929  x  103  lb,  which  is  well  within  the  range 
of  the  exciter  head  shown  in  Fig.  1. 


The  plots  in  Fig.  9  indicate  that  the  fn,of 
the  system  (which  includes  armature  and  driver) 
occurs  where  predicted  by  the  analysis  pre¬ 
sented  previously.  It  also  illustrates  graphi¬ 
cally  the  dilemma  laced  by  the  designer:  how 
to  raise  the  frequency  of  the  system  above  the 
upper  bandwidth  limit  of  the  test  without  using 
all  the  force  available.  In  the  case  presented 
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Fig.  8  -  Load  vs  deflection 
curve  for  L-249  driver 


here,  this  is  patently  impossible.  The  first 
resonant  frequency  of  the  system  is  shown  about 
1750  cps,  which  is  very  high  for  a  2000-cps  test 
bandwidth.  When  the  specimen  and  fixture  are 
added  to  the  system,  the  frequency  will  decrease. 
Furthei  study  of  the  data  indicates  two  outstand¬ 
ing  characteristics  of  the  system: 

1.  Even  though  the  mass  of  the  system  was 
increased  31.5  percent,  the  freauency  of  the 
two-degree-of-freedom  system  was  greater 
than  the  one-degree-of-freedom  system.  This 
means  that  the  mass  was  added  to  the  system 
in  the  correct  manner. 

2.  The  output  across  the  face  of  the  hori¬ 
zontal  driver  is  constant,  and  there  is  no  "rip¬ 
pling"  or  unsymmetrical  force  being  delivered 
to  the  fixture. 


Other  Designs 

Figures  10,  11,  12,  and  13  are  photographs 
of  horizontal  drivers  which  were  designed  for 
other  vibration  exciter  heads.  Each  of  these 
fixtures  were  designed  essentially  by  the  same 
method  as  presented  here  and  by  design  engi¬ 
neers  specializing  in  dynamics.  Even  though  in 
each  case  the  driver  and  the  exciter  head  were 
different,  the  dynamic  evaluation  showed  that 
the  response  along  the  output  face  of  each  dri/er 
was  predictable  and  uniform  All  of  these  hori¬ 
zontal  drivers  have  been  in  use  for  at  least 
three  years  and  have  proven  the  value  of  the 
system  design  concept. 


SUMMARY  AND  CONCLUSIONS 

When  using  the  system  design  approach, 
the  design  considerations  are: 

1.  All  masses  and  springs  of  the  system 
must  be  considered  in  setting  the  unit  design 
limits. 

2.  Each  unit  of  the  system  may  have  its 
fundamental  frequency  estimated  as  a  single- 
degree-of-freedom  system. 

3.  The  mass  of  the  attachment  bolts  may 
be  neglected  in  estimating  system  frequencies. 

4.  Damping  may  be  neglected  while  esti¬ 
mating  the  overall  system  frequencies. 

5.  Detail  mechanical  variations  of  the 
shaker  must  be  considered  in  the  fixture  design. 

The  basic  detail  design  considerations  are: 

1.  The  structure  should  be  a  symmetrical 
unit  about  both  horizontal  and  vertical  center- 
lines. 

2.  Components  of  structure  must  transfer 
ioad  with  a  limited  amount  of  eccentricity. 

3.  Only  those  structural  components  for 
which  a  direct  load  path  can  be  demonstrated 
should  be  included  in  the  design. 

4.  All  attach  bolts  should  be  torqued  to 
maximum  permissible  preload. 
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Fig.  9  -  Four  g's  vs  frequency  plots  and  output  of  control  accelerometer 


NOTE  Thu  it  t  cut  aluminum  drivtr  which  wtlafet  airfat  ~ ^  ud  i»  -n. 

driver  .tUcheo  to  the  eheker.  notef  ell  XXHSS  f£*„f 

th.  driver  bee  protuioo.  trud.  for  five  1/J-i**  dl'Mer  bolu  for  ftaonTSSha^ 


Fig.  10  -  C-10  horizontal  driver 


SIDE  VIEW 

NOTE:  The  driver,  memifectured  of  out  eltuhioitni  ellor  ie  »-!/2  tnebee  ■  OBLIQUE  VIEW 

"rtt  sir^mbo,“  ™  **25- 

10  of  th.  bolu  e.itiehle  U  b““*d  10  *•  hrmetur.  item,  only 


Fig.  li  -  C-25  horizontal  drivar 


END  VIEW 


NOTE:  W  ,tf'lher*  w,,*h*  31  P"^*.  !•  C«t  of  elumlBum  elloy  end  1.  10-incite. 

ih^  ,n,!  driver  ettechee  to  the  ehtktr  ermeture  ueing  14  of  the  IS  bolu  •veil.ble  end 

dr'v"Tu,u^.lchmerihU  r  *“  ProV‘*lOT*  :°r  Uri  1  2->«h  diemeter  bolu  for 


OBUQUE  VIEW 


Fig.  12  -  L-246  horizontal  driver 
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END  VIEW  DDE  MEW  OBLIQUE  MEW 

NOTE:  The  driver  aho»B  here  weight  31  pound*  is  9-1/2 -Inches  long,  snd  i*  cssi  of  aluminum 

alloy.  The  driver  attache*  to  t^e  shaker  armature  using  M  <rf  the  16  attach  bolt*  available 
The  driver  is  attached  to  the  fixture  using  ten  1  '2-iijch  diameter  bolt*  shewn  on  the  output 
face  of  the  driver. 

Fig.  13  -  L-300  horizontal  driver 


The  method  of  considering  the  total  system 
to  define  design  parameters  is  a  practical 
fixture-design  approach.  The  data  taken  at  the 
output  face  of  each  driver  clearly  demonstrate 
that  an  experienced  designer,  when  armed  with 
the  simple  analysis  presented  here,  is  able  to 
apply  his  design  experience  to  the  considerable 
advantage  of  the  testing  laboratory.  Although 
in  most  cases  he  may  not  be  able  to  raise  the 
frequency  of  a  system  to  the  extent  desired,  he 
certainly  should  be  able  to  improve  its  output 
characteristics. 
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FLIGHT  LEVEL  VIBRATION  TESTING  OF  A 


LIFTING  BODY  REENTRY  VEHICLE* 


R.  McCaa  and  M.  Matrullo 
The  Martin  Company 
Baltimore,  Maryland 


I  The  vibration  testing  of  spacecraft  to  the  levels  of  the  booster  inter- 
I  face  spectrum  while  supported  by  "rigid"  fixtures  is  deemed  unrealis¬ 
tic  in  that  structural  failures  may  be  induced  which  would  nod  occur  on 
the  more  compliant  support  of  the  booster.  Limiting  of  the  shaker  in¬ 
put  forces  at  the  vehicle  support  points  to  design  limit  loads  precludes 
this  type  of  failure.  Random  vibration  tests  conducted  on  the  PRIME 
SV-5D  lifting  body  utilized  this  force  limiting  approach  and  the  tech¬ 
niques  employed  are  described. 


INTRODUCTION 

The  objectives  of  the  flight  level  vibration 
test  of  the  PRIME  lifting  body  vehicle  project 
were  to  demonstrate  the  integrity  of  the  struc¬ 
tural  design  and  the  adequacy  of  the  reentry 
heat  shield  when  exposed  to  broadband  random 
vibration  at  the  predicted  flight  levels.  In  addi¬ 
tion,  the  test  was  used  to  verify  procedures  and 
techniques  to  be  employed  during  acceptance 
vibration  testing  of  the  flight  articles.  Figure  1 
shows  the  test  article  mounted  for  pitch  axis 
vibrat'on. 

The  test  specification  required  the  limiting 
of  the  force  input  to  the  reentry  vehicle  —  booster 
interface  fittings,  and  proposed  notching  of  the 
input  acceleration  spectrum  as  a  means  of  re¬ 
ducing  the  force  at  frequencies  where  high  peaks 
occurred.  This  requirement  was  included  be¬ 
cause  the  spacecraft  was  subjected  to  the  booster 
interface  spectium  which  was  considered  unre¬ 
alistic  for  these  tests.  Loads  in  excess  of  the 
support  point  limit  would  undoubted’’/  be  induced 
at  the  cantilever  resonant  frequent,  s  of  the 
spacecraft,  whereas  the  impedance  of  the  booster 
structure  would  not  permit  these  high  forces  to 
occur  in  actual  flight. 

To  meet  this  requirement,  force  gage  pedes¬ 
tals  were  designed  to  support  the  vehicle  at  its 
three  aft  bulkhead  interface  mounting  points 
(Fig.  2). 


Each  axis  of  random  vibration  was  preceded 
by  low-level  sinusoidal  vibration  tests  to  obtain 
force  and  acceleration  transmissibilities 
throughout  tne  frequency  range  of  interest. 


Fig.  1  -  Engineering  test  article  mounted 
for  pitch  axis  vibration  test 


♦This  paper  was  not  presented  at  the  Symposium. 
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Fig.  2  -  Force  gage  pedestals  mounted  to  receive  test  vehicle 


TEST  SPECIMEN 

The  specimen  employed  during  the  engi¬ 
neering  test  program  was  identical  to  the  flight 
articles  with  respect  to  structure  and  ablative 
heat  shield  and  Included  all  bracketry  for  instal¬ 
lation  of  major  components.  Production  hard¬ 
ware  provided  with  the  test  article  included  a 
complete  hydraulic  actuator-flap  system,  main 
parachute  container  (with  dummy  chute),  drogue 
cannister  (with  dummy  chute),  and  fin- mounted 
antennas.  Dummy  hardware  was  included  to 
simulate  the  installation  and  mass  of  other 
major  equipments.  The  complete  test  article, 
when  subjected  to  a  weight  and  balance  check 
prior  to  test,  had  the  same  weight,  c.g.,  and 
mass  moments  of  inertia  as  did  the  flight 
articles. 


FORCE  MEASUREMENT 
Description 

Input  rces  to  the  vehicle  were  measured 
at  the  vehicle  interface  attachment  points  using 
pedestals  designed  at  the  Martin  Company, 
Baltimore.  The  pedestals  consisted  of  three 
Endevco  Type  2110  impedance  heads  or  Type 
2106  force  transducers,  placed  at  120-deg  in¬ 
tervals  on  an  8-m.  rigid  cylindrical  base.  Only 
the  force  measuring  portion  of  the  impedance 
transducers  was  used.  The  sensitive  axes  of 


the  transducers  were  oriented  at  an  angle  of  50 
deg  from  the  horizontal  and  projected  to  an  apex 
above  the  gages,  at  which  point  the  vehicle  was 
attached  by  a  single  bolt  to  a  steel  header.  The 
transducers  were  sandwiched  between  the  header 
and  cylinder  and  preloaded  to  a  compressive 
iorce  of  5500  lb.  The  vehicle  attachment  point 
was  a  ball-type  fitting,  and  the  steel  header  was 
machined  to  accept  it.  This  ball  and  socket 
connection  minimized  the  effects  of  bending 
moments  at  the  vehicle  attachment  points  (Figs. 
1,  2,  3). 

The  orthogonal  components  of  force  were 
then  obtained  from  each  of  the  gage  outputs  and 
combined  with  like  components  from  the  other 
gages  to  obtain  the  total  X,  Y  and  Z  components 
for  each  of  the  pedestals.  The  individual  force 
components  were  obtained  by  adjusting  the  coef¬ 
ficients  of  summing  circuits  to  correspond  to 
the  magnitude  of  the  respective  forces  of  a  unit 
vector  as  determined  by  the  angle  of  the  gage 
axis  relative  to  the  vehicle.  The  total  X,  Y,  Z 
forces  to  th<  vehicle  were  then  obtained  by  elec¬ 
trically  summing  the  components  of  each 
pedestal. 


Calibration 

The  primary  purpose  of  the  pedestal  was  to 
convert  the  forces  transmitted  through  it  to  the 
vehicle  into  its  orthogonal  components.  An 
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Fig.  3  -  Cloie-up  of  force  gage  pedestal 


evaluation  of  the  pedestal  was  performed  to 
verify  this  capability  and  calibrations  obtained 
to  transform  pedestal  output  into  its  force  co¬ 
ordinates.  Vibratory  forces  were  applied  to 
each  of  the  coordinate  axes  and  the  sensitivity 
of  the  individual  gages  was  determined  for 
forces  in  each  of  the  three  planes. 

The  coordinate  forces  were  applied  by 
mounting  a  dead  mass  on  the  pedestal  and  vi¬ 
brating  the  system  on  an  electrodynamic  shaker 
while  monitoring  the  acceleration  of  the  mass. 
The  relationship  of  force  equal  to  mass  times 
acceleration  was  then  applied  to  determine  the 
force.  It  was  essential  that  the  vibrating  fre¬ 
quency  was  sufficiently  removed  from  any  sys¬ 
tem  resonances  since  this  would  give  a  false 
indication  of  the  actual  force  acting  through  the 
gage.  Transmissibility  plots  for  each  of  the 
pedestal's  axes  were  obtained  to  define  the 
resonance-free  calibration  frequencies. 

For  proper  summation  of  instantaneou 
forces  within  the  pedestal,  it  was  essential  that 
no  resonances  existed  within  the  pedestal  or  at 
least  did  not  exist  within  the  frequency  rar  je 
below  200  cps.  Most  of  the  damaging  force 
components  to  the  vehicle  were  determined 
through  analysis  to  exist  in  this  range  of  fre¬ 
quencies,  A  ratio  of  force  to  acceleration  for 
each  plane  of  vibration  was  obtained  to  deter¬ 
mine  the  existence  of  resonances,  if  any.  This 
was  done  by  summing  the  forces  for  a  given 
axis  of  excitation  and  dividing  this  result  by  the 


acceleration  as  measured  on  a  dead  mass  placed 
on  the  pedestal.  The  acceleration  was  held  con¬ 
stant  by  using  the  accelerometer  mounted  on  the 
mass  to  also  control  the  shaker  table  on  which 
the  assembly  was  mounted.  The  ratio  of  force/ 
acceleration  was  continuously  obtained  through¬ 
out  the  20-  to  2000-cps  frequency  range  with  the 
use  of  the  automatic  transmissibility  plotter. 

The  results  of  this  check  indicated  that  no  local 
resonances  existed  within  the  pedestal  through¬ 
out  the  primary  range  of  interest.  A  resonance 
would  have  resulted  in  a  variation  of  the  ratio 
of  force/acceleration  since  the  phase  relation¬ 
ship  of  the  signal  out  of  each  gage  would  vary, 
causing  improper  summing.  Gage  sensitivities 
obtained  through  calibrations  did  not  vary  by 
greater  *han  10  percent  for  forces  in  each  of 
the  coordinate  planes.  The  sensitivities  were 
used  to  normalize  the  outputs  of  all  gages  so 
that  each  pedestal  had  output  sensitivities  of  1 
volt  (rms)/1000-lb  peak  force  in  each  of  its 
coordinate  axes. 


Application 

During  the  vibration  tests  the  pedestals 
were  mounted  on  an  MB  Model  C-210  shaker 
for  vertical  axis  excitation  and  on  a  slippery 
plate  using  Team  Corporation  hydrostatic  bear¬ 
ings  (Models  1-914  and  2-914)  for  lateral  exci¬ 
tation.  The  vehicle  was  connected  to  the  pedes¬ 
tals  through  its  adapter  attachment  points  so 
that  all  forces  were  transmitted  to  the  vehicle 
through  the  pedestals.  The  electrical  outputs 
for  all  force  components  from  each  pedestal 
and  their  combined  forces  were  made  available 
for  monitoring  at  a  summing  panel.  Three  true 
rms  voltmeters  calibrated  for  force  were  used 
to  monitor  the  force  limits  which  were  to  be 
observed  during  both  the  sine  and  random  vibra¬ 
tion  tests.  These  forces  were  also  recorded  on 
magnetic  tape.  The  reference  input  accelera¬ 
tion  was  an  average  of  the  accelerations  appear¬ 
ing  at  input  points  to  the  pedestals.  An  accel¬ 
erometer  was  located  at  the  Dase  of  each  pedestal 
and  the  outputs  of  the  three  were  averaged  using 
an  MB  Model  N681  signal  averager.  In  addition 
to  serving  as  a  reference  for  transmissibility 
plotting,  this  signal  was  also  used  to  control  the 
shaker  output.  Averaging  was  performed  by 
sequentially  sampling  each  of  the  accelerometer 
signals  and  combining  them  into  a  new  signal. 
This  method  of  averaging  was  used  for  both  sine 
and  random  vibration  testing. 

TEST  PROCEDURE 

Prior  to  each  axis  of  random  vibration,  a 
transmissibility  test  was  conducted  as  an  aid  in 
predicting  response  peaks  and  the  frequencies 
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at  which  they  would  occur.  The  test  consisted  of  associated  summing  network,  it  was  possible  to 

a  slow  sinusoidal  sweep  from  20  to  2000  cps  at  a  obtain  these  transmissibilities  oriented  in  the 

maximum  input  amplitude  of  1  g  peak.  Data  pro-  vehicle's  system  cf  coordinate  axes.  In  addition, 

vtded  during  this  test  were  force  trans mis sibil-  acceleration  transmissibilities  (ratio  of  re- 
ities  (ratio  of  force  to  average  input  accelera-  sponse  acceleration  to  average  input  accelera¬ 
tion)  at  the  center  support,  one  outboard  support,  tion)  were  obtained  from  nine  component  mount  - 

and  the  summation  of  all  three  supports.  Through  ing  locations.  Figures  4  and  5  present  typical 

the  use  of  the  force  gage  pedestals  and  their  force  and  acceleration  transmissibilities. 


*0  ~~ 200  400  600  SOrT  1000  1  200  1400  1  600  1800  2000 


Frequency  Icps) 

Fig.  4  -  Typical  force  transmis sibility 
(input  force /average  input  acceleration) 


•30  r 


Frequency  (cpsl 


Fig.  5  -  Typical  acceleration  transmissibility  (response 
accele ration /average  input  acceleration) 


The  random  test  was  conducted  in  two 
parts:  a  launch  phase  with  an  overall  level  of 
11.2  g  rms  and  time  duration  of  3.0  min  and  a 
reentry  phase  with  an  overall  level  cf  10.7  g 
rms  and  time  duration  of  5.0  min.  The  spectrum 
shapes  are  presented  in  Fig.  6. 

Three  support  point  forces  were  specified 
as  critical  in  each  axis  of  excitation,  and  110 
percent  of  their  values  could  not  be  exceeded 
during  equalization  or  the  actual  test.  These 
outputs  were  read  on  true  rms  meters  which 
had  been  calibrated  in  force  units,  thereby  pro¬ 
viding  continuous  monitoring  during  all  phases 
of  testing.  Short  duration  trial  runs  were  made 
at  the  20,  60  and  80  percent  g  rms  levels  to 
establish  that  equalization  was  being  achieved 
and  that  the  force  limits  were  not  being  ex¬ 
ceeded.  During  equalization  runs  at  all  levels, 
as  well  as  the  full  level  tests,  the  outputs  of  ail 
the  instrumentation  were  recorded  on  magnetic 
tape.  In  addition,  the  average  input  accelera¬ 
tion  and  the  three  critical  forces  in  each  axis 
were  provided  to  a  tape  loop  recorder.  When 
the  critical  forces  approached  a  marginal  sta¬ 
tus,  a  10-  to  20-sec  tape  loop  was  recorded  for 
immediate  spectrum  analysis,  thus  disclosing 
the  frequency  at  which  a  notch  was  to  be  in¬ 
serted  into  the  acceleration  spectrum. 

The  flight  article  acceptance  tests  are  to 
be  carried  out  in  the  same  general  manner  as 


the  engineering  test.  However,  since  these 
tests  are  designed  to  uncover  latent  defects  and 
not  to  qualify  structure  or  equipments,  the 
overall  levels  will  be  reduced  to  approximately 
50  percent  of  those  imposed  on  the  engineering 
test  article.  Data  acquired  from  the  engineer¬ 
ing  tests  provided  a  means  to  limit  support 
point  forces  by  introducing  notches  into  the 
specified  Launch  spectra  to  be  employed  during 
flight  article  tests.  A  typical  notched  accept¬ 
ance  test  spectrum  is  shown  in  Fig.  7. 

One  other  significant  difference  between 
the  engineering  and  flight  article  acceptance 
tests  is  the  use  of  a  time-varying  g  rms  level 
launch  reentry  profile.  For  each  axis  of  exci¬ 
tation,  both  the  launch  and  reentry  spectra  will 
be  equalized  and  recorded  on  tape  loops.  These 
in  turn  will  be  recorded  on  a  tape  reel  while 
varying  the  g  rms  level  as  shown  in  Fig.  8. 

When  the  taped  profile  is  completed,  it  will  be 
incorporated  into  a  combined  systems  test, 
thus  exposing  the  flight  article  to  a  complete 
simulated  flight  in  each  orthogonal  axis. 

RESULTS  AND  CONCLUSIONS 

The  results  of  the  test  were  favorable  since 
the  primary  objectives  were  achieved;  i.e.,  no 
failures  were  incurred  by  the  vehicle  structure 
or  ablative  heat  shield.  In  addition,  the  proce¬ 
dures  and  techniques  employed  during  the  test 
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_ Launch  Phase.  11. 2  g  rms  Overall 

_ Reentry  Phase,  10.7  g  rms  Overall 


Fig.  6  -  Random  vibration  spectra  applied 
to  engineering  test  vehicle 
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_  Liuncli  Ptnw,  5.46gMi»  Chvill 

_ R«tnlry  5.32grms 


Fig.  7  -  Typical  random  vibration  spectra 
for  flight  article  acceptance  tests 


Fig.  8  -  Time -varying  overall  g  rms  profile 


were  shown  to  be  effective,  and  it  is  believed 
that  they  can  be  used  for  the  flight  article  tests 
with  a  minimum  of  modification. 

It  is  concluded  that  the  transmissibility 
tests  were  of  value  in  the  verification  and  up¬ 
dating  of  analytical  results  before  proceeding 
into  the  more  hazardous  random  vibration 
testing.  Also,  for  high-level  vibration  testing 

* 


of  spacecraft,  the  limiting  of  support  point 
forces  is  shown  to  be  feasible  and  practical. 
The  force  gage  pedestals  provided  a  means  of 
resolving  the  vehicle  input  forces  into  coordi¬ 
nate  components  for  direct  monitoring.  With¬ 
out  this  capability  the  design  limit  loads  would 
certainly  have  been  exceeded,  permitting  un¬ 
realistic  structural  failures  to  occur. 


*  * 
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HYDRAULIC  EXCITER  COMBINED  ENVIRONMENT  TESTS 


Edwin  J.  Skolka 

NASA  Goddard  Space  Flight  Center 
Greenbelt,  Maryland 


The  combination  of  vibration  and  sustained  acceleration  is  especially 
difficult  to  produce  in  a  laboratory  test  and,  until  recently,  has  been 
avoided  because  of  the  complex  nature  of  the  facility  required.  These 
two  environments  were  investigated  by  operating  a  5000-lb  force  rated 
hydraulic  vibration  exciter  on  a  20-ft  diameter  centrifuge.  Test  pa¬ 
rameters  included  a  range  of  exciter  table  mass  loads  and  variations 
of  vibration  and  sustained  acceleration  levels.  These  parameters  were 
evaluated  for  two  different  actuator  thrust  axis  orientations  with  re¬ 
spect  to  the  centrifuge  rotational  plane.  The  exciter  test,  frequency 
spectrum  was  from  20  to  500  cps.  Performance  of  the  exciter-centrifuge 
system  was  determined  by  measuring  exciter  acceleration  waveform 
distortion,  response  characteristics  of  the  centrifuge,  and  exciter 
cross-axis  acceleration  effects. 

Test  data  indicated  that  the  interaction  of  exciter  harmonic  content  with 
resonances  generated  in  the  centrifuge  system  produced  high  levels  of 
exciter  acceleration  distortion.  Increases  in  sustained  acceleration 
levels  produced  higher  acceleration  waveform  distortion  for  frequen¬ 
cies  above  150  cps.  At  iower  frequencies,  resonances  of  centrifuge 
equipment  and  hydraulic  system  components  distorted  exciter  input 
signals  end  consequently  the  output  waveform. 


INTRODUCTION 

A  test  facility  designated  as  the  Launch 
Phase  Simulator  (LPS)  under  construction  at 
the  NASA  Goddard  Space  Flight  Center  (GSFC) 
will  have  the  capability  of  simulating  the  com¬ 
bined  effects  of  sustained  acceleration,  me¬ 
chanical  and  acoustic  vibration,  and  altitude 
variation  to  which  an  unmanned  spacecraft  Is 
subjected  during  launch  [1].  This  improved 
simulation  will  permit  a  more  thorough  evalua¬ 
tion  of  design  features  necessary  to  insure  re¬ 
liability  of  spacecraft  under  launch  conditions. 
Better  evaluation  will  aid  in  reducing  overde¬ 
sign  for  ruggedness  at  the  expense  of  effective 


spacecraft  weight  without  increasing  the  risk 
of  under  design  and  resultant  failure. 

The  current  practice  in  environmental  test¬ 
ing  is  to  conduct  a  series  of  individual  tests 
usually  consisting  of  single  environmental  con¬ 
ditions  or,  at  best,  simple  combinations  of  such 
conditions.  The  combination  of  vibration  and 
sustained  acceleration  in  a  laboratory  test  of  a 
complete  spacecraft  is  especially  difficult  and, 
until  recently,  has  been  avoided  because  of  the 
inherently  complex  nature  of  the  facility  re¬ 
quired.  Significant  effects  can  be  produced  by 
a  combination  of  stresses  due  to  such  factors 
as  steady- state  structural  deformations  which 
modify  vibration  response  characteristics, 
binding  or  friction  in  mechanisms  causing  er¬ 
ratic  responses  under  vibration,  and  additive 
steady-state  and  vibratory  accelerations  over¬ 
stressing  both  structure  and  components. 

The  vibration  system  required  for  the  LPS 
will  operate  on  the  end  of  a  centrifuge  arm  and 
will  be  subjected  to  dynamic  loads  generated  by 
the  rotating  centrifuge  structure.  Mechanical, 
electrodynamic,  and  hydraulic  exciters  were 
considered  for  use  on  the  LPS.  Advantages  of 
hydraulic  exciters  over  competitive  systems 
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led  to  the  selection  of  a  hydraulic  vibration  sys¬ 
tem  for  the  LPS.  The  major  advantages  are 
greater  force/weight  ratio,  low-frequency  capa¬ 
bility,  large  displacement,  exciter  table  posi¬ 
tioning  capability,  and  lower  cost. 

To  obtain  combined  vibration  and  sustained 
acceleration  information  and  experience,  a  re¬ 
search  program  was  initiated  by  the  Structural 
Dynamics  Branch  of  the  Test  and  Evaluation 
Division  at  GSFC  to  evaluate  a  hydraulic  exciter 
on  a  20-ft  diameter  centrifuge.  For  this  inves¬ 
tigation,  the  exciter  was  oriented  and  operated 
in  two  positions,  with  the  thrust  axis  parallel 
and  perpendicular  to  the  longitudinal  axis  of  the 
centrifuge  arm.  This  was  done  to  simulate  LPS 
thrust  and  transverse  modes  of  vibration.  De¬ 
termination  of  the  optimum  exciter  orientation 
when  subjected  to  sustained  acceleration  was 
based  on  the  following  performance  parameters: 


diameter  centrifuge 


1.  Acceleration  waveform  distortion  as  a 
function  of  frequency, 

2.  Centrifuge  response  to  exciter  vibration, 

and 

3.  Exciter  cross-axis  (cross  talk)  accelera¬ 
tion  effects. 

These  parameters  were  chosen  not  only  to 
provide  exciter  performance  data  but  also  to 
determine  the  effect  of  vibratory  input  on  the 
centrifuge.  The  information  obtained  and  the 
techniques  developed  in  this  combined  environ¬ 
ment  test  are  presently  being  applied  to  the  LPS 
design  and  will  be  utilized  in  its  operation. 


EQUIPMENT  DESCRIPTION 

An  hydraulic  exciter  system  consists  basic¬ 
ally  of  one  or  more  exciters,  hydraulic  power 
supply,  servoamplifier,  and  a  signal  source  [2]. 
The  exciter's  output  element,  the  actuator,  is  a 
double-acting  piston  whose  area  and  drive  rod 
are  sized  according  to  the  force  and  stroke  re¬ 
quired  of  the  exciter.  The  hydraulic  power  sup¬ 
ply  includes  motor,  pump,  accumulators,  re¬ 
servoir,  heat  exchanger,  and  other  accessories 
to  insure  a  smooth  flow  of  fluid  power.  Motion 
of  the  hydraulic  actuator  is  controlled  by  an 
electrohydraulic  servo  valve  responding  to  sig¬ 
nals  from  the  servoamplifier. 

The  hydraulic  exciter  selected  for  this 
combined  environment  test  was  MB  Electronics 
Corporation  Model  HC  50-80-1  equipped  with  a 
special  Type  2  Model  HV-80  servo  valve.  Fig¬ 
ure  1  shows  the  exciter  mounted  on  the  basket 
of  the  20-ft  oiameter  centrifuge  with  the  actuator 


thrust  axis  parallel  to  the  longitudinal  axis  of 
the  centrifuge.  The  exciter  had  a  force  rating 
of  50001b,  betuator  velocity  of  80  ips,  a  1-in. 
double  amplitude  stroke,  and  weight  of  approx¬ 
imately  500  lb  •, including  8  lb  for  the  actuator 
piston).  The  iwo-stage  servo  value  contained  a 
pilot  spool  and  a  power  spool.  Using  an  adapter 
plate,  this  valve  could  be  oriented  90  deg  with 
respect  to  the  actuator  body,  thus  providing  two 
mounting  configurations  for  any  given  thrust 
orientation.  The  exciter  frequency  range  was 
dc  to  500  cps.  As  shown  in  Fig.  2,  the  input 
signal  was  generated  by  an  oscillator.  This 
signal  was  transmitted  to  the  servoamplifier 
where  it  was  combined  with  actuator  feedback, 
power  spool  feedback,  and  1000-cps  (nominal) 
dither.  The  dither  signal  served  to  overcome 
actuator  and  power  spool  stiction.  The  com¬ 
bined  drive  signal,  after  amplification,  was  ap¬ 
plied  to  a  small  electrodynamic  exciter  ^riving 
the  first  stage  spool  of  the  two-stage  servo 
valve.  The  pilot  stage  (or  hydraulic  preampli¬ 
fier)  transformed  electrical  variations  into 
variations  of  fluid  flow,  which  were  reproduced 
by  the  second  stage  power  spool  (or  hydraulic 
amplifier)  and  oirected  to  the  actuator.  Actua¬ 
tor  velocity  was  proportional  to  fluid  flow  and 
varied  directly  with  the  electrical  input  sig  al. 
Figure  3  depicts  an  operational  schematic  view 
of  the  exciter. 

A  rotary  joint  was  required  to  transmit 
hydraulic  power  from  the  power  supply  to  the 
exciter  mounted  on  the  centrifuge.  The  rotary 
joint,  manufactured  by  Schaevitz  Engineering, 
was  capable  of  transmitting  hydraulic  flow  of 
35  gpm  at  3000  psig.  The  joint  was  rated  at  a 
maximum  rotational  speed  of  140  rpm.  Figure 
4  illustrates  the  hydraulic  rotary  joint  sup¬ 
ported  from  the  centrifuge  pit  ceiling. 
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Fig.  5  -  Hydraulic  exciter  on  inert;al 
mass  with  15-lb  load 


Fig.  4  -  Hydraulic  rotary  joint 


TEST  PROCEDURE 
Off-Board  Tests 

Prior  to  instaJlating  the  exciter  on  the 
centrifuge  for  combined  environment  testing, 
a  series  of  tests  were  conducted  with  the  ex¬ 
citer  mounted  on  an  inertial  mass  (50,000  lb) 
as  shown  in  Fig.  5.  These  tests,  designated  as 
off-board  tests,  were  conducted  to  make  the 
system  operational,  verify  that  the  exciter  met 
contract  specifications,  and  determine  general 
operational  characteristics  of  the  system  in¬ 
cluding  the  servoamplifier  and  hydraulic  power 
supply.  Following  this  shakedown  operation, 
acceleration  waveform  distortion  was  investi¬ 
gated  with  the  actuator  and  servo  valve  posi¬ 
tioned  in  various  orientations  and  under  differ¬ 
ent  combinations  of  vibratory  accelerations  and 
exciter  table  loads.  These  off-board  test 
actuator -servo  valve  orientations  are  described 
as  follows: 

1.  Condition  1  —  Actuator  vertical,  power 
spool  vertical,  and  pilot  spool  horizontal; 


2.  Condition  2  -  Actuator  vertical,  power 
spool  vertical,  and  pilot  spool  horizontal;  and 

3.  Condition  3  —  Actuator  horizontal, 
power  spool  horizontal  and  parallel  to  the  actu¬ 
ator,  and  pilot  spool  vertical. 

The  servo  valve  body  containing  the  power 
spool  and  pilot  spool  was  manufactured  as  a 
single  unit  with  the  two  spools  mutually  per¬ 
pendicular. 

The  excite1'  was  operated  at  vibratory  ac¬ 
celerations  of  0,  20,  and  30  g,  and  the  table 
load  ranged  from  bare  table  (no  load)  to  a  30- 
lb  mass  load.  The  following  parameters  were 
held  constant  for  the  off-board  series  of  tests: 

1.  Actuator  hydraulic  supply  pressure  was 
1500  psig; 

2.  Pilot  valve  supply  pressure  was  1300 

psig; 

3.  Actuator  return  pressure  was  400  psig; 

4.  Pilot  return  pressure  was  0  psig;  and 

5.  Test  frequency  range  was  from  20  to 
500  cps. 
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A  supply  pressure  oi  3000  psig  '  'as  used 
for  Initial  system  checkout.  However,  all  suc¬ 
ceeding  tests  were  conducted  at  1500  psig  since 
exciter  performance  was  essentially  the  same 
at  this  lower  pressure.  In  addition,  the  1500- 
p  »ig  pressure  caused  less  wear  on  the  rotary 
join..  Seale  during  subsequent  on-board  tests. 

The  dither  oscillator  maintained  a  constant 
frequency  of  1073  cps.  Dither  amplitude  was 
adjusted  to  a  level  sufficient  to  overcome  actu¬ 
ator  and  power  spool  stiction.  Accelerometers 
were  attached  to  the  exciter  table  (end  of  actu¬ 
ator  piston)  using  an  aluminum  block  weighing 
2  lb  6  oz.  The  weight  of  the  block  and  acceler¬ 
ometers  was  neglected,  and  this  condition  was 
regarded  as  bare  table  operation. 

Acceleration  waveform  distortion  meas¬ 
urements  were  made  using  a  Hewlett-Packard 
Model  330  B  distortion  analyzer.  (Acceleration 
waveform  distortion  used  herein  is  defined  as 
the  ratio  in  percent  of  the  rms  value  of  combined 
harmonics,  including  dither  oscillation,  to  the 
fundamental  frequency.)  Inaccurate  distortion 
measurements  occurred  at  frequencies  less  than 
20  cps  due  to  limitations  of  the  distortion  ana¬ 
lyzer,  and  consequently  no  data  were  measured 
below  this  frequency.  Exciter  performance  lim¬ 
ited  the  maximum  operational  frequency  to  500 
cps.  Test  data  were  recorded  on  magnetic  tape 
and  also  monitored  on  an  oscillograph  and  an 
oscilloscope. 


On-Board  Tests 

A  preliminary  series  of  acceleration  wave- 
ior~<  distortion  tests  were  conducted  to  deter¬ 
mine  the  actuator -servo  valve  orientation  which 
produced  optimum  exciter- centrifuge  system 
performance.  For  these  tests,  termed  on-board 
tests,  the  exciter  was  mounted  in  the  horizontal 
position  on  the  centrifuge  and  operated  with  tne 
thrust  axis  first  parallel  with  and  then  perpen¬ 
dicular  to  the  longitudinal  axis  of  the  centrifuge 
arm.  Figure  6  illustrates  the  coordinate  sys¬ 
tem  established  for  the  exciter  table  in  which 
the  Z-rxls  corresponded  to  the  actuator  thrust 
axis.  The  coordinate  axes  for  the  centrifuge 
basket  accelerometers,  also  shown  in  Fig.  6, 
will  be  discussed  later.  Since  the  servo  valve 
could  be  rotated  90  deg  with  respect  to  the  ac¬ 
tuator,  the  following  four  on-board  actuator- 
servo  valve  orientations  were  achieved  with 
respect  to  the  centrifuge  arm: 

1.  Condition  1  —  Actuator  thrust  axis  hori¬ 
zontal  and  parallel  to  the  centrifuge  arm,  power 
spa  )1  horizontal  and  perpendicular  to  the  actu¬ 
ator,  and  the  pilot  spool  vertical  (Fig.  6); 

2.  Condition  2  —  Actuator  thrust  axis 
horizontal  and  parallel  to  the  centrifuge  arm, 
power  spool  horizontal  and  parallel  to  the  ac¬ 
tuator,  and  the  pilot  spool  vertical, 


Fig.  6  -  Three  coordinate  axes,  exciter  table 
and  centrifuge  basket  accelerometers 
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3.  Condition  3  —  Actuator  thrust  axis  hori¬ 
zontal  and  perpendicular  to  the  centrifuge  arm, 
power  spool  horizontal  and  parallel  to  the  acti  - 
ator,  and  the  pilot  spool  horizontal;  and 

4.  Condition  4  —  Actuator  thrust  axis  hori¬ 
zontal  and  perpendicular  to  the  centrifuge  arm, 
power  spool  vertical  and  perpendicular  to  the 
actuator,  and  the  pilot  spool  horizontal. 

To  compare  test  results  for  these  on-board 
actuatnr-servo  valve  orientations  and  to  obtain 
a  relationship  with  the  c<ff-board  series  of  tests, 
the  following  parameters  were  held  constant: 

1.  Actuator  hydraulic  supply  pressure  was 
1500  psig; 

2.  Pilot  valve  supply  pressure  was  1300 

psig; 

3.  Actuator  return  pressure  was  400  psig; 

4.  Pilot  return  pressure  was  0  psig; 

5.  Test  frequency  range  was  from  20  to 
500  cps; 

6.  10-g  vibration  level, 

7.  10-g  sustained  acceleration  level;  and 

8.  Bare  actuator  table. 


Initial  survey  tests  were  conducted  for 
static  condition  (centrifuge  in  stationary  mode) 
followed  by  a  10-g  sustained  acceleration  test 
produced  by  centrifuge  rotation.  Test  measure¬ 
ments  taken  during  sustained  acceleration  runs 
were  limited  to  a  minimum  number  to  prolong 
ihe  life  of  the  rotary  joint  seals.  These  pre¬ 
liminary,  on-board  acceleration  waveform  dis¬ 
tortion  tests  indicated  condition  1  orientation  of 
the  actuator  and  servo  valve  yielded  the  most 
satisfactory  set  of  results.  All  subsequent  on¬ 
board  tests  were  conducted  for  this  condition. 

The  remaining  distort  on  tests  were  con¬ 
ducted  at  10-g  vibratory  acceleration,  varying 
sustained  acceleration  levels  froru  stationary 
mode  to  20  g  with  table  loads  ranging  from  bare 
table  to  15  lb.  Figure  7  shows  the  exciter  being 
prepared  for  a  15-lb  table  load  test.  TaL.'e 
loads  greater  than  15  lb  were  not  attempted  be¬ 
cause  at  low  frequencies  pronounced  mechani¬ 
cal  rattling  resonance  occurred  in  the  centri¬ 
fuge  deck  plates,  hatches,  and  slip  ring  covers. 

The  concluding  series  of  on-board  tests 
consisted  of  determining  centrifuge  response 
and  exciter  cross-axis  acceleration  to  a  sinus¬ 
oidal  vibration  sweep  for  bare  table  and  a  15-lb 
load  at  a  20- g  sustained  acceleration  level. 
Outputs  from  the  three  accelerometers  installed 
on  the  centrifuge  basket  (Fig.  6),  as  well  as  the 
three  accelerometers  on  the  exciter  table, 
recorded  the  response  of  the  centrifuge  in  the 


Fig.  7  -  Hydraulic  exciter  on  20-ft  diameter 
centrifuge  with  15-lb  loa^ 
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X-,  Y-,  and  Z-axes  and  also  exciter  table  cross 
talk.  The  frequency  was  swept  frora  20  to  500 
cps  at  a  scanning  speed  of  4.7  octaves ''rain. 
These  sinusoidal  sweeps  were  not  started  until 
the  centrifuge  was  brought  up  to  a  20-g  steady- 
state  acceleration.  Figure  8  shows  the  instru¬ 
mentation  setup  used  for  on-boaid  response 
tests  and  for  acceleration  waveform  distortion 
tests. 


TEST  RESULTS  AND  DISCUSSION 
Off-Board  Tests 

Initial  exciter  evaluation  indicated  force 
output  and  actuator  velocity  were  satisfactory. 
Displacemf  nt  distortion  vsdues  were  less  than 
5  percent.  However,  acceleration  waveform 
distortion  was  considerably  higher,  and  there- 


Fig.  8  -  Instrumentation  setup  for  on-board  test* 


Previous  experience  with  the  hydraulic 
rotary  joint  revealed  seal  leakage  problems. 
Therefore,  the  body  of  the  joint  and  connecting 
hydraulic  lines  were  instrumented  with  exter¬ 
nally  attached  thermocouples  to  determine  the 
temperature-time  rise  during  rotation. 


fore,  this  parameter  was  selected  to  evaluate 
exciter  performance.  Off-board  acceleration 
waveform  distortion  data  are  presented  in  Figs. 
9  through  13  showing  percent  of  distortion  as  a 
function  of  exciter  frequency.  The  maximum 
peak  distortion  ranged  from  50  to  92  percent, 


Fig.  0  -  Off-board  condition  1  acceleration 
distortion,  bare  'able 
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20  50  100  200  500 


FREQUENCY  -  CPS 

Fig.  10  -  Off-board  condition  1  acceleration 
dietortion,  15- lb  load 


Fig.  11  -  Off-board  condition  1  acceleration 
distortion,  30-lb  load 


20  50  100  200  500 


FREQUENCY  -  CPS 

Fig.  12  -  Off-board  condition  2  acceleration 
distortion,  30-lb  load 
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Fig.  13  -  Off-board  condition  3  acceleration 
distortion,  30- lb  load 


occurring  at  250  cps.  Minimum  distortion  values 
were  recorded  for  frequencies  below  90  cps. 
Examination  of  the  distortion  curves  also  shows 
that  an  Increase  of  exciter  vibration  level  re¬ 
sulted  in  a  decrease  in  acceleration  distortion. 
Similarly,  increasing  the  exciter  table  load  also 
reduced  distortion.  A  comparison  of  distortion 
magnitude  for  the  same  table  load  and  at  the 
same  vibration  level  reveals  that  condition  1 
actuator- servo  valve  orientation  levels  are 
lower  than  those  of  condition  2.  Figure  13  rep¬ 
resents  a  set  of  test  data  for  condition  3.  This 
exciter  orientation,  in  which  the  thrust  axis  was 
horizontal  with  the  exciter  supported  in  a  canti¬ 
levered  position,  produced  extremely  high  peak 
distortion,  »  92  percent  for  10-g  vibration 

and  74  percent  for  30-g  vibration. 


On-Board  Tests 

Results  from  the  first  series  of  on-board 
tests,  consisting  of  bare  table  acceleration  wave¬ 
form  distortion  surveys  for  the  four  actuator- 
servo  valve  orientations,  are  shown  in  Figs.  14 
through  17.  These  curves  indicate  that  on-board 
condition  1  exciter  orientation  produced  distor¬ 
tion  measurements  substantially  lower  than  the 
other  three  conditions  for  both  the  stationary 
mode  and  10-g  sustained  acceleration.  Peak 
distortion  for  condition  1  (Fig.  14)  reached  36 
percent  which  was  considerably  lower  than  all 
off-board  10-g  vibration  level  test  results.  For 
frequencies  below  100  cps,  condition  1  distor¬ 
tion  increased  slightly  with  10-g  sustained  ac¬ 
celeration.  At  frequencies  above  100  cps,  the 
distortion  levels  for  stationary  and  10-g 


rotational  acceleration  modes  were  comparable. 
Condition  2  distortion,  which  reached  a  peak  of 
60  percent  for  the  10-g  sustained  acceleration 
mode  (Fig.  15),  was  higher  than  condition  1  dis¬ 
tortion  throughout  the  entire  frequency  range. 
Distortion  measured  under  sustained  accelera¬ 
tion  also  remained  higher  than  the  stationary 
mode  values  for  all  but  two  test  points.  Condi¬ 
tions  3  and  4,  shown  in  Figs.  16  and  17,  respec¬ 
tively,  produced  erratic  distortion  curves  for 
the  stationary  and  rotational  modes.  For  both 
of  these  conditions,  the  actuator  thrust  axis  was 
perpendicular  to  the  longitudinal  axis  of  the 
centrifuge  arm.  Because  of  the  lower  mechani¬ 
cal  impedance  of  the  centrifuge  to  vibration  in 
a  direction  perpendicular  to  the  centerline  of 
the  centrifuge  arm,  the  feedback  of  structural 
motion  to  the  exciter  amplified  distortion  levels. 
The  distortion  curves  for  condition  4  followed  a 
scattered  pattern  in  which  a  phase  shift  appears 
to  have  occurred  between  the  stationary  and  ro¬ 
tational  test  runs.  The  power  spool,  positioned 
in  a  vertical  attitude  in  this  exciter  orientation, 
was  possibly  influenced  by  the  centrifuge  verti¬ 
cal  plane  rocking  mode.  As  previously  stated, 
the  results  of  the  above  survey  tests  indicated 
that  the  condition  1  exciter  orientation  produced 
the  most  satisfactory  performance  for  the  four 
conditions  tested  and,  therefore,  the  remaining 
on-board  tests  were  conducted  using  this 
orientation. 

The  next  series  of  tests  was  also  conducted 
to  determine  acceleration  waveform  distortion 
characteristics.  For  these  tests,  table  loads 
were  varied  Irom  bare  table  to  15  lb.  In  addi¬ 
tion,  the  tests  were  conducted  for  stationary 
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Fig.  14  -  On-board  condition  .1  acceleration 
distortion,  bare  table 


20  50  100  200  500 

FREQUENCY -C.S 


Fig,  15  -  On-board  condition  2  acceleration 
distortion,  bare  table 


mode  and  10-  and  20-g  sustained  acceleration 
while  maintaining  a  constant  10-g  vibratory 
level.  Figures  18  through  21  show  that  the 
major  distortion  peakc  occurred  at  about  100 
cps,  and  minor  peaks  were  measured  at  ap¬ 
proximately  45  and  400  cps.  Distortion  read¬ 
ings  decreased  with  an  increase  in  table  load 
in  the  region  of  200  to  300  cps,  The  curves 
also  indicate  that  distortion  increased  propor¬ 
tionally  with  centrifugal  acceleration  at  the 
higher  end  of  ti  frequency  range.  However, 
because  of  the  irregularity  of  the  curves,  the 
effect  of  centrifugal  acceleration  was  difficult 
to  determine  for  frequencies  below  100  cps. 

Prior  to  initiating  the  above  tests,  the 
servoamplifier  output  signal  was  checked  and 


was  found  to  be  distorted.  The  actuator  and 
power  spool  feedback  loops  were  adjusted  to 
improve  the  signal  waveform.  After  the  tests 
were  completed,  a  comparison  of  Figs.  14  and 
18  revealed  poor  rep  •viability.  Since  the  dis¬ 
tortion  curve  pattern  in  Figs.  18  through  21  re¬ 
mained  generally  consistent,  the  lack  of  repeat¬ 
ability  was  attributed  to  the  changes  in  the 
feedback  loop  bandpass  adjustment.  Other 
variations  of  the  systen.  contributed  to  repeat¬ 
ability  problems.  Variations  such  as  servo 
valve  silting  and  hydraulic  fluid  temperature 
caused  perturbations  of  exciter  performance. 

Test  data  for  the  final  series  of  on-board 
testsare  presented  in  Figs.  22  through 33.  These 
tests  were  made  to  determine  three-dimensional 
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Fig.  16  -  On-board  condition  3  acceleration 
distortion,  bare  table 
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Fig.  17  -  On-board  condition  4  acceleration 
distortion,  bare  table 
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Fig.  18  -  On-board  condition  1  acceleration 
distortion,  bare  table 
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Fig.  20  -  On-board  condition  1  acceleration 
distortion,  10-lb  load 


centrifuge  response  to  a  sinusoidal  vibration 
sweep  as  a  function  of  frequency.  Accelerome¬ 
ters  installed  on  the  exciter  table  also  recorded 
exciter  accelerations  in  the  X-,  Y-,  and  Z-axes 
for  a  constant  input  level.  Response  levels  were 
obtained  for  bare  and  15-lb  table  load  conditions. 
All  curves  plotted  in  Figs.  22  through  33  repre¬ 
sent  unfiltered  acceleration  waveform  data.  For 
bare  table  frequency  sweeps  (Figs.  22  through 
27),  the  exciter  vibration  level  in  the  thrust  axis 


varied  between  13  and  22  g.  All  three  centri¬ 
fuge  accelerometers  recorded  peak  accelera¬ 
tions  at  frequencies  below  125  cps  with  the  Z- 
axis  reaching  a  maximum  of  5.6  g  at  111  cps. 
Comparison  of  centrifuge  accelerations  in  the 
remaining  two  axes  shows  considerable  varia¬ 
tion  in  the  Y-axis.  Exciter  cross-axis  acceler¬ 
ation  also  recorded  peak  values  at  lower  fre 
quencies.  For  example,  the  exciter  X-axis 
accelerometer  recorded  a  level  of  3.8  g  at 
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Fig.  21  -  On-board  condition  1  acceleration 
distortion,  15-lb  load 
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Fig  22  -  Table  acceleration,  Z-axis,  bare  table 


60  cps  but  decreased  to  less  than  0.5  g  from 
150  to  500  cps. 

The  15-lb  table  load  frequency  sweeps 
(Figs.  28  through  33)  produced  much  higher 
centrifuge  acceleration  response  levels  than 
the  bare  table  sweeps.  Except  for  the  X-axis, 
centrifuge  peak  acceleration  levels  for  the 
loaded  condition  were  approximately  twice  as 
high  as  bare  table  levels.  The  centrifuge  X-axis 


average  level  was  of  the  same  order  of  magni¬ 
tude  for  bare  table  as  for  the  15 -lb  load  condi¬ 
tion.  The  exciter  Y-cross-axis  acceleration 
peaked  to  13  g  at  109  cps,  which  was  greater 
than  the  X-axis  peak  cross  talk  by  a  factor  of  3. 
As  shown  by  Figs.  22  and  28,  it  is  apparent  that 
in  the  Z-axis,  the  exciter  maintained  a  more 
constant  input  acceleration  level  with  the  15-lb 
table  load  as  compared  to  the  bare  table  con¬ 
figuration. 
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Fig.  24  -  Table  acceleration,  Y-axis,  bare  table 
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Fig.  25  -  Centrifuge  response,  Z-axis,  bare  table 


Fig.  26  -  Centrifuge  response,  X-axis,  bare  table 
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Fig.  27  -  Centrifuge  response,  Y-axis,  bare  table 
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Fig.  23  -  Table  acceleration,  Z-axis,  15-lb  load 
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Fig.  29  -  Table  acceleration,  X-axis,  15-lb  load 
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Fig.  30  Table  acceleration,  Y-axis,  15-lb  load 
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Fig.  31  -  Centrifuge  response,  Z-axis,  15-lb  load 
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7ig.  32  -  Centrifuge  response,  X-axis,  15-lb  load 
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Fig.  33  -  Centrifuge  response,  Y-axis,  15-lb  load 


During  on-board  testing,  mechanical  reso¬ 
nance  of  hydraulic  lines  installed  on  the  centri¬ 
fuge  and  resonance  of  centrifuge  deck  plates  and 
slip  ring  covers  significantly  influenced  accel¬ 
erations  measured  at  the  exciter  table  and  the 
centrifuge  structure.  Part  of  this  problem  was 
caused  by  the  length  of  hydraulic  lines  from  the 
power  supply  to  the  exciter  which  added  to  the 
difficulty  of  isolating  line  vibrations. 


The  results  of  the  temperature  rise  test  of 
the  hydraulic  rotary  joint  during  a  typical  centri¬ 
fuge  operation  are  illustrated  in  Fig.  34.  The 
curve  shows  the  rotary  joint  temperature  in¬ 
creased  from  35°C  to  55°C  (95°F  to  131°F)  in 
19  min  of  rotation  at  56  rpm.  The  temperature 
rise  was  caused  mainly  by  the  friction  of  the 
internal  seals.  This  temperature  measurement 
was  taken  on  the  external  surface  of  the  joint,  a 
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Fig.  34  -  Hydraulic  rotary  joint  temperature  vs  time 


1-in.  thick  steel  cylinder.  The  maximum  inter¬ 
nal  temperature  which  the  seals  experienced 
was  estimated  at  60°C  (140nF).  Extrapolation 
of  the  temperature  curve  indicated  that  a 
leveling- off  of  the  external  temperature  would 
occur  at  approximately  59 °C  (138 °F)  for  pro¬ 
longed  joint  rotatiui. 

New  seals  were  installed  in  the  rotary  joint 
prior  to  the  start  of  on-board  testing.  Centri¬ 
fuge  rotation  time  was  recorded  to  determine 
the  amount  of  wear  time  on  the  seals.  At  the 
conclusion  of  on-board  rotation  tests,  7  hr  53 
min  operating  time  accrued.  The  rotary  joint 
was  then  removed  from  the  centrifuge,  disas¬ 
sembled  and  inspected.  The  seals  on  both  sides 
of  the  pressure  annulus  were  scored  and 
abraded,  and  failure  appeared  to  be  imminent. 

It  was  apparent  that  backup  ring  failure  oc¬ 
curred  first.  Without  the  required  support  of 
backup  rings,  the  pressure  seals  extruded  into 
the  gap  between  the  spindle  and  cylinder,  re¬ 
sulting  in  seal  abrasion.  In  addition,  backup 
ring  particles  lodged  in  the  rotary  joint  bear¬ 
ings  causing  :  cugh  operation  when  rotated  by 
hand. 


CONCLUSIONS 

The  performance  characteristics  of  a  com¬ 
bined  vibration  and  sustained  acceleration  sys¬ 
tem  were  investigated  utilizing  a  hydraulic  ex¬ 
citer  mounted  on  a  centrifuge.  Performance  of 
the  exciter  when  combined  with  sustained  accel¬ 
eration  depended  to  a  significant  extent  on  the 
orientation  of  the  actuator-servo  valve  with  re¬ 
spect  to  the  plane  of  centr  Jugal  rotation.  The 
most  satisfactory  test  results  Indicated  that  ex¬ 
citer  performance  was  optimum  for  the  following 


orientation:  actuator  thrust  axis  horizontal  and 
parallel  to  the  centerline  of  the  centrifuge  arm, 
po\  er  spool  horizontal  and  perpendicular  to  the 
actuator,  and  pilot  spool  vertical.  In  this  orien¬ 
tation,  sustained  acceleration  acted  In  a  direc¬ 
tion  perpendicular  to  both  the  power  spool  and 
pilot  spool.  An  investigation  of  transverse  ex¬ 
citer  operation,  i.e.,  thrust  axis  horizontal  and 
perpendicular  to  the  centrifuge  arm,  revealed 
relatively  high  distortion  levels.  This  was  at¬ 
tributed  to  the  lower  mechanical  impedance  of 
the  centrifuge  arm  in  the  plane  of  rotation. 
Sustained  acceleration  caused  an  increase  in 
exciter  distortion  particularly  for  the  higher 
range  of  test  frequencies,  but  at  lower  frequen¬ 
cies  test  results  were  too  erratic  to  draw  a 
definite  conclusion.  It  should  be  noted  that  all 
on-board  acceleration  waveform  distortion  tests 
were  conducted  for  very  light  exciter  table  loads. 
Improved  exciter  performance  probably  would 
have  been  demonstrated  with  heavier  table  loads 
if  centrifuge  rattling  distortion  could  have  beer, 
more  effectively  suppressed. 

Centrifuge  acceleration  response  recorded 
during  frequency  sweep  tests  showed  the  effect 
of  low-frequency  resonant  conditions.  The  ex¬ 
citer  table  accelerometer  reflected  a  consider¬ 
able  variation  of  input  level,  especially  for  bare 
table  sweep  tests.  Correlation  of  centrifuge  re¬ 
sponse  levels  with  accelerations  recorded  at  the 
exciter  table  demonstrated  a  distortion  coupling 
effect  which  developed  during  centrifuge  rotation. 
The  Coriolis  phenomenon,  which  produced  an 
acceleration  vector  in  the  plane  of  centrifuge 
rotation,  was  also  observed.  The  anticipated 
decrease  in  this  acceleration  as  vibration  fre¬ 
quency  increased  was  more  apparent  for  the 
bare  table  condition  than  for  the  15-lb  load  con¬ 
dition.  This  was  due  to  high  resonance  peaks 
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which  occurred  for  the  loaded  condition  and 
obscured  the  true  magnitude  of  Coriolis 
acceleration. 

Limitations  of  the  exciter-centrifuge  sys¬ 
tem  imposed  a  restriction  on  the  range  of  test 
parameters,  i.e.,  exciter  table  load  and  vibra¬ 
tion  and  sustained  acceleration  level.  Since 
these  parameters  were  constrained,  a  broad 
Investigation  of  sustained  acceleration  effects 
on  the  hydraulic  exciter  was  also  limited. 
These  limitations  resulted  from  problems  in¬ 
volving  resonance  of  hydraulic  lines  and  cen¬ 
trifuge  components,  distortion  of  feedback 
signals,  and  marginal  capability  of  the  rotary 
joint. 
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DISCUSSION 

Mr.  Skolka:  We  had  an  earlier  test  using 
an  electrodynamic  driver.  The  reactive  mass 
you  are  referring  to  is  the  centrifuge  structure 
itself;  we  used  the  same  centrifuge  for  both 
tests.  The  results  of  the  electrodynamic  shaker 
were  much  improved  with  regard  to  accelera¬ 
tion  distortion,  which  was  the  major  test  pa¬ 
rameter  checked. 

*  *  * 


Mr.  Thomas  (AFFDL,  W-PAFB):  We  have 
done  some  preliminary  work  of  this  type  at 
Wright  Field  on  a  very  old  centrifuge  using  an 
electrodynamic  shaker.  Have  you  compared 
your  results  using  the  hydraulic  shaker  with  an 
electrodynamic  shaker  from  the  standpoint  of 
the  reactive  mass  involved  with  the  shaker 
body? 


Combining  vibration  and  sustained  accel¬ 
eration  created  interactions  of  the  integrated 
exciter-centrifuge  system,  thus  increasing  the 
magnitude  of  operational  difficulties.  The  ex¬ 
perience  gained  in  combined  environment  op¬ 
eration  was  in  valuable  in  revealing  potential 
LPS  design  problem  areas  and  will  be  util¬ 
ized  in  the  operational  development  of  the 
Launch  Phase  Simulator. 
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AVERAGING  FUNDAMENTAL  VIBRATION  CONTROL 
SIGNALS:  A  THEORETICAL  STUDY* 
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This  report  presents  a  theoretical  evaluation  of  three  methods  of  vibra¬ 
tion  feedback  control  signal  averaging.  The  evaluation  criteria  em¬ 
ployed  are  phase  sensitivity,  fundamental  averaging,  and  accuracy  and 
linearity  of  average.  Experimental  results  confirm  the  theoretical  su¬ 
periority  of  the  tracking  filter  and  operational  amplifier  averaging 
technique  over  resistive  and  time-sharing  averaging  techniques. 


INTRODUCTION 

One  important  parameter  In  vibration  test¬ 
ing  is  the  feedback  signal  between  the  transducer 
on  the  vibration  table  and  the  servo  controller 
(Fig.  1).  If  this  signal  is  not  a  true  indication  of 
the  vibration  table  acceleration  or  velocity,  the 
specimen  being  tested  may  be  undertested,  over¬ 
tested,  or  even  destroyed. 


MONITOR 


Fig,  1  -  Vibration  control  diagram 


There  are  at  least  three  reasons  why  a 
feedback  transducer  may  not  give  an  accurate 
signal.  First,  the  table  driving  hardware  may 
be  imperfect  and  cause  unequal  accelerations 
on  the  table  top.  Second,  the  test  specimen  may 
have  been  incorrectly  placed  so  that  its  center 
of  mass  did  not  coincide  with  the  center  of  mass 
of  the  table-jig  combination;  this  also  causes 
unequal  accelerations,  depending  on  the  mass 
of  the  component.  Finally,  the  transducer's 
characteristics  may  change  during  a  test, 
thereby  causing  a  change  in  feedback  signal. 

Any  one  of  these  reasons  is  justification  for 
looking  for  a  better  technique  of  feedback  con¬ 
trol  than  the  present  method  of  single  point 
sensing. 

One  suggested  solution  of  this  problem  is 
to  put  a  number  of  transducers  around  the  table 
top  and  average  their  outputs  to  get  a  feedback 
signal.  This  method  should  give  a  signal  which 
is  equal  to  the  acceleration  or  velocity  of  the 
table  top  and,  therefore,  of  the  test  specimen  if 
a  perfectly  rigid  jig  is  used.  Also,  if  one  trans¬ 
ducer  should  change  or  even  open  circuit,  the 
others  will  continue  to  give  approximately  a  true 
average  output;  the  accuracy  of  this  approxima¬ 
tion  is  a  direct  function  of  the  total  number  of 
channels  being  averaged. 

This  report  discusses  and  compares  three 
appropriate  and  obvious  techniques  that  can  be 
used  for  averaging  the  feedback  signals:  (a) 
resistive  averaging,  (b)  time- sharing  averaging, 
and  (c)  averaging  by  using  tracking  filters  and 
an  operational  amplifier.  Each  one  of  these 


♦This  work  was  supported  by  the  United  States  Atomic  Energy  Commission. 


139 


techniques  will  be  theoretically  analyzed.  Ex-  where  there  are  n  inputs  to  the  averager.  Ex¬ 
perimental  data  are  presented  for  the  two  best  panding  and  grouping  of  terms  gives: 

technique  f,. 


COMPARISON  CRITERIA 

The  three  techniques  will  be  compared  ac¬ 
cording  to  the  following  criteria:  phase  sensi¬ 
tivity,  fundamental  averaging,  and  accuracy  and 
linearity  of  average.  Each  of  tnese  criteria 
arise  from  the  nature  of  the  feedback  signal  and 
from  the  methods  of  vibration  testing;  these  cri¬ 
teria  are  discussed  in  more  detail  below. 
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These  are  the  "real"  and  "imaginary"  compo¬ 
nents  of  the  averaged  feedback  signal. 


Phase  Sensitivity 

u  different  areas  of  a  vibration  table  top  are 
experiencing  different  accelerations,  they  are 
also  out  of  phase.  If  these  out-of-phase  signals 
are  linearly  added,  there  will  be  cancellation. 
Presently  this  is  an  undesired  feature  of  a  feed¬ 
back  signal.  However,  there  may  be  applica¬ 
tions  in  the  future  where  it  is  desired  to  operate 
on  the  real  or  imaginary  components  of  the 
feedback  signal.  In  this  case  the  feedback  will 
have  to  be  phase  sensitive. 

Fundamental  Averaging 

There  is  a  requirement  in  vibration  testing 
that  the  controller  respond  only  to  the  fundamen¬ 
tal  component  of  the  feedback  signal.  This  means 
that  if  the  controller  is  providing  a  signal  of  X 
cps  to  the  power  amplifier  which  drives  the 
shaker,  the  feedback  signal  should  be  composed 
only  of  the  x-cps  signal  from  the  feedback  trans¬ 
ducer  and  not  of  distortion  components  gener¬ 
ated  by  the  amplifier-driver  combination.  The 
averager  mus:,  therefore,  only  average  on  the 
fundamental  frequency  vibration  component. 

Accuracy  and  Linearity  of  Average 

This  requirement  is  self-explanatory.  The 
average  must  be  accurate  to  have  any  meaning, 
and  it  also  mus  be  independent  of  frequency 
since  frequency  is  varied  from  about  10  cps  to 
3  kc. 


ANALYSIS  OF  AVERAGING 
TECHNIQUES 

Resistive  Averaging 

Mathematically,  resistive  averaging  tech¬ 
niques  can  be  expressed  as: 

n 

Average  =  v(  t )  -  —  ^  Aj  sin  (^t  +  8)  , 

i=i 


A  simple  case  of  two  inputs  is  a  good  ex¬ 
ample: 

v(t)  =  —  [A,  sin  cot  +  A2  sin  (cot  +  62)}  .  (3) 

Let  A,  =  A2  and  S2  =  180°.  Therefore, 

v(t)  =  —£■  (sin  o>t  -  sin  cA.)  =  0  ,  W 

showing  that  there  is  a  chance  that  the  signals 
will  vectorially  cancel  due  to  phase  difference 
and  result  in  damage  to  the  vibration  driver 
and/or  test  specimen. 

Another  method  using  resistive  averaging 
is  first  to  rectify  the  signal  and  then  to  average 
it.  Assuming  the  inputs  are  of  the  form 

Vj(t)  -  A.  sin  (cot  +  6.)  (5) 

and  they  are  half-wave  rectified  and  integrated 
from  zero  to  1/f ,  the  result  is  only  a  dc  term 
[1]: 


If  an  operational  amplifier  averaging  circuit  is 
used  and  the  v(  t)'s  are  averaged,  the  resultant 
average  is  a  true  average: 

W7i=i£*>.  <’> 

1  =  1 

This  method  is  excellent  if  the  incoming  sine 
waves  are  composed  of  only  the  fundamental 
frequency  as  in  the  tracking  filter  —  operational 
amplifier  technique. 

Time-Sharing  Averaging 

The  time-sharing  averager  uses  sampling 
techniques.  The  signals  come  from  the 
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transducers  into  the  multiplexer  which  contin¬ 
uously  presents  each  input  in  turn  to  the  tracking 
Iilier.  The  tracking  filter  derives  the  fundamen¬ 
tal  component  of  this  complex  signal,  and  it  is 
then  averaged  by  either  a  true  averaging  circuit 
or  a  true  rms  averaging  circuit  as  illustrated 
in  Fig.  2.  The  following  mathematical  develop¬ 
ment  of  the  multiplexing  process  shows  that  this 
averaging  method  is  useful  only  in  limited  cases. 


assum 'd  to  go  through  a  half-wave  rectifier  into 
a  low-pass  filter.  The  Fourier  series  for  a  half' 
wave  rectified  signal  is  [  1] 

Vn(t)  =  "7  +  T  Sin  (ut  +en> 

-  -r-^  cos  (uit  +  &n)  .  (H) 


OUTPUTS 

FROM 

TABLE 

TRANS¬ 

DUCERS 


OUTPUT 
TO  SERVO 
CONTROLLER 


Fig.  2  -  Time-sharing  averager  feedback  conditioning 


Inputs  —  All  inputs  to  the  time- sharing 
averager  are  assumed  to  have  the  same  funda¬ 
mental  frequency  and  can  be  expressed  as  a 
sum  of  sinusoids 


vn(t)  r  Amn  sin  (m«t  +  0n)  , 

m  =  1 

where  n  is  the  number  of  the  input  and  m  is  the 
number  of  the  harmonic.  All  terms  need  not  be 
present. 

Multiplexing  —  The  multiplexing  is  assumed 
to  have  rectangular  time  periods  (zero  rise  and 
fall  time)  so  the  input  and  output  signals  per 
period  are  identical.  The  time  each  input  is 
connected  to  the  output  is  given  by 

t„  =  1/S  .  (9) 

where  S  is  the  switching  rate. 

Tracking  Filter  —  The  rise  time  (100  per¬ 
cent)  of  the  tracking  filter  is  found  empirically 
[2] to  be 

t,oo*=l/B.  (10) 

where  B  is  the  bandwidth  of  the  bandpass  filter 
in  the  tracking  filter.  The  time  for  1 100s  in  the 
literature  [3]  is  given  as  4/B  to  allow  for  over¬ 
shoot  and  settling  time,  but  this  makes  iittle 
difference  in  the  development  of  the  averaging 
process. 

Averager  —  Two  forms  of  averaging  will  be 
discussed:  true  averaging  and  true  rms  averag¬ 
ing.  In  true  averaging  the  fundamental  will  be 


The  true  average  is 

/-4RC 

‘  4^C  Vn(t)  dt  •  ^ 

Jo 

where  RC  is  the  time  constant  of  the  low-pass 
filter.  The  true  rms  average  is 

IV,./  ■  if  v(old'  (I3) 
J0 

and  is  usually  derived  from  the  nonlinear  por¬ 
tions  of  biased  diodes,  t  is  dependent  on  the 
filter  in  the  a’  erager. 

Signal  into  Averager  —  The  amplitude  of 
the  signal  into  the  averager  is  determined  by 
the  rise  time  of  the  tracking  filter.  A  typical 
example  of  this  modification  of  the  amplitude  is 
shown  in  Fig.  3.  Mathematically,  this  modifi¬ 
cation  can  be  approximated  as  follows: 

Ain  =  V1-«’4B').  U4) 

If  t  =  t  n  =  1/S  , 

Ain  =  An(l-e -«B/S)  .  (15) 


Fig,  3  -  Inputs  to  averager 
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This  modifying  term  takes  care  of  the  case 
where  the  initial  charge  1  the  filter  is  zero. 
Addition  of  other  cases  would  only  complicate 
the  results  and  would  not  add  much  information. 


frequency  is  high  enough  and  B/S  »  l .  Other¬ 
wise  the  average  is  a  function  of  frequency, 
phase,  tracking  filter  bandwidth,  and  signal 
amplitude. 


Average  — 

1.  True  average.  Using  Eq.  (1)  and  aver¬ 
aging  over  each  of  the  inputs  will  give: 

- -  ( 1  -  e' 4B/S)  f  ‘RC  (16^ 

fi(t)  =  - -  I  vn(t)  dt  ' 


and 


A  A_ 

n  n  ,  v 

”n  =  ~  +  —  sm  (ut  +  Bj 

2A 

-  — -  cos  (u>t  T  &  )  . 
3v 


(17) 


Assuming  there  are  d  inputs  to  the  averager 
each  4RC  averaging  time,  a  relationship  can  be 
found  between  D  and  4RC: 


2.  True  rms  average 

*.,**.<» 

n  =  1  *  n  •  1 

D 

T  =  £ 


vn( t)  =  An  sin  (o)t  +  Bn)  . 


(23) 

(24) 


T  1 
~  +  ~  sin 
D  2  co 


\{(n  ^  +  *n)  -  t  Sin(l  n  +  ^n)]- 

(25) 


Again  assuming  high  frequency,  the  last  two 
(18)  terms  can  be  neglected  giving 


Also, 


4RC 


4RC(n-  1) 
D 


(19) 


Therefore, 


f,(0 


( 1  -  e 


4B/S^ 


4RCn 

D 

4  RC( n- 

5~ 


1) 


vn(  i)  dt 


[v  ]  2  r  (L~f4B  S)  Y  A  2  (26) 

rm5  2D  Z_j  n  ’ 

n  =  1 

which  is  a  true  rms  average,  if  B/S  »  1.  If  the 
last  terms  cannot  be  neglected,  the  true  rms 
average  is  a  function  of  frequency,  phase,  and 
amplitude. 


Tracking  Filter  and  Operational 
Amplifier  Averaging  Technique 


--  f  S) 


1  y 


A„4RC  A 

+ 


2a. 


x 


COS 


/ 4RCo.  (n-  1) 
\  D 


/ 4RCon 
\  D 


(20) 


If  the  frequency  is  sufficiently  high,  the  t^rms 
with  l/o.  are  negligible  and  we  arrive  at  a 
simpler  form: 


f,m 


(1  -  e ' 4B  S) 

B 


(21) 


This  is  the  correct  average  of  the  inputs  into 
the  averager  with  the  condition  that  the  input 


This  technique  is  the  third  and  most  im¬ 
portant  of  the  techniques  discussed.  It  works 
in  the  same  manner  as  the  rectified  resistive 
averaging  except  that  rectification  is  done  in  a 
tracking  filter  and,  therefore,  the  dc  signal  is 
proportional  to  only  the  amplitude  of  the  funda¬ 
mental  signal  (Fig.  4).  An  explanation  of 


Fig.  4  -  Operational  amplifier  averager 
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tracking  filter  operation  can  be  found  in  Spec¬ 
tral  Dynamics  Corp.  tracking  filter  Manuals. 

1.  Input: 


vn^  =  T.  Anm  si"  *  9n>  ■  ^ 

I 

where  m  is  the  number  of  harmonic. 

2.  DC  output  of  tracking  filter: 

_  (28) 

v  ou  t  *  v 

3.  One  example  of  an  operational  amplifier 
is  found  by  summing  the  inputs  at  the  summing 
point  of  the  operational  amplifier  and  using  a 
feedback  signal  equal  to  v. ,'r.i  giving  an  average 
of 

rto  =  -A  £  V  (29) 

n  =  1 


Review 

The  formulas  for  each  of  the  averaging 
techniques  are  reviewed  in  the  following  listing: 

1.  Resistive: 

v(t)  -  —  [A,  sin  Jt  +  A,  sin  (at  +  6,) 
n 

+  ■  •  •  +  An  sin  (at  +  6U)  ]  .  (30) 


2.  True  average: 

WO  =f  (i-e-«/s>  . 

n  -  1 

(31) 


3.  True  rms  average: 


(32) 

4.  Tracking  filter -operational 
amplifier  average: 


WO  =  £  £  An  .  (33) 


TESTS  OF  AVERAGING  TECHNIQUES 

The  two  most  important  of  the  above  tech¬ 
niques  (true  rms  time-sharing  and  operational 
amplifier  averaging)  have  been  tested  in  the 
laboratory.  The  test  setups  are  illustrated  in 
Figs.  5  and  6.  The  tests  that  were  done  were  of 
linearity,  phase  sensitivity,  and  fundamental 
averaging.  The  results  of  these  tests  are  con¬ 
densed  in  Figs.  7,  8  and  9. 


CONCLUSIONS 

Comparisons  of  the  time-sharing  and  the 
operational  amplifier  systems  can  best  be 
shown  by  Table  1.  It  is  obvious  that  the  oper¬ 
ational  amplifier  system  is  the  better  of  the 
two  methods  of  averaging. 


(b) 


Fig.  5  -  Block  diagrams  of  experiments: 
(a)  time-sharing  averager,  and  (b)  oper¬ 
ational  amplifier  averager 
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(a) 


(b) 

Fig.  b  -  (a)  Multiplexing  system,  and  (b) 
spectral  dynamics  averaging  system 
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Input  frequency  In  cp« 


Fig.  7  -  Average  vs  frequency  of  inputs 


Fig.  8  -  Average  vs  sum  of  inputs 
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Fig.  9  -  Average  vs  phase  difference  of  inputs 


TABLE  1 

Comparison  of  Systems 


Criterion 

Time  Sharing 

Operational  Amplifier 

Theoretical 

Experimental 

Theoretical 

Experimental 

Phase 

Except  at  high  frequency, 
v(  t ) 2  is  a  function  of 
phase. 

A  function  of  phase. 
Maximum  error 
equal  to  25  percent. 

Not  a  function 
of  phase. 

Not  a  function 
of  phase. 

Fundamental 

Averages  on  nw  where  w 
is  the  fundamental 
frequency. 

Does  not  average  on 
fundamental. 

Averages  on 
fundamental. 

Averages  on 
fundamental. 

Linearity 

Linear  at  high  frequencies. 

Linear  at  high  fre¬ 
quencies.  Low  level 
due  to  high  s  craning 
frequency  an'j  char¬ 
acteristics  of  multi¬ 
plexer. 

Linear 

Linear 
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CONTROL  TECHNIQUES  FOR  MULTI-SHAKER 
VIBRATION  SYSTEMS* 


Richard  A.  Arone 
Wyle  Laboratories 
Huntsville,  Alabama 

and 

PaulA.  Brock 

Sine  Engineering  Company 
Granada  Hills,  California 


The  problems  associated  with  the  control  of  a  multi-shaker  operation 
during  sinusoidal  and  random  vibration  testing  are  complex  because  of 
the  severe,  unpredictable,  and  sometimes  nonlinear  effects  of  large 
structures  under  test,  as  well  as  possible  differences  in  the  individual 
shaker  servo  components.  This  paper  discusses  possible  methods  for 
performing  these  tests  and  outlines  the  requirements  for  equipment  tnd 
basic  operating  characteristics  of  an  automatic  vibration  control  sys¬ 
tem  used  for  an  eight-shaker  vibration  test  program. 


INTRODUCTION 

Wyle  Laboratories,  Huntsville  Facility,  is 
currently  conducting  a  high-force  vibration  test 
program  for  North  American  Aviation  on  the 
Saturn  V  vehicle,  S-II  structures.  The  program 
in'-olves  both  sinusoidal  and  random  vibration 
testing  utilizing  an  eight- Hydrashaker  system 
capable  of  delivering  400,000  force-lb  into 
specimens  33  ft  in  diameter,  30  ft  high,  and 
weighing  in  excess  of  50,000  lb.  Figure  1 
shows  the  vibration  test  area  and  specimens. 

Although  several  testing  programs  have 
been  performed  using  multi-shaker  systems, 
the  complete  control  of  eight  individual  hydrau¬ 
lic  shakers  is  new.  Previous  experience  has 
shown  that  such  obvious  methods  as  multiple 
random  control  systems  cannot  even  operate 
with,  to  say  nothing  of  completely  controlling, 
some  types  of  structures.  Other  methods  must, 
therefore,  be  examined  as  an  aid  to  final  selec¬ 
tion  of  a  specific  method  of  controlling  a  given 
specimen  under  a  particular  method  of  exci¬ 
tation. 

Because  of  the  extremely  high  cost  of  the 
test  specimens,  every  possible  consideration 


must  be  made  to  insure  that  they  are  not  over- 
tested.  A  major  structural  failure  due  to  over¬ 
test  could  result  in  failure  of  the  whole  testing 
program.  For  this  reason,  every  effort  must 
be  made  to  provide  a  control  capability  which 
will  allow  limitation  of  test  levels  to  prevent 
overtest. 


DEFINITION  OF  SINUSOIDAL  CON¬ 
TROL  SYSTEM  PARAMETERS 

The  general  concept  most  often  used  in  de¬ 
fining  control  system  input  parameters  is  that 
of  locating  the  control  sensors  at  points  which 
can  be  identified  as  interfaces  between  main 
structural  elements.  If  it  is  assumed  that  flight 
tests  of  the  vehicle  produced  information  de¬ 
fining  acceleration  levels  at  this  interface,  a 
reasonable  simulation  of  the  flight  environment 
may  be  obtained  by  vibrating  the  structure  at 
this  interface  and  controlling  the  levels  at  the 
interface  to  those  encountered  in  flight.  It  is 
possible  and  highly  probable,  however,  that  it 
may  not  be  possible  to  produce  and/or  control 
these  levels  at  all  frequencies  of  interest.  This 
problem  arises  from  three  causes: 


♦  This  paper  was  not  presented  at  the  Symposium. 
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Fig.  1  -  High-force  vibration  test  area 


1.  The  shaker  and  fixture  system  may  pre¬ 
sent  a  mechanical  Impedance  vastly  different 
from  that  provided  by  the  interfacing  flight  struc¬ 
ture  and  may  thus  affect  the  performance  of  the 
test  structure  extremely  differently  than  that  of 
the  flight  structure.  These  differences  are 
caused  by  the  fact  that  point  sources  {multiple 
shakers)  are  used  to  drive  the  specimen  rather 
than  distributed  sources,  such  as  aerodynamic 
buffeting,  and  any  fixturing  or  restraints  termi¬ 
nate  in  points  rather  than  being  continuous  loads 
(long  shell  structures).  The  choice  of  control 
points,  therefore,  can  be  strongly  affected  by 

the  actual  structures  and  fixturing  involved. 

That  Is  to  say,  the  motion  of  total  test  specimen 
Is  controlled  as  much  by  the  configuration,  of  the 
fixturing  and  restraints  as  It  Is  by  the  choice  of 
control  locations. 

2.  The  control  systems  are  generally  lim¬ 
ited  to  a  specific  number  of  control  points.  The 
behavior  of  the  specimen  between  these  points 
Is  somewhat  dependent  on  the  location  of  these 
control  points.  Proper  choice  of  tiiese  locations 
(most  probably  by  "cut  and  try"  methods)  will 
tend  to  make  the  vibration  between  the  control 
points  predictable,  but  only  to  a  limited  degree. 

3.  Unless  Information  other  than  control 
level  amplitudes  and  phase  are  used  as  a  basis 
for  control,  the  shakers  and/or  control  accel¬ 
erometers  may  Interact  {crosscouple),  produc¬ 
ing  signals  which  cause  large  errors  in  test 
level 


SINUSOIDAL  CONTROL  SYSTEM 
CHARACTERISTICS 

A  sinusoidal  control  system  is  designed 
specifically  to  provide  signals  into  the  Hydra- 
shaker  control  amplifiers  which  will  maintain  a 
specific  amplitude  and  phase  control  of  accel¬ 
eration  signals  at  the  control  accelerometers. 
Any  control  system  operating  on  a  single  shaker 
will  have  certain  dynamic  limitations.  These 
limitations  are  related  to  frequency  sweep 
speed,  filter  bandwidths,  -ompressor  time  con¬ 
stants,  structural  resonances,  etc.  The  analyses 
presented  in  this  paper  desc  ribe  these  limita¬ 
tions  as  they  relate  to  the  Spectral  Dynamics 
Corporation  (SDC)  servo  control  system.  Fig¬ 
ure  2  shows  the  control  system  located  in  the 
nigh-force  instrumentation  control  room. 

The  control  system,  when  used  in  control¬ 
ling  several  shakers  coupled  together  in  some 
way,  may  Incur  other  dynamic,  limitations  to 
shaker  control.  These  limitations  are  due  to 
crosscoupling,  that  is,  the  introduction  of 
energy  from  one  shaker  into  the  control  accel¬ 
erometer  of  another  shaker  by  the  coupling 
between.  If  this  crosscoupled  energy  tends  to 
increase  the  amplitude  of  the  structure  at  a 
control  point  to  a  greater  degree  than  the 
shaker  amplitude  specifically  referenced  to 
that  channel,  the  control  system  will  completely 
turn  off  the  reference  shaker.  Since  the  energy 
is  coming  from  some  other  shaker  than  the  ref¬ 
erence,  the  control  of  the  specimen  is  lost. 
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Fig.  2  -  High-force  instrumentation  control  room 


It  is  important  that  .his  problem  be  care¬ 
fully  investigated  because  (a)  the  specimen  may 
be  overtested  in  sinusoidal  tests,  and  (b)  tne  in¬ 
formation  gained  in  the  analysis  of  the  sinusoidal 
control  system  can  be  used  as  a  basis  for  anal¬ 
ysis  of  the  random  control  system. 


POSSIBLE  SOLUTIONS  TO 
SINUSOIDAL  CONTROL  PROBLEMS 

Crossfeed  as  Solution  to  Multi- 
Shaker  Interaction 

Under  crosscoupling  conditions,  when  a 
control  accel'-rometer  is  receiving  most  of  its 
input  energy  from  a  shaker  which  is  not  refer¬ 
enced  to  the  subject  control  accelerometer,  the 
controller  will  turn  off  the  shaker  referenced 
to  that  control  accelerometer.  When  this  oc¬ 
curs,  the  subject  controller  cannot  affect  the 
amplitude  or  phase  of  the  signal  at  the  control 
accelerometer.  If  some  cf  the  signal  informa¬ 
tion  from  the  other  controlling  channels  is 
crossfed  into  the  controller  of  interest,  that 
controller  will  always  get  an  input  signal  and 
will  never  completely  turn  off.  There  are 
three  possible  advantages  of  the  crossfeed 
method  of  correction: 

1.  During  shut-off  conditions,  because  of 
crossfeed,  the  pha.3e  controller  can  still  be 
active.  This  means  that  when  the  signal  comes 
back  up,  the  phase  of  that  signal  will  be  correct. 

2.  When  controllers  are  completely  turned 
off,  they  tend  to  saturate,  a  condition  which 
causes  a  delay  in  their  turn-on  cycle.  The 
crossfeed  tends  to  keep  the  controller  from 
going  into  this  saturate'!  condition,  thus  speed¬ 
ing  recovery  time. 


3.  The  crossfeed  from  the  active  channel 
tends  to  reduce  the  level  of  all  of  the  other  chan¬ 
nels,  thus  reducing  the  overtest  level. 


Average  Selection  Control  Systems 

Equipment  is  available  which  can  produce 
the  arithmetic  average  of  several  signals.  If, 
in  the  case  of  shaker  systems,  the  outputs  of  all 
the  control  accelerometers  are  averaged,  this 
amplitude  signal  can  be  distributed  as  a  control 
signal  for  all  shakers.  The  advantage  of  this 
system  is  that  the  high  levels  at  certain  control 
points,  caused  by  crosscoupling,  will  tend  to 
suppress  the  most  active  driver  level  so  that 
the  specimen  may  not  be  unduly  stressed. 


Peak  Selection  Control  Systems 

This  control  method  utilized  a  system  which 
detects  the  accelerometer  signal  having  the 
highest  amplitude  level  and  delivers  this  signal 
to  the  compressor  systems  as  the  control  sig¬ 
nal.  The  highest  level  existing  in  the  system  is 
the  control  level.  Overtest  cannot  exist,  except 
in  the  case  of  especially  poor  choice  of  acceler¬ 
ometer  locations. 


Average  Selection  with  Peak 
Override 

An  average  signal  may  be  used  for  control 
when  the  specimen  is  not  responding  in  an  ex¬ 
treme  fashion.  When  extreme  levels  exist  in 
only  a  few  locations, however ,  the  average  signal 
will  not  reduce  those  extreme  levels  sufficiently 
to  prevent  severe  overtest.  By  combining  aver¬ 
aging  methods  with  a  peak  selector  system,  it  is 
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possible  to  control  not  only  on  the  average  during 
normal  testing,  but  also  any  extreme  signals 
when  they  exceed  the  average  by  pre-selected 
amounts.  The  test  may,  therefore,  be  run  at  the 
defined  test  levels,  except  during  those  times 
when  the  specimen  response  is  such  that  damage 
may  result.  At  those  times,  the  level  will  be  re¬ 
duced  to  protect  the  specimen. 


Individual  Peak  Override  Controls 

The  SDC  control  oystem  is  designed  so  that 
two  input  signals  may  be  used  as  control  refer¬ 
ences;  the  system  selects  the  larger  of  these 
two  inputs.  This  capability  may  be  used  in  the 
following  ways: 

1.  The  second  input  can  be  connected  to  the 
accelerometer  signal  from  an  adjacent  shaker 
control  point.  If  that  other  control  point  is  re¬ 
ceiving  energy  from  the  first  shaker,  so  that 
the  level  at  the  second  control  point  exceeds 
the  level  at  the  first  shaker  control  point,  the 
controller  will  reduce  the  level  of  the  first 
shaker  to  suppress  the  excitation  to  the  second 
control  point. 

2.  The  second  control  input  may  be  driven 
from  an  accelerometer  adjacent  to  the  first 
control  accelerometer  so  that  if  one  accelerom¬ 
eter  fails  or  comes  off,  the  control  signal  is  not 
lost. 

3.  The  first  control  input  may  be  driven 
from  an  averaging  system  to  control  average 
level  of  acceleration.  The  second  channel  is 
connected  to  a  control  accelerometer  adjacent 
to  the  one  used  for  averaging  signal.  The  sen¬ 
sitivity  of  that  channel  is  adjusted  to  a  level 
somewhat  higher  than  that  of  the  average  so  that 
if  that  control  signal  becomes  excessive,  the 
excessive  signal  will  control  rather  than  the 
average  signal. 

4.  It  may  be  desirable  to  place  the  second 
control  accelerometer  on  the  shaker  head  rather 
than  on  the  fixture  so  that,  in  the  case  of  decou¬ 
pling  of  the  load  from  the  shaker  head,  the  max¬ 
imum  shaker  output  may  be  limited  to  protect 
the  shaker  from  acceleration  overload  or  to 
limit  shaker  displacement. 

5.  The  second  input  can  be  connected  to 
the  force  signal  from  the  shaker  and  the  sensi¬ 
tivity  of  that  channel  can  be  adjusted  to  a  spe¬ 
cific  force  level  so  that  if  the  force  of  the 
shaker  becomes  excessive,  the  channel  will 
control  on  the  force  signal  and  limit  the  input 
to  the  specimen. 


DYNAMIC  CHARACTERISTICS  OF 
AMPLITUDE  AND  PHASE  CON¬ 
TROL  SYSTEM 

Figure  3  shows  in  block  diagram  form  a 
single  channel  of  'he  servo  control  system. 
Several  of  the  parts  of  this  system  have  limited 
frequency  response  characteristics  which  af¬ 
fect  the  behavior  of  the  total  system.  The  effect 
of  these  frequency  responsive  elements  is  to 
control  the  phase  and  amplitude  of  the  carrier 
(fundamental  shaking  frequency)  signal  provided 
by  the  control  system.  These  response  effects 
are  related  to  system  performance  in  the  fol¬ 
lowing  ways: 

1.  The  instantaneous  phase  of  the  control 
signal  is  modified  so  that  without  correction  the 
movement  of  various  shakers  in  the  system  may 
be  in  opposite  directions.  The  effect  of  the 
pnase  controller  is  to  eliminate  these  instanta¬ 
neous  phase  differences  so  that  all  shakers  will 
be  n  ing  in  the  same  direction  at  the  same 
time. 

2.  The  mean  levels  of  the  shaker  ampli¬ 
tudes  are  modified,  by  the  responses  so  that  the 
same  force  or  acceleration  levels  are  not  found 
at  ail  control  points.  These  effects  are  related 
to  the  phase  and  amplitude  of  the  envelope  of  the 
carrier  as  detected  and  averaged  rather  than 
the  instantaneous  values  of  the  carrier  itself. 
The  pertinent  effects  of  the  frequency  respon¬ 
sive  elements  from  this  standpoint  are  related 
to  their  effect  on  the  phase  and  amplitude  of  the 
detected  envelope  (modulation). 

The  main  frequency  responsive  elements 
are  the  Hydrashaker  and  its  servoamplifier,  the 
dynamics  of  fixture  and  specimen,  the  tracking 
filter,  the  smoothing  (compressor  speed)  of  the 
amplitude  detector  and  controller,  and  any 
smoothing  used  in  the  phase  detector  and  con¬ 
troller.  Of  these,  only  two  can  be  controlled  by 
the  te:  engineer:  the  compressor  speed  and 
the  tracking  filter  bandwidth.  The  other  items 
are  controlled  by  the  equipment  manufacturer 
or  are  uncontrolled  and  undefined  responses  oi 
fixture  and  specimen.  This  section  defines  the 
capability  of  controlling  the  total  system  by 
selecting  those  controllable  parameters  to 
optimize  the  control  of  the  system  for  certain 
specified  limits  assumed  for  those  items  which 
are  beyond  the  control  of  the  test  engineer. 

The  following  parameters  are  considered 
available  to  the  test  engineer  as  variables: 

1.  Tracking  filter  bandwidths  of  10  and  50 
cps;  and 
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Fig.  3  -  Single  channel  of  SDC  servo  control  system 


2.  Compressor  speeds  of  10  to  3000  db/sec 
(RC  time  constants  of  16  to  0.05  sec). 

The  following  parameters  are  considered 
fixed  by  equipment  manufacturers  or  test 
specifications: 

1.  Phase  control  speed  of  300  deg/sec; 

2.  Fundamental  response  of  Hydrashakers, 
the  important  effects  of  which  will  be  considered 
as  part  of  the  fixture  and  specimen  responses; 
and 

3.  The  oscillator  swee;'  speed  which  is 
specified. 

The  following  assumptions  are  made  with 
respect  to  specimen,  fixture,  and  Hydrashaker 
responses,  since  prior  to  testing  they  cannot 
be  defined: 

1.  For  the  purposes  of  this  analysis  no 
crosscoupling  is  assumed;  that  is,  each  shaker 
system  is  evaluated  as  an  individual  system. 

2.  The  0  (amplification  factor)  of  any  reso¬ 
nance  does  not  exceed  100. 

3.  All  structural  effects  are  linear  with 
amplitude . 

4.  The  upper  frequency  limit  of  testing  is 
300  cps. 


DISCUSSION  OF  PHASE  CONTROL 
RESPONSES 

The  control  of  phase  is  required  because 
of  two  factors:  (a)  the  Hydrashaker  and  its 
servoamplifier  have  an  acceleration  output  to 
voltage  input  phase  response  which  is  a  function 
of  frequency;  and  (b)  structural  resonances  and 
antiresonances  produce  extreme  phase  changes 
as  the  drivtng  frequency  is  swept  through  their 
natural  frequencies.  Of  these  two  responding 
systems,  only  the  second  will  be  considered 
since  the  phase  changes  due  to  structural  re¬ 
sponses  can  occur  at  much  faster  rates  than  do 
Hydrashaker  responses. 

One  possible  source  of  phase  control  re¬ 
sponse  limitation  is  the  tracking  filters,  since 
these  filters  appear  within  the  phase  control 
loop.  If  it  is  assumed  that  the  narrowest  filter 
of  10  cps  bandwidth  is  used  at  the  highest  test 
frequency,  the  response  may  be  defined  in  a 
manner  similar  to  a  resonant  system,  that  is, 
by  determining  an  equivalent  0: 


where  fr  is  the  center  frequency  of  the  filter 
and  BW  is  the  bandwidth  of  the  filter  (-3  db). 
This  0  is  substantially  less  than  the  maximum 
of  100  assumed  for  structural  responses.  In 
addition,  it  may  be  assumed  that  the  narrow 
filter  will  not  be  used  at  higher  than  100  cps, 


providing  an  equivalent  Q  of  10  which  is  much 
below  the  possible  structural  responses.  This 
factor  will,  therefore,  be  ignored  for  this  part 
of  the  analysis. 

As  the  driving  frequency  is  swept  through 
a  resonance  or  antiresonance,  a  phase  change 
of  180  deg  from  mechanical  output  at  low  fre¬ 
quencies  to  that  at  the  higher  frequencies  is 
observed.  Of  this  change,  90  deg  will  occur 
within  the  3-db  bandwidth  of  the  resonance. 
Assuming  a  maximum  Q  of  100,  we  thus  have  a 
90-deg  change  in  1  percent  of  the  resonance 
frequency.  If  the  sweep  rate  is  1  octave/min 
1  percent  of  the  center  frequency  of  an  octave 
would  be  swept  through  in  1/10C  min  or  0.6  sec. 
Since  this  change  corresponds  to  a  maximum  of 
about  90  deg,  the  phase  rate  becomes: 


90  deg 
0.  6  sec 


150  cieR  sec. 


Since  the  system  capability  is  300  deg/sec, 
no  loss  of  phase  control  should  result  even  for 
such  extreme  situations  as  Q's  of  100. 


DISCUSSION  OF  AMPLITUDE 
CONTROL  RESPONSES 

In  any  amplitude  control  system  utilizing 
tracking  filters  for  elimination  of  noise  ahd 
harmonics,  there  are  two  predominant  time 
constants:  the  response  time  of  the  amplitude 
controller  (compression  speed)  and  the  re¬ 
sponse  time  of  the  tracking  filter.  Basic  con¬ 
trol  system  theory  requires  that  these  time 
constants  provide  less  than  a  180-deg  phase 
shift  of  the  control  signals  around  the  control 
loop  when  the  control  gain  around  the  loop  is 
near  unity.  This  situation  may  be  achieved  by 
making  the  compression  speed  as  slow  as  pos¬ 
sible.  It  is  desirable,  however,  to  make  the 
compression  speed  as  fast  ar  possible  so  that 
the  amplitude  may  be  controlled  as  quickly  as 
possible. 


rapidly  with  time  than  simple  second  order 
resonances.  SDC  suggests  that  the  response 
times  (an  Indication  of  phase  response)  of  these 
crystal  filters  is  on  the  order  of  4/BW  (4  sec 
divided  by  filter  bandwidth)  as  compared  to 
about  1.2/BW  (1.2  sec  divided  by  bandwidth)  for 
a  simple  second  order  resonant  system.  If 
tracking  filters  are  used,  the  destabilizing  ef¬ 
fects  of  resonant  structural  elements  can  bo 
ignored  if  their  bandwidths  are  more  than  one- 
third  of  the  tracking  filter  bandwidths.  The 
regions  in  which  these  resonances  become  im¬ 
portant  will  be  evaluated  below,  following  the 
discussion  of  the  effects  of  the  tracking  filter. 


It  was  assumed  previously  that  the  possi¬ 
bility  exists  for  resonances  having  Q's  as  high 
as  100.  This  Q  implies  an  amplitude  change  of 
100  or  40  db.  It  has  also  been  shown  that  the 
expected  sweep  rates  are  1  octave/min  or  1/100 
of  a  given  frequency  in  i/100  min  (i.e.,  0.6  sec). 
The  amplitude  will  have  moved  from  0.7  of  the 
peak  through  the  peak  and  back  to  0.7  of  the  peak 
in  this  time.  At  1  octave  away,  the  response  is 
down  approximately  0.7/q  of  the  peak  value. 
Thus,  the  changes  are  typically  3db/0.3  sec  =  10 
db/sec  near  the  peak  and  43  db/60  sec  =  2/3  db/ 
sec  at  the  skirts.  Even  the  slowest  chosen 
compression  speed  appears  adequate  to  control 
the  system  on  the  basis  of  these  criteria. 

It  is  necessary  to  evaluate  the  effect  of 
resonances  on  the  control  loop  stability,  since  a 
Q  of  100  implies  bandwidths  much  narrower  than 
that  allowable  for  system  stability  based  on  the 
phase  lag  effects  discussed  above.  It  is  ex¬ 
tremely  doubtful  that  Q's  greater  than  30  would 
be  experienced  below  20  cps.  If  a  criteria  of 
compression  speeds  equal  to  24  (the  SDC  figure 
of  eight  times  the  bandwidth  multiplied  by  the 
ratio  of  response  times  of  a  second  order  sys¬ 
tem  to  a  crystal  filter)  times  the  bandwidth  be 
employed  for  defining  the  maximum  compres¬ 
sion  speed  limit  due  to  resonances,  at  5  rps  the 
maximum  allowaole  speed  is: 


The  addition  of  bandwidth  limiting  elements, 
such  as  structural  resonances  and  tracking  fil¬ 
ters  or  both,  tend  to  limit  the  allowable  com¬ 
pression  speed  because  these  elements  add  phase 
lags  to  the  control  loop  which  tend  to  make  it 
unstable.  SDC  suggests  that,  as  a  rule,  the  max¬ 
imum  compression  speed  should  not  exceed  eight 
times  the  bandwidth  of  tracking  filters.  The  se- 
ection  of  filters  of  10  and  50  cps  implies,  there¬ 
fore,  maximum  compression  speeds  of  80  and 
400  db/sec,  respectively.  Since  the  filter  net¬ 
works  used  in  tracking  filters  are  multipole 
crystal  lattice  networks,  their  envelope  phase 
response  characterises  change  much  more 
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Since  these  compression  speeds,  although 
conservatively  calculated,  represent  some  ex¬ 
treme  limitations  to  the  control  capability,  the 
actual  Q’s  should  be  carefully  determined  be¬ 
fore  any  high-level  teats  are  attempted. 


RANDOM  VIBRATION  CONTROL 
METHODS 

Random  Averaging 

The  random  averaging  vibration  control 
system  is  shown  ui  Fig.  4.  Basically,  this 
method  consists  of  averaging  the  eight  control 
accelerometers  and  feeding  the  average  PSD 
spectrum  and  level  into  an  automatic  analyzer/ 
equalizer  random  control  console.  The  ran¬ 
dom  control  console  is  used  to  adjust  the  input 
signal  to  provide  proper  equalization  of  accel¬ 
eration  levels  within  the  confines  of  the  test 
spectrum.  The  output  signal  from  the  random 
control  console  is  fed  into  each  of  the  eight 
amplitude  servo  control  units,  which  provide  a 
specified  overall  vibration  level  into  each  of 
the  eight- Hydrashaker  systems.  In  this  In¬ 
stance  the  spectral  density  of  the  random  con¬ 
trol  signal  is  equal  to  the  average  of  the  spec¬ 
tral  densities  of  the  input  signals  at  each 
frequency.  Thus,  the  average  of  the  spectral 
densities  of  the  input  signals  can  be  controlled 
to  a  prescribed  shape. 

The  three  principal  units  in  the  random 
averaging  control  system  are  the  averager,  the 
analyzer/equalizer,  and  the  amplitude  servos. 

Random  Averager  —  The  random  averager 
will  accept  as  many  as  ten  input  signals  from 
signal  conditioning  amplifiers.  The  output  sig¬ 
nal  of  the  unit  is  equal  to  the  average  of  tne 


spectral  densities  of  the  input  signals  at  each 
frequency.  The  unit  has  the  useful  property  of 
being  phase- insensitive.  Instantaneous  aver¬ 
aging  devices  do  not  produce  a  spectral  density 
which  is  the  average  of  the  spectral  densities 
of  the  inputs  because  reinforcement  and  cancel¬ 
lation  may  occur. 

During  random  vibration,  each  of  the  input 
signals  is  gated  to  the  output  for  a  fixed  period 
of  time.  The  gate  period  is  selected  so  that  it 
is  large  compared  to  the  inverse  of  the  analyzer 
filter  bandwidth  and  small  compared  to  the 
averaging  time  of  the  networks  following  the  de¬ 
tectors  in  the  spectral  analyzer.  These  condi¬ 
tions  can  be  met  simultaneously,  because  the 
product  of  the  averaging  time  and  the  analyzer 
filter  bandwidth  must  be  fairly  large  to  insure 
adequate  accuracy  in  a  statistical  sense  for  the 
analyzer.  Figure  5  shows  in  block  diagram 
form  the  basic  operation  of  the  averager. 

Automatic  Analyzer/Equalizer  Random 
Control  Console  —  The  automatic  analyzer/ 
equalizer  random  control  console  provides  the 
necessary  shaping  of  the  input  signal  to  repro 
duce  the  random  vibration  level  requirement 
within  the  test  specifications.  The  vibration 
spectrum  can  be  programmed  before  power  is 
applied  to  the  shakers.  When  operation  L»  ini¬ 
tiated,  propel  servo  dynamic  conditions  are 
automatically  maintained  as  programmed. 

The  random  console  incorporates  a  meter 
readout  and  control  slider  adjustment  for  each 
bandpass  channel,  enabli:.g  on-line  observation 
cf  the  random  spectrum  and  single  channel 
adjustments. 

Amplitude  Servo  —  The  amplitude  servo  is 
used  in  the  random  control  system  to  provide 
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Fig.  4  -  Block  diagram  of  random  vibration  control  system 
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Fig.  5  -  Block  diagram  of  random  averager 


Individual  gain  control  for  each  shaker  and 
metering  for  that  channel.  The  amplitude 
servos  are  set  to  provide  equal  g  rms  levels 
into  the  eight-shaker  system. 

Discussion  of  Method  -  Averaging,  though 
certainly  an  improvement  over  single  accel¬ 
erometer  control,  can  allow  overtesting  to  take 
place  since  one  input  may  increase  while  an¬ 
other  decreases.  In  such  a  case,  the  average 
would  tend  to  remain  the  same,  but  a  portion  of 
he  specimen  is  subjected  to  excessive  g  levels. 
Top.versely,  selection  and  control  on  the  highest 
j  level  present  would  cause  portions  of  the  speci¬ 
men  to  be  undertested.  However,  the  combined 
informationfromthe  several  control  points  would 
represent  the  general  response  of  the  specimen. 

For  the  averaging  method,  a  random  avei- 
aging  device  which  essentially  samples  each  of 
the  input  control  signals  for  a  short  duration  of 
time  and  feeds  the  signal  to  an  automatic  ran¬ 
dom  analyzer/equalizer  is  used.  The  detector 
circuits  in  the  automatic  random  analyzer  do 
the  actual  averaging.  Simple  instantaneous  ad¬ 
dition  of  the  random  input  signals  would  not 
yield  a  signal  having  the  desired  averaged  spec¬ 
trum  because  of  phase  coherence.  Cancellation 
problems  are  eliminated  when  the  signals  are 
detected  in  the  automatic  analyzer. 

Multiple  Automatic  Random 
Control  Consoles 

The  use  of  multiple  automatic  control  con¬ 
soles  provides  the  most  versatile  arrangement 


for  multiple  shaker  operation  in  that  each 
shaker  is  driven  by  its  own  random  console. 
Independent  spectrum  programming  is  thus 
permitted,  and  this  affords  the  most  practical 
method  of  shaping  a  vibration  profile. 

The  automatic  random  control  consoles 
could  be  combined  into  a  single  eight-channel 
system,  with  limited  frequency  range.  This 
system  would  incorporate  eight  sets  of  filters 
with  20  filters  per  set  to  cover  the  required 
frequency  range.  Equalization  controls  and 
power  spectral  density  readout  meters  would 
be  located  on  the  front  of  the  unit  to  form  a 
linear  group  of  equalizer  controls  and  analyzer 
readout  meters.  A  single  noise  generator  would 
drive  the  entire  160  equalizer  channels. 

For  the  eight  shakers,  there  would  be  ef¬ 
fectively  eight  random  control  consoles  and 
eight  control  accelerometers.  The  multiple 
random  control  console  would  be  programmed 
so  that  each  analyzer/equalizer  channel  pro¬ 
vided  th°  necessary  shaping  of  the  input  signal 
to  reproduce  the  random  vibration  level  require¬ 
ment  within  the  test  specifications. 

The  multiple  random  control  console  would 
give  the  desired  random  level  and  spectrum  at 
the  control  points  located  around  the  input  io  the 
specimen,  provided  the  crosscoupling  between 
the  control  points  is  not  excessive.  As  cross  - 
coupling  increases,  a  point  would  be  reached 
where  the  random  spectrum  at  some  of  the 
control  points  would  be  out  of  specification  and 
uncontrolled.  Monitoring  the  analyzer  outputs 
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of  the  multiple  random  control  console  would 
immediately  reveal  which  control  accelerome¬ 
ters  are  being  controlled  to  the  test  specifica¬ 
tion  and  which  are  uncontrolled. 

Single- Point  Equalization 

The  single-point  equalization  method  basic¬ 
ally  uses  a  single  control  accelerometer  and  an 
automatic  analyzer/equalizer  random  control 
console.  For  multiple  shaker  operation,  tne 
output  of  the  random  control  console  is  fed  into 
a  power  amplifier  containing  multiple  individu¬ 
ally  gain- controlled  outputs.  Each  output  of  the 
amplifier  is  then  fed  to  its  particular  shaker 
system. 

During  random  vibration  testing,  the  input 
signal  from  a  single  accelerometer  Is  shaped 
in  the  automatic  random  control  console  to  pro¬ 
vide  the  random  vibration  test  spectrum.  The 
overall  random  vibration  levels  at  each  of  the 
shakers  are  adjusted  in  the  power  amplifier  so 
that  the  shaker  output  levels  are  equal.  Essen¬ 
tially,  utilizing  this  method  the  exciters  produce 
an  equal  vibration  level  to  the  specimen,  with  a 
spectrum  resulting  in  the  proper  vibration  test 
spectrum  at  the  single  control  point. 

This  method  has  been  used  for  random  test¬ 
ing  of  large  structures.  A  four-shaker  system 
was  employed  and  during  the  random  vibration 
testing,  the  four  exciters  were  adjusted  to  the 
same  rms  output  level,  as  monitored  by  an  ac¬ 
celerometer  on  each  exciter.  Spectrum  and 
overall  level  control  was  established  from  one 
accelerometer  fed  into  an  automatic  analyzer/ 
equalizer  random  control  console. 


This  system  proved  to  be  a  satisfactory 
method  of  control  with  no  severe  shortcomings. 
The  use  • .  this  method,  however,  assumes  that 
the  single  control  point  selected  on  the  specimen 
is  representative  of  the  complete  input  to  the 
specimen.  This  does  not  necessarily  hold  true 
and  is  subject  to  the  distribution  characteristics 
of  the  test  specimen.  Since  these  characteris¬ 
tics  are  generally  unknown,  the  selection  of  such 
a  representative  point  is  a  difficult  task.  Most 
often,  the  representative  point  is  at  best  a 
compromise. 


Commutated  Tape  Recorder 
Equalization 

This  method  involves  recording  the  outputs 
of  all  eight  control  accelerometers  on  a  tape 
recorder.  A  single  automatic  random  control 
console,  in  conjunction  with  a  switching  system, 
would  correct  the  spectrum  level  on  one  chan¬ 
nel  and  then  switch  to  the  next.  The  system 
wocld  dwell  on  each  chann- 1  for  a  set  period  of 
time.  The  tape  would  then  be  played  back  to  the 
vibration  system,  providing  the  proper  vibra¬ 
tion  spectrum. 

This  is  essentially  an  open-loop  control 
method  and  assumes  that  the  system  dynamic 
parameters  do  n«A  change  from  the  time  the 
recording  is  made  until  the  playback  is  com¬ 
plete.  The  Hydrashaker  vibration  system, 
however,  is  subject  to  change  in  operating 
conditions  with  time  and  does  not  reach  the 
high  degree  of  time  stability  required  by 
this  method. 
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